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Preface 


This book was written as a text for a first course on turbomachinery in either an 
undergraduate or a graduate curriculum. Readers are assumed to having completed 
basic courses on fluid mechanics and thermodynamics, which are normally taken by 
engineering students in their sophomore or junior year. Since the book covers applica¬ 
tion/selection, it is also suitable to be used as a supplement for courses such as thermal 
energy system design or heating, ventilation, or air conditioning (HVAC). The book can 
also be used by practicing engineers for self studies. The uniqueness of this book is that 
(1) most types of turbomachines are covered, not just gas turbine or pump, and (2) more 
engineering applications of turbomachines are emphasized, not just design. The first 
three chapters serve as an introduction to general turbomachines. Basic fluid mechan¬ 
ics principles are reviewed. It is the starting point, leading to the derivation of energy 
transfer equations, or the Euler equation. They are the fundamentals of turbomachine 
analysis. The rest of the book is devoted to different types of turbomachines. 

Four chapters are on the pumping devices, and four are on turbines—power- 
producing devices. 

Flow-type classifications such as radial, mixed, or axial flow are also carefully 
grouped. 

For each type of machine, the following topics are covered: 

1. Basic principles 

2. Preliminary design procedure 

3. Ideal performance characteristics 

4 . Actual performance curves published by manufacturers 

5. Application/selection of machine 



Throughout the book, worked examples are included to illustrate the principles dis¬ 
cussed. End-of-chapter problems are also included for the students to practice. In these 
problems, both International System (SI) and English units are employed. Although 
conversion to SI is the trend, it will probably take another few decades for U.S. indus¬ 
try to become fully SI. Hence, the current engineering students are required to be 
familiar with both systems. 





Symbols 


A Flow passage area (in. 2 , cm 2 ) 

a Acoustic speed (ft/s, m/s); constant 

b Blade height (in., cm); constant 

Cj drag coefficient 

Ci Lift coefficient 

C p Specific heat at constant pressure; pressure coefficient; power coefficient 

C„ Specific heat at constant volume [Btu/(lb m -R)] 

CV Velocity coefficient 

c Chord length (in., cm); constant 

D Diameter (in., cm) 

D s Dimensional specific diameter 

d Constant; diameter 

e Total energy of fluid per unit mass, = u + V 2 /2 + gZ (Btu/lb m , kJ/kg) 

F Force (lb f , N) 

/ Constant; friction coefficient; function of 

g Gravitational constant (32.174ft/s 2 , 9.81 m/s 2 ) 

g c Conversion factor (32.174 lb m /slug, = 1 for SI system) 

H Pressure head, = p/(pg) (ft, m) 

h Enthaply of fluid per unit mass (Btu/lb m , kJ/kg) 

i Incidence angle (deg) 

K Cascade coefficient 

k Ratio of specific heats 

k Unit vector in axial direction 

L Length (in., cm) 

M Mach number 

M r Relative Mach number 






xii Symbols 


Mw Molecular weight 

m Mass flow rate (lb m /s, kg/s) 

N Rotating speed (rpm) 

N„ Dimensional specific speed 

n Polytropic constant; number 

n s Number of stages 

P s Shaft power (lbf-ft/s, hp, kW) 

p Pressure (psi. Pa) 

A p Pressure rise or change (psi. Pa) 

Q Volumetric flow rate (gpm, cfm, m 3 /s) 

q Heat transfer rate (Btu/s, kJ/s) 

R Gas constant (Btu/Ib m -R, kJ/kg-K); degree of reaction 

Re Reynolds number 

Rh Reheat factor 

r Radius (in., cm); coordinate of radial direction 

s Entropy of fluid per unit mass (Btu/lb m -R, kJ/kg-K); pitch (spacing between 

adjacent blades) 

S Dimensional suction specific speed of pump [rpm(gpm)°' 5 /ft 0 75 ] 

sp Static pressure of fan (in. or mm of water) 

T Temperature (°F, R, °C, K) 

t Time (s); airfoil thickness; ratio of gas turbine inlet temperature ( = T 3 /T j) 

U , U Impeller peripheral velocity (ft/s, m/s) 

u Internal energy of fluid per unit mass (Btu/lb m , kJ/kg) 

u Unit vector 

V, V Absolute flow velocity (ft/s, m/s) 

v Specific volume of fluid (ft 3 /lb m , m 3 /kg) 

VP, W Relative flow velocity with respect to impeller 
x c Distance of airfoil camber from leading edge 

Z Elevation (ft, m); compressibility factor 

Zt, Number of blades 

z Coordinate of axial direction 

Z c Camber of airfoil mean line 


GREEK LETTERS 

a Angle of attack (deg); absolute flow angle (deg) 

ft Blade angle (deg); relative flow angle (deg) 

Y Stagger angle (deg); specific weight of fluid (lbf/ft 3 , N/m 3 ) 

A s Nondimensional specific diameter 

S Deviation angle at impeller discharge; ratio of drag and lift coefficients 

e Flow deflection angle; utilization factor 

rj Efficiency 

0 Blade deflection angle (deg) 

a Compressor work done factor; wind turbine tip speed ratio ( = U r /V ) 

M Dynamic viscosity (lb f -s/ft 2 , N-s/m 2 ) 

Ps Slip factor 

v Kinematic viscosity (ft 2 /s, m 2 /s); hub-tip ratio 

fl Power coefficient 

f Rotor/stator loss coefficient 




Symbols xiii 


tz Nondimensional parameters; 3.14159 

p Fluid density (lb m /ft 3 , kg/m 3 ) 

a Solidity 

a s Shear stress (psi. Pa) 

r Torque (ft-lbf, m-N) 

<f> Flow coefficient 

xjr Pressure head coefficient; compressor stage loading factor 

co Rotating speed (rad/s) 

co s Nondimensional specific speed 


SUBSCRIPTS 

0 (zero) Stagnation properties 

1 Inlet of impeller/rotor for pumping devices; inlet of nozzle/stator for turbines; 

condition 1 

2 Outlet of impeller/rotor for pumping devices; inlet of turbine impeller/rotor; 

condition 2 

3 Outlet of diffuser/stator for pumping devices; outlet of turbine impeller/rotor 

a Axial direction 

ac Actual 

ad Adiabatic process 

o/a Overall 

b Blade 

cl Drag 

e Impeller eye 

/ Flow; frictional 

h Hub; hydraulic 

/ Inlet; ideal condition; input; inertia 

L Lift; leakage 

le Leading edge 

in Meridional direction; mechanical; mean value; model 

n Nozzle 

o Outlet; output 

p Pump; polytropic; prototype 

r Radial direction; rotor 

s Stator; per stage; properties along isentropic process 

t Turbine; tip; tank 

th Theoretical; thermal 

u Tangential direction 

v Volumetric; viscous; dynamic head related to velocity 










Introduction 


1.1 DEFINITION 

The turbomachine is an energy conversion device, converting mechanical energy to 
thermal/pressure energy or vice versa. The conversion is done through the dynamic 
interaction between a continuously flowing fluid and a rotating machine component. 
Both momentum and energy transfer are involved. Hence, positive-displacement 
machines, such as piston-type or screw-type machines, which operate as a result of 
the static interaction between the fluid and mechanical components, are excluded. 

A turbomachine has a rotating component that provides continuous interaction 
with a flowing fluid. Mechanical energy is delivered through this rotating element. 
Thermal/pressure energy in the flowing fluid can be in either a kinetic energy or static 
enthalpy energy mode. These two modes of energy can be converted in either direction 
through a diffuser or nozzle, which are called stators, while rotating components are 
called rotors or impellers. Additional components are sometimes needed to direct the 
fluid into an appropriate direction. 


1.2 TYPES OF TURBOMACHINES 

Turbomachines can be classified according to 

(a) direction of energy transfer, either from mechanical to thermal/pressure or vice 
versa; 


1 
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(b) type of fluid medium handled, either compressible or incompressible; and 

(c) direction of flow through the rotating impeller—it can be in axial, radial, or 
mixed with respect to the rotational axis. 

A classification is presented in Table 1.1. In terms of the direction of energy transfer, 
the machine can be either a pumping device or a turbine. A pumping device converts 
mechanical energy into thermal/pressure energy. Examples of such devices are liquid 
pumps, compressors, blowers, or fans. The gas-handling devices are classified based on 
their discharge pressure and will be discussed in detail in later chapters. A turbine con¬ 
verts thermal/pressure energy to mechanical energy. Common examples are hydraulic 
turbines, wind turbines, and gas or steam turbines. 

Among these machines, the fluid medium handled by the liquid pump, hydraulic 
turbine, fan, and wind turbine can be treated as an incompressible fluid. Hence the 
change of thermodynamic properties, other than pressure, of these fluids can be ignored. 
In machines that handle gas or steam, the variation of thermodynamic properties, such 
as temperature, pressure, and density, has to be incorporated into flow and energy 
transfer analysis. 

Depending on the direction of flow in the impeller, with respect to its rotating axis, 
the machines can be classified as radial-, mixed-, and axial-flow machines, as shown in 
Figure 1.1. The Francis type has the majority of flow in the mixed direction, except that 
at discharge. In addition, the radial- and mixed-flow impellers can be closed, semiopen, 
or open type as shown. 


Table 1.1 Classification of Turbomachines 


Fluid Machines 


Direction 
of energy 
transfer 

Type of 
fluid 

(liquid/gas) 


Turbomachines Positive-displacement 

i machines 

I--1 

Pumping Turbines 

devices 


Pump, fan, blower. Hydraulic, wind, 
compressor gas, steam turbines 


Flow Axial-flow, mixed-flow, radial-flow 

direction 

Mechanical Horizontal- or vertical-axis pump, 

arrangement single- or double-suction pump/fan, 

single- or multistage pump/compressor, 
backward-, radial-, or forward-vane fan, 
full- or partial-admission turbine, horizontal- 
or vertical-axis wind turbine 


Others 
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Radial Francis Mixed flow Propeller 


Meridional view 



Open impeller 


(from Ref. 1-1) 



Semiopen impeller 



Closed impeller 


(from Ref. 1-2) 

Figure 1.1 Types of turbomachines according to impeller type and flow direction through 
impeller. [Reprinted by permission from ( a ) Stepanoff, A. J., Centrifugal and Axial Flow Pumps, 
2nd ed., John Wiley & Sons, Inc. New York, 1957; (b) Gibbs, C. W. (Ed.), Compressed Air and 
Gas Data, 2nd ed., Ingersoll-Rand Co., Phillisburg, NJ,1971.] 


Further classification of turbomachines according to their mechanical arrangement 
is also possible. This includes the basic single stage or the combinations of multistage, 
single suction or double suction, horizontal or vertical axis, and so on. Examples of the 
different types of arrangements are shown in Figure 1.2. These arrangements are chosen 
from a consideration of compactness or convenience of installation and maintenance. 

Other classifications are made based on inlet flow arrangements, such as full admis¬ 
sion or partial admission, or on the flow process in the rotor, either impulse (constant 
static enthalpy or pressure) or reaction machine. These classifications will be discussed 
in detail in later chapters when the individual types of machine are treated. 


1.3 APPLICATIONS OF TURBOMACHINES 

Turbomachines are widely used in power-generating and fluid-handling systems. In a 
typical central power plant, fossil or nuclear, as the one shown in Figure 1.3, 5 the 
central component is a steam turbine, which is used to convert the thermal energy of 
steam into mechanical energy to drive an electric generator. Several types of pumps are 
employed to handle liquid water, including boiler-feed pump, condensate pump, and 
cooling-water circulating pump. Turbomachines are also employed in other energy- 
producing systems such as hydropower, wind power, and geothermal power install¬ 
ations. 

The other major application of turbomachines is in the gas turbine engines used in 
aircraft and industrial power plants. Multistage axial-flow gas turbines and compressors 
are exclusively used in high-power units. Centrifugal types are used in the smaller 
engines of propulsion systems for ground, marine and air vehicles. A typical case 
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(a) Single-stage, single-suction blower ( b ) Multistage horizontal compressor 



(c) Double-suction pump ( d) Vertical pump 


Figure 1.2 Types of turbomachines according to mechanical arrangements. [Reprinted by per¬ 
mission from (a & b) Gibbs, C.W. (Ed.), Compressed Air and Gas Data, 2nd ed. Ingersoll-Rand 
Co. Phillisburg, New Jersey 1971; (c) Karassik, I.J. & et al. (Eds.r) Pump Handbook , McGraw- 
Hill, Inc., New York 1976; (d) Turbine Data Handbook, 1st ed. Weir Floway, Inc. Fresno, CA 
1987.] 
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'ir'" 


Figure 1.3 Typical central power plant with combined cycle. (Courtesy of Mechanical Engi¬ 
neering Power magazine, Nov. 1997, page 2; © Mechanical Engineering magazine, the American 
Society of Mechanical Engineers.) 



Figure 1.4 Automotive gas turbine engine. (Reprinted by permission from Garrett/Ford 
AGT101 Advanced Gas Turbine Program Summary , Garrett Turbine Engine Co., Honeywell 
Aerospace, Phoenix, AZ.) 


is the automotive engine shown in Figure 1.4. 6 In the fluid-handling systems found 
in many industries, the different types of pumps, fans, blowers, and compressors are 
employed to pressurize and transport the liquid or gas. Typical examples are in the 
heating, ventilation, and air-conditioning (HVAC) system shown in Figure 1.5 7 and 
water supply, water treatment, irrigation, oil production, oil refinery, gas transport, 
chemical process, and many other industries. 
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Figure 1.5 Turbomachines used in a typical commercial HVAC system. (Reprinted by permission from McQuis- 
ton, F. C., Parker, J. D. & Spitler, J. D., Heating, Ventilating & Air Conditioning , 6 th ed., John Wiley & Sons, Inc. 
New York, 2005.) 


1.4 PERFORMANCE CHARACTERISTICS 

As an energy conversion device, a turbomachine is characterized with several param¬ 
eters. These parameters and their relationship with machine geometry and dimensions 
based on the principles of fluid mechanics and thermodynamics are the main topics in 
this text. 

The main parameters that characterize a turbomachine are input and output power, 
rotating speed, efficiency, through flow rate and inlet, outlet fluid properties, and so on. 
In pumping devices such as liquid pumps, fans, or compressors, the output pressure 
is used to overcome the friction loss in the load, which is characterized with pressure 
loss versus flow rate. Hence the performance of a typical pumping device is expressed 
in terms of the pressure rise A p (or head rise H ) versus the volumetric flow rate Q, or 
mass flow rate m, at a constant rotating speed N, as shown in Figure 1.6. The operating 
condition is varied with a throttle valve at the discharge. In most cases, the input shaft 
power and efficiency are also included in this diagram. The overall efficiency is defined 
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Figure 1.6 



Typical pump, fan, and compressor performance curves at constant rotating speed. 


as the ratio of output power to input shaft power: 



where P a is the output hydraulic power (product of volumetric flow rate and pressure 
rise) and P s is the shaft power (product of angular velocity and torque of the shaft), 
that is, 

P Q = Q A p and P s — cot. 

For a fan or blower, the pressure rise is expressed in terms of the water head, either 
total or static head, and the flow rate is expressed in terms of the volumetric flow rate 
at the inlet, since the density can vary slightly. In a compressor, the performance is 
normally expressed in terms of the outlet-inlet pressure ratio p^lp\ versus the mass 
flow rate at a constant rotating speed. The adiabatic efficiency is expressed as the ratio 
of ideal enthalpy increase along the isentropic process over the actual enthalpy increase, 
that is, ?7ad = Ah s /Ah. 

At the high flow rate, the operation is limited by cavitation in pumps and choking 
due to shock waves in compressors. At the low flow rate, it is limited by surging, which 
is a strong flow reversal at the inlet due to boundary layer separation. This problem is 
more severe in a compressor than in a pump. 

The performance of turbines is also expressed in terms of head, rotating speed, 
output shaft power, efficiency, and discharge flow rate. The loads, such as an electric 
generator or other mechanical machinery, are characterized by the input shaft power 
versus the rotating speed. Hence the basic turbine performance curve is plotted in terms 
of the output torque or shaft power versus the rotating speed, as shown in Figure 1.7. 
The head or inlet condition is usually fixed and is a function of the hydraulic instal¬ 
lation or the combustion chamber condition for the gas/steam turbine. The regulation 
is obtained by varying the flow rate by means of the gate or nozzle position. With a 
given inlet condition, the rotating speed is varied by adjusting the load. In practice. 
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Figure 1.7 Typical basic performance curves of a turbine (torque and shaft power versus rotat¬ 
ing speed at constant inlet condition). 



Load(%) 

Figure 1.8 Turbine performance in terms of efficiency versus load (with constant rotating 
speed). 


sometimes turbines are required to drive a constant-speed machine with variable load. 
Hence, a performance diagram of efficiency versus load with a constant rotating speed 
is also frequently provided, as shown in Figure 1.8. Detailed discussion of these curves 
will be covered in later chapters. 


1.5 METHOD OF ANALYSIS 

The flow through a typical turbomachine is normally three dimensional and turbulent 
and is either compressible or incompressible. Occasionally, the fluid medium can be 
a two-phase or two-component mixture of liquid, vapor, gas, and solid particles. Due 
to these complicated flow processes, especially inside the rotating impeller, analysis 
based on the first principles of three-dimensional fluid mechanics and thermodynamics 
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is more difficult and requires a numerical method with a computer in most cases. In 
this entry-level treatment, the basic physical processes will be emphasized with the 
simplified one-dimensional or integral form of flow analysis. 

Dimensional analysis is widely used in the study of turbomachines. Specifically, 
the results of dimensional analysis can be applied to the correlation of experimental 
test data and to scale up the model test results to predict the prototype performance. 
Detailed procedures and the applications of dimensional analysis to turbomachines will 
be discussed in the next chapter. 

For a completely new design, preliminary analysis still has to be performed based 
on fluid mechanics and thermodynamics principles with some simplifications. The 
energy transfer equation, the so-called Euler equation to relate the energy transfer 
rate between the flowing fluid and the rotating impeller of a turbomachine, can be 
derived from the momentum equation of fluid mechanics. The momentum equation 
is expressed in integral form applied to the control volume enclosing the impeller, as 
shown in Figure 1.9. The Euler equation relates the rate of mechanical energy input or 
output of the shaft with the flow properties and geometric dimensions at the inlet and 
outlet of the impeller. The losses due to friction and three-dimensional effects through 
flow passages have to be estimated empirically. These two types of analyses for various 
kinds of turbomachines will be discussed in detail in the next two chapters. The flow 
processes in turbomachines can be treated as either the internal flow in a channel or 
the external flow over an airfoil, depending on the type of machine. In radial- and 
mixed-flow machines, the flow passages are relatively long, and internal flow mod¬ 
els are used. In axial-flow machines, external flows over airfoils with the interference 
factor included are appropriate. 

In more advanced analyses, a quasi three-dimensional flow analysis has been 
accomplished for the design operating condition. However, under off-design condi¬ 
tions, most of the analyses are still empirical or semiempirical in nature. In recent 
years, CFD (computational fluid dynamics) software has become available and afford¬ 
able for the design and analysis of various types of turbomachines. 8 Detailed flow 
analyses at different parts of the machine can be performed before the final design is 
fixed. A brief discussion of this topic is given in Appendix C. 

Example 1.1E 

A centrifugal pump is used to pump the oil with a specific gravity (s.g.) of 0.72. It 
requires 20.5 hp of shaft power when the flow rate is 385 gpm with an efficiency of 



Figure 1.9 Control surface enclosing an impeller. 
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83%. Determine the pressure rise in terms of pounds per square inch, head of water 
and head of oil pumped. 


SOLUTION From 


we have 


P s = 20.5 hp = 20.5 x 550 = 11,275 ft-lbf/s. 


385 

Q = 385 gpm = — = 0.857 ft 3 /s, r, = 


QA P 

Ps 


A p = 


yPs 

Q 


0.83 x 11,275 
0.857 x 144 


= 75.8 psi. 


Also from A p = pg AH, we have 


AH W = 
A// 0 ii = 


75.8 x 144 


62.4 


= 175 ft of water, 


A H„ 


175 


s.g. 0.72 


= 243 ft of oil. 


Example 1.1 S 

A centrifugal pump is used to pump the oil with a specific gravity of 0.72. It requires 
15.3 kW of shaft power when the flow rate is 87.4m 3 /h with an efficiency of 83%. 
Determine the pressure rise in terms of kilopascals (kPa), head of water and head of 
the oil pumped. 


SOLUTION From /*/, = Q Ap — r)P s , we have 


A p = 


yPs 

Q 


0.83 x 15.3 x 1000 
87.4/3600 


(N-m/s)/(m 3 /s) 


= 523 x 10 3 N/m 2 = 523 kPa. 


Also from Ap = pg AH, we have 

523 x 1000 7 

A H w = 99g x 9 gl (N/m 2 )/[(kg/m 3 )(m/s 2 )], 

= 53.4 m of water, 

A H w 53.4 

A// 0 ii = - = —- = 74.2 m of oil. 

s.g. 0.72 


Example 1.2E 

A centrifugal fan delivers air of 12,000 cubic feet per minute (cfm) measured at the 
inlet to an air duct. If the total resistance of the duct system is 2.5 in. of water at this 
flow rate and the total efficiency of the fan is estimated to be 85%, determine the shaft 
power input to the fan in horsepower (the discharge area of the duct back to ambient 
atmosphere is 3.5 ft 2 ). 
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SOLUTION The air flow velocity at discharge is V = 12,000/(60 x 3.5) = 57.14 ft/s; 
hence the dynamic head can be calculated from 


p a V 2 0.0762 x (57.14) 2 


32.2 x 2 


= 3.86 lbf/fr 


or H v — 0.062 ft = 0.74 in. of water, or the total head H, 
water. So we have the shaft power: 


: PwgHv, 

2.5 + 0.74 = 3.24 in. of 


Q Ap, 

m 


12,000 x 3.24 x 62.4 
60 x 12 x 0.85 


= 3964.2 ft-lb f /s = 7.2 hp. 


Example 1.2S 

A centrifugal fan delivers air of 340 cubic meters per minute (cmm) measured at the 
inlet to an air duct. If the total resistance of the duct system is 6.35 cm of water at 
this flow rate and the total efficiency of the fan is estimated to be 85%, determine the 
shaft power input to the fan in kilowatts (kW) (the discharge area of the duct back to 
ambient atmosphere is 0.325 m 2 ). 


SOLUTION The air flow velocity at discharge is V = 340/(60 x 0.325) = 17.4 m/s. 
Hence the dynamic head can be calculated from 

PaV 2 = 1.22 x 17.4 2 (kg/m 3 )(m/s) 2 = ! 84 .7N/m 2 = 184.7Pa. 

Converting static pressure, we have A p — p w gH = 998 x 9.81 x 0.0635 (kg/m 3 ) 
(m/s 2 )m = 621.7 Pa and the total pressure A p, = 621.7 + 184.7 = 806.4 Pa. So we 
have the shaft power: 

_ QAp, __ 340 x 806.4 
J 77 , 60 x 0.85 

= 5376 (m 3 /s)(N/m 2 ) = 5.376 kW. 


Example 1.3E 

A hydropower site has a net head of 295 ft and available water flow capacity of 148 ft 3 /s. 
If a turbine rotating at 1800rpm with an efficiency of 87% is to be installed, determine 
the total output power and the torque. 


SOLUTION From 


A p = pgH = 62.4 x 295 = 18,408 lb f /ft 2 and P s = rjQ A p. 


we have 


P s = 0.87 x 148 x 18,408 = 2.37 x 10 6 lb f -ft/s = 4309 hp, 


_ />, 


2.37 x 10 6 


co 1800 x 2 tt/60 


= 12.57 x 10 3 ft-lb f . 
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Example 1.3S 

A hydropower site has a net head of 90 m and available water flow capacity of 4.2 m 3 /s. 
If a turbine rotating at 1800 rpm with an efficiency of 87% is to be installed, determine 
the total output power and the torque. 

SOLUTION From Ap = pgH = 998 x 9.81 x 90 = 881,134N/m 2 and P s = t]Q Ap, 
we have 


3.22 x 10 6 N-m/s = 3220 kW, 
17.1 x 10 3 N-m. 


1.6 HISTORICAL EVOLUTION OF TURBOMACHINES 

1.6.1 Water Pump 

The development of modem turbomachines started in the eighteenth century. In 1705, 
Denis Papin published full descriptions of centrifugal blowers and pumps. But crude 
centrifugal pumps were used in the United States until the early nineteenth century. In 
1839, W. D. Andrews added a volute, and in 1875, a vaned diffuser was added and 
patented by Osborne Reynolds of England. It has been called “turbine pump” since then. 


P s = 0.87 x 4.2 x 881,134 = 

_ P s 3.22 X 10 6 
T a> ~ 1800 x 2 tt/60 


1.6.2 Blower/Compressor 

In 1884, Charles Parsons patented an axial-flow compressor. Three years later, he 
produced a three-stage centrifugal compressor for ship ventilation. In 1899, he made 
an 81-stage axial-flow compressor with 70% efficiency. But he had problems with 
the axial-flow machines in the next few years and returned to making the centrifugal 
machines in 1908. During this period, efforts on compressor development were also 
earned out by August Rateau in France. Continued work on compressor development 
was primarily in gas turbine engine development. 


1.6.3 Gas/Steam Turbines 

The Greek geometrician Hero devised the first steam turbine in 62 a.d. A simple 
closed, spherical vessel mounted on beanngs discharges steam from a boiler with one 
or more pipes tangentially at the vessel’s periphery, as shown in Figure 1.10. He called 
it Aeolipile (wind ball). It is a pure reaction machine. Much later, in 1629, Giovanni de 
Branca in Italy developed an impulse-type steam turbine similar to a horizontal water 
wheel, (also shown in Figure 1.10). 

In 1791, John Barber of Britain was granted the world’s first patent on the gas 
turbine, which consisted of all the elements of the modem gas turbine except the 
compressor was a reciprocating type. 

Not until the early nineteenth century did steam turbines attract any interest for 
power generation. In 1831, William Avery in the United States produced Hero’s steam 
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(a) Early reaction turbine 



(b) Early impulse steam turbine 


Figure 1.10 Ancient steam turbines by Hero and Giovanni de Branca. 


turbine to drive circular saws. In 1848, Robert Wilson of Scotland patented a radial- 
inflow steam turbine. In 1875, Osborne Reynolds of England, who invented the turbine 
pump, made a multistage axial-flow steam turbine running at 12,000 rpm. In 1884, 
Charles Parsons, also of England, made a multistage axial-flow reaction turbine running 
at 18,000rpm to produce lOhp. He also tried but failed to produced a multistage 
radial-inflow turbine because of some mechanical problems. In the following few years, 
he devoted his effort to the further development of axial-flow machines. His machines 
were used for marine propulsion and electrical power generation. 

In the early stage of gas turbine engine development, the failure was mostly due 
to the difficulty to design an efficient compressor (pumping liquid water in a steam 
turbine engine is easier). To produce a net positive output power, it requires that the 
turbine output power be greater than the power required by the compressor. This can be 
achieved by having either a higher efficient compressor or higher gas inlet temperature 
to the turbine. 

In 1903, Aegidus Eilling, in Norway, constructed the world’s first gas turbine 
that produced net power output of 11 hp. His machine consisted of a 6-stage cen¬ 
trifugal compressor and a single-stage radial-inflow turbine. In France, August Rateau, 
in 1905, designed a gas turbine with total power output of 400 hp. It consisted of a 
25-stage centrifugal compressor with intercooling and a 2-stage axial-flow turbine of 
impulse type. 

With the further development and improvement of the gas turbine, the following 
milestones of aviation have been achieved: 

1. On August 27, 1939, the world’s first jet engine power flight of Heinkel He 
178 was successfully completed in Germany. 

2. On July 27, 1949, the world’s first jet commercial airline, de Havilland Comet 1 
of England, made its first flight. 

3. On May 25, 1953, the world’s first supersonic flight was made by the U.S. Air 
Force F-100 fighter plane. 

4. On December 31, 1968, the first commercial supersonic flight was made by 
Russian TU-144, followed by British-French Concord flight on March 2, 1969. 

In the past three decades, efforts have been made to increase the turbine inlet 
temperature with better materials and blade cooling. These efforts have resulted in 
the thermal efficiency being increased from around 30 to 46% (GE’s CF6-80E engine 
with turbine inlet temperature of 1370°C in December 2003). Further improvement 
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in thermal cycle efficiency can be achieved by combining the gas turbine and steam 
turbine in a combined-cycle plant. 


1.6.4 Hydraulic Hirbines 

The Romans introduced the paddle-type water wheel, a pure impulse turbine, around 
70 B.c. for grinding grain. The study of water wheels with systematic modeling was 
introduced by the British experimenter John Smeaton in the eighteenth century. He 
achieved a maximum efficiency of 60%. 

In France, where there are more rivers, active development on water wheels was 
carried out in the early-nineteenth century. In 1832, Benoit Foumeyron designed a 
radial-outflow machine to produce 50 hp with 85% efficiency. The activities moved to 
the United States when Uriah Boyden added a vaneless radial diffuser to this type of 
machine and achieved 88% efficiency. In 1851, James Francis designed a radial-inflow 
turbine, which is known as the Francis turbine today. During the same period, James 
Thomson in Britain worked on a more efficient radial-inflow turbine with a spiral inlet 
casing and adjustable inlet guide vanes. 


1.6.5 Wind Turbine 

Some simple versions of the windmill were used in Babylonia and China as early as 
2000 b.c. Hero of Greece also described the horizontal-axis windmill with sails as 
aerodynamic surfaces. By the twelfth century, the windmill was introduced to Europe 
by both Arabs and the Crusaders returning from the Near East. In the nineteenth century, 
small multibladed windmills were very popular for grain grinding and water pumping 
in American farms. 

In the 1970s, the U.S. Energy Research and Development Administration (the pre¬ 
decessor of the Department of Energy) launched a series of research-and-development 
(R&D) projects on wind turbines, with the power output ranging from 100 to 2000 kW. 
The results of these projects have provided a foundation for the design, production, 
and operation of today’s commercial wind turbines. 


1.7 ORGANIZATION OF THE BOOK 

The types of turbomachines classified in Table 1.1 can also be depicted in a three- 
dimensional coordinate system as follows: 


Incompressible fluid 



Incompressible 

A 

2,6 1,5 


3 , 7 


->■ Radial/mixed flow 


4 , 8 


Compressible fluid 






1.7 


Organization of the Book 
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Compressible flow analysis requires the usage of thermodynamic parameters and 
processes. Flow through a radial/mixed-flow machine is similar to the channel flow, 
while that through an axial-flow machine can be treated as the external flow over 
the airfoils. The performance characteristics of a turbine are different from those of a 
pumping device. 

In the diagrams above each quadrant will represent a type of machine. Furthermore, 
each type of machine was developed by different groups of people and industry, and 
some parameters are unique for a certain type of machine. Hence the presentation in a 
turbomachinery book is not straightforward and can be organized in several different 
ways, according to these three axes. Each way has its own merit. 

Organization according to flow type is convenient for fluid dynamics researchers 
but is confusing for entry-level readers. They are more familiar with the machines 
according to the function (pumping devices or turbines) and the fluid medium handled 
(liquid or gas). So in this book, we start with a general discussion of all turbomachines 
in the first three chapters. After that, the readers should be comfortable with the different 
flow types. Then we proceed on to pumps and fans, both centrifugal and axial types, 
in Chapters 4 and 5 (quadrants 1, 2). With the low static pressure rise, axial-flow fans 
can be treated as incompressible fluid machines. At the end of Chapter 5, the propeller, 
basically an open axial-flow pump or fan for producing thrust force, is briefly covered. 

The review of thermodynamics in Appendix A can be used as reference. But it 
is recommended that at least the first five sections (A.l to A.5) be reviewed before 
covering the centrifugal fan, blower, and compressor in Chapters 6 and 7 (quadrants 
3, 4). In Chapter 8, the axial-flow gas turbine is covered (quadrant 7). It is integrated 
with a compressor in the gas turbine engine, which is a major topic in the study of 
turbomachinery. Radial-inflow gas turbines (quadrant 8) are also covered in this chapter. 
They are used in the lower power engines. Axial-flow steam turbines (quadrant 7) are 
covered in Chapter 9. Many concepts are similar to those of gas turbines. But some 
parameters and performance characteristics are different. 

The hydraulic turbines, both axial-flow and radial-inflow types, and wind turbines 
are presented in the last two chapters (quadrants 5, 6). They are receiving renewed 
interest in recent years, because renewable energy is becoming an important part of the 
global energy picture due to the worry of global warming. 

For each type of machine, the following items are covered: 

1. Theory based on the simplified fluid mechanics principles (one dimensional or 
integral form of equations) 

2. Preliminary design procedure using basic theory and empirical formula/criteria 
(some of these sections can be skipped, depending on the instructors’ and stu¬ 
dents’ interest) 

3. Ideal performance characteristics based on theory 

4. Actual performance characteristics with the modification due to loss mechanism 
and other flow processes (sample curves/tables published by the manufacturers 
are included) 

5. Engineering applications and machine selection procedure (some of these 
sections can be read by the students themselves to save class time) 

Since this book is primarily for entry-level readers, advanced topics on detailed 
design using a computer are not covered. However, a brief discussion of the application 
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of CFD to turbomachine design is given in Appendix C and some references are cited 
for those who want to pursue further studies on a particular machine or a design project. 
Also some web sites related to turbomachines are given. 

Both International System (SI) and English system units are used in this book. 
Since turbomachinery is an applied subject, most of the information obtained from 
industry is in the English system, although the trend is moving toward SI. Detailed 
discussion on the dimensions and units are given in basic engineering texts. They are 
also briefly discussed in Chapter 2. In the first three chapters, every example is worked 
out in both systems. After that, some are worked out in the English system, some in SI. 

The prerequisite for using this book is a first course in fluid mechanics and ther¬ 
modynamics at the undergraduate level. For some schools, if the basic turbomachinery 
principles are covered in fluid mechanics. Chapters 2 and 3 and some sections in 
Chapters 4 and 5 may be skipped or just briefly reviewed. Sections A.6 to A. 10 in 
Appendix A are included for those students who plan to pursue more advanced studies 
on compressors and gas turbines. 
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2.1 DIMENSIONS AND DIMENSIONAL HOMOGENEITY 

Dimensional analysis is a method for grouping a number of relevant parameters 
describing a certain physical phenomenon or process into a reduced number of nondi- 
mensional parameters. Experimental results can be more easily correlated with these 
nondimensional parameters. The test results from a model can be scaled up to predict 
the performance of a prototype machine. It is an important tool, especially for the 
study of turbomachinery, fluid mechanics, and heat transfer, because these subjects are 
more empirical in nature. Experimental studies are very important in understanding the 
processes or phenomena, such as turbulent flow, boundary layer separation, and flow 
with a two-phase mixture. 

Although dimensional analysis is a powerful tool, it can only be used to group the 
relevant parameters into a less number of nondimensional parameters. The functional 
relationship still has to be obtained from the correlation of experimental test data. 

The parameters describing a physical process are expressed in terms of some 
primary dimensions. If the process concerned is a mechanical system, the primary 
dimensions involved are either mass M, length L, and time t or force F, length L, and 
time t. If the process involves a system with heat transfer, then temperature T is also 
a primary dimension. The other dimensions expressed in terms of the combination of 
these primary dimensions are called secondary or derived dimensions. Examples are 
given in velocity {Lit), density {MIL 3 ), pressure {F/L 2 ), energy {ML 2 lt 2 ), and so on. 
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In an equation describing a certain physical process or phenomenon such as 

Ql = f(Q2,Q3, ... ,Qn), 

the Qi’s are the relevant parameters. The dimensions of each term in the equation 
expressed as 

fi(Qi) + h(Qi) -\ -= 0 

should be the same. This is called dimensional homogeneity. For example, in Bernoulli’s 
equation, p/p + V 2 /2 + gZ = const, we have the dimension of each term: 


P _ F/L 2 ( ML/t 2 )/L 2 {L\ 2 
p M/L 3 - M/O ~ V t ) 



The resultant dimension of each term is ( L/t) 2 . In fact, this is also a dimension for 
energy per unit mass, since it can be converted as {L/t) 2 = {ML/t 2 )(L/M) = ( FL/M ), 
where FL is the dimension for energy or work. Another illustration can be shown with 
the ideal gas equation, p = pRT. The dimension on the right-hand side is pRT = 
(M U? )[ FL! {MI ) |(7") = {F/L 2 ), which is a dimension for pressure. This rule can be used 
to check the validity of an equation and associated conversion factors if there is any doubt. 

To assign a numerical value for the dimensional parameter, a basic unit of measure 
has to be adopted. There are two systems of units commonly used: the English system 
(or Inch. Pound) and SI. To avoid confusion in using the English system, it is important 
to remember that, when relating parameters through Newton’s second law, F — Ma, 
the units are related as 1 lb f = 1 slug x 1 ft/s 2 , just like 1 N = 1 kg x 1 m/s 2 in SI. The 
slug is a unit of mass and one slug is equal to 32.2 lb m . If mass is given in pound 
mass, it is necessary to be converted to “slug.” Some examples are given below: 

1* To calculate dynamic pressure, p d = pV 2 / 2, for air with a density of 
0.075 lb m /ft 3 moving at 120 ft/s, we have 

P = 0.075 lbm/ft 3 = = 0.00233 slug/ft 3 . 

Hence 


0.00233 x 120 2 , 

Pd = - - -- - 16.77 (slug/ft 3 )(ft/s) 2 

= 16.77 lbf/ft 2 = 0.1161bf/in. 2 =0.116psi. 

2. To convert some thermal energy of air from temperature 7o = 600 R to 7j = 
550 R into kinetic energy, the resulting air flow velocity can be calculated as 

1 t 

2 V ~ = c p( T o ~ Ti) = 0.24 x 32.2 x 778(600 - 550) 


= 300,619 (Btu/slug-R) (lb f -ft/Btu) (R) 

= 300,619 lb r ft/slug = 300,619 (ft/s) 2 . 

Hence V = 775.4 ft/s, where C p = 0.24Btu/lb m -R = 0.24 x 32.2 Btu/slug-R. 
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3. To convert the pressure of liquid with specific gravity of 0.85 from 50psi to the 
head of liquid, we use p — pgH, or 

50 x 144 

rr _ _ 

(0.85 x 62.4/32.2) x 32.2 
= 135.7 (lb f /ft 1 2 )/[(slug/ft 3 )(ft/s 2 )] = 135.7 ft, 

where p — 0.85 x 62.4 = 53.04lb m /ft 3 = 1.647 slug/ft 3 is liquid density and 
g = 32.2 ft/s 2 is gravitational acceleration. 

4. To convert the dynamic pressure of air in the first example to water gage (wg), 
we use p c i — p w gh, or 

h = --= 0.269 (lb f /ft 2 )/(lb f /ft 3 ) = 0.269 ft 

(62.4/32.2) x 32.2 7 ' 

— 3.23 in. wg, 

where p w = 62.4/32.2 = 19.38 slug/ft 3 is water density and p w g = 62.4 lbf/ft 3 is 
water specific weight (weight per unit volume). Manipulation of units as shown 
in these examples is important to assure a correct numerical result. 


2.2 BUCKINGHAM Pi THEOREM 

The Buckingham pi theorem states that the number of independent nondimensional 
parameters needed to correlate the variables for a given process is n — m. Here n is 
the number of relevant dimensional parameters involved and m is the number of primary 
dimensions. As indicated in the previous section there are three primary dimensions 
(M, L, f or F, I, f) in a mechanical system, and there are four primary dimensions 
(M, L, t, T or F, L, t, T) in a thermal-mechanical system with heat transfer involved. 
The procedure can be described as follows: 

1. List n number of relevant dimensional parameters for the physical process 
based on experience and physical intuition, say Q\, Q 2 , £> 3 , ■ - ■ > Qn- 

2. Select a set of m (three or four) number of primary dimensions. 

3. Select m (three or four) number of repeating parameters from 2;’ s listed in 
step 1, say Q rU Q r2 , £>,3 (and 2,4 if applicable). 

4. Express each (9, in terms of the primary dimensions. 

5. Express each of the nondimensional parameters iti’s in terms of one of the 
nonrepeating parameters and all repeating parameters, such as (if m = 3) 

*■1 = Ql Q“l Qr2 Q% *2 = 22 Q.U 2r2 Q& ■ • • • *n-m = Qn-m #,■••• 

There will be m(n — m ) number of undetermined exponents. 

6. Group the same primary dimension in the expression of each rr,- with a, b, c, 

d, ... in the exponents. 
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7. Since the tt/’s are nondimensional and the primary dimensions are independent 
of each other, the combined exponents for each primary dimension should be 
always equal to zero. Hence m(n — m) simultaneous equations can be obtained 
for the m(n — m) undetermined a, b, c, d, .... 

8. Solve the simultaneous equations for a, b, c, d, _ 

9. Express the 7T,’s with these exponents numerically. 

10. Make sure all rr,’s are truly nondimensional. 

The above procedures can be applied to the processes relevant to turbomachinery. 

The results will be used in later chapters. 


2.2.1 Case 1 


The drag force F d (or lift force Fj_) on a submerged object (such as an airfoil) due to a 
flowing fluid is a function of the fluid density p, the flow velocity V, the characteristic 
dimension of the object, D, and the fluid viscosity p.. In other words, the function 
can be expressed as F d/L = f(p, V, D, p). Thus we have n = 5, m = 3, and we 
can expect two nondimensional parameters needed to correlate the test data for this 
problem. Next, the dimensions of these relevant parameters are expressed in terms of 
the primary dimensions as follows: 


F d /L = ML/r 2 , p = M/L 3 , V = L/t, D = L, and p = M/(Lt). 

Next, a number of repeating parameters equal to the number of primary dimensions 
are selected from the list of dimensional parameters. These repeating parameters should 
be expressible in terms of the primary dimensions, and no two repeating parameters 
can have the same net dimensions differing only in the exponents. For example, do not 
include both length (L) and area (L 2 ) as the repeating parameters. The repeating param¬ 
eters chosen may appear in all the nondimensional parameters obtained. Consequently, 
the dependent parameter should not be included in these repeating parameters. 

In this example, p, V , D are chosen as the repeating parameters. The nondi¬ 
mensional parameters can be formed in terms of these repeating parameters with the 
exponents to be determined, that is, 

o'o' 

By combining the like dimensions, we obtain jti = M a+l L~ 3a+b+c+l t~ b ~ 2 and 

712 = M d+1 L~ 3d+e+ f - 1 

Since both n j and nj are nondimensional, each expression of the exponents must 
be equal to zero. Hence the following simultaneous equations are obtained: 

a + l=0, -3a +b + c+ 1 =0, -b - 2 = 0, 

d + 1=0, —3d + e + f — 1 = 0, —e —1=0. 
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The above equations result in a = — b = — 2, c — — 2 and d = — l, f = — l, 
e = — 1. Therefore we have 

Fd/L ft 

~ pV 2 D 2 ’ 712 ~ pVD ' 

Hence, the drag and lift due to the flow over an object can be expressed in terms of 
the nondimensional parameters as 


x\ = f(n 2 ) or 


Fd/L _ , ( M \ 
pV 2 D 2 J \pVD ) ' 


Here Cd/L — Fd/J(pV 2 D 2 /2) is called the drag or lift coefficient and Re = 1/712 = 
p VD/p is the Reynolds number. It is shown from the test that, under high Re with 
turbulent flow, the Re effect becomes insensitive. The forces mainly vary with the 
object’s shape and orientation with respect to the flow direction (i.e., angle of attack 
in an airfoil). Since shape and orientation are nondimensional parameters, they are not 
included in the dimensional analysis. 


2.2.2 Case 2 

For a centrifugal pump operating at a constant rotating speed with sufficient suction 
pressure, the discharge pressure A p (or head H) will be a function of the flow rate 
Q, rotating speed N, fluid density p, fluid viscosity p., and impeller outlet diameter D; 
that is, A p = f(Q,N,p,p,D). 

Hence, we have n — 6, m = 3. Selecting p, D, N as the repeating parameters, the 
nondimensional parameters can be expressed as 


7r 1 = p a D b N c Ap - 
7 T 2 = p d D e N f Q = 



7 T3 = p s D h N l \x 



Following similar steps as those in the previous case, we obtain 

A p gH _ Q _ pD 2 N_ 

711 ~ pD 2 N 2 ~ C DN ) 2 ’ 712 ~ D 3 N ’ 713 ft 

Here i/s — 71 \ is called the head coefficient, (p = n 2 is the flow coefficient, and Re — 
7T3 is the Reynolds number for the rotating impeller. 

The functional relationship can be written as y(r — f ((p, Re). However, from lab¬ 
oratory tests, it is found that the effect of the Reynolds number is insensitive for 
the conventional vane-type impeller pumps, pumping clear water, where the Reynolds 
number is very high. The situation is similar to the case of flow in a stationary channel: 
When the Reynolds number is high, the friction coefficient is insensitive, as shown in 
a Moody diagram. 
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However, it was also found from experience that two similar machines of 
significantly different sizes did have different efficiencies at the corresponding operat¬ 
ing conditions. This is due to the different relative roughnesses of the machine surfaces. 
For the same absolute surface roughness, the large machine has lower relative rough¬ 
ness and hence less pressure loss due to skin friction. An empirical formula to correlate 
this effect is suggested in Ref. 1 as (1 - m)/(l - r} 2 ) = (Re 2 /Rei)", where n =0.1 
to 0.25. If the shaft power P s is the parameter that we are interested in, following the 
same procedure, we obtain the corresponding power coefficient: 

11 = pD 5 N 3 ’ 11 = Re) - 

The overall efficiency, defined as r) — P () /P s — Q A p/P s , can also be expressed in 
terms of the head, flow, and power coefficients, that is, r\ — 00/n. Hence it is also a 
nondimensional parameter. 

The nondimensional parameters derived above can be interpreted as the ratio of 
two relevant parameters. The drag coefficient C0 is the ratio of drag force over the 
flow inertia force. The term pV 2 D 2 can be written as ( pVD 2 )V or (pVA)V or mV, 
where A is a characteristic flow passage area and m is the characteristic mass flow 
rate. For the Reynolds number Re, we can rewrite it in the form Re = pVD/p. ~ 
pV 2 D 2 /(VD)[(V/D)/r\ ~ [Fj/(VD)][(V ID)/(F V /D 2 )] ~ F,!F V , where x is shear stress 
and F, and F v are the characteristic inertia and viscous forces, respectively. The flow 
coefficient 0 can be written in the form 0 = Q/(ND 3 ) ~ Q/(NDA ) ~ VIU, where V — 
QIA and U ~ ND are the characteristic flow velocity and impeller tip linear velocity. 
The head coefficient 0 can be written in the form 0 = gH/(DN) 2 ~ gH/(U 2 / 2), where 
gH is the flow energy change per unit mass and f/ 2 /2 is the linear kinetic energy of 
the rotating impeller per unit mass. The parameter “head” is generally used in pumps 
and hydraulic turbines. For compressible fluid machines, compressors, or gas/steam 
turbines, pressure and enthalpy per unit mass are used. 


2.2.3 Case 3 


If the fluid medium handled by the turbomachine is compressible, such as the condition 
found in compressors and gas/steam turbines, we can expect an additional nondimen¬ 
sional parameter, the Mach number, to emerge from dimensional analysis. This number 
is the ratio of characteristic flow velocity and acoustic speed in the fluid and can also 
be interpreted as the ratio of flow inertia forces and the forces needed to compress the 
fluid (or elastic force). 

In these machines, we can neglect fluid viscosity, but the temperature change is 
important due to the compressibility. So the relevant parameters are po \, po 2 > /?7oi, 
RTq 2 , m, N, and D. Here the combined RT 0 is selected instead of T 0 itself, since we 
are concerned about the internal energy of the fluid medium, not the heat transfer 
effect in the process, so the number of primary dimension is still three ( M,L,t). From 
these seven relevant parameters, two nondimensional parameters can be formed imme¬ 
diately, po 2 /po\ and Tq 2 /Tq\. Hence the relevant parameters can be reduced by two, 
or only p$\, RTq\, m , N, and D will be used to form the other two nondimensional 
parameters. Selecting m, N, and D as the repeating parameters, since the number of 
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primary dimensions is three, the nondimensional parameters can be expressed as 
m = m a N b D c poi = (y) (j) L c (~i) = M a+x L c - l r (a+b+2 \ 

n 2 = m d N e D?RT 0 \ = (iY Z/ (j) = M d Lf +2 t~« +e+2) . 

By setting the exponents to be zero, we have a = — 1, b = — 1, c = 1, d = 0, 
e = — 2,/ = — 2 or 7ri = p 0i D/(mN) and n 2 = RT 0 \/(ND) 2 . We can also manipulate 
these nondimensional parameters into forms such that 

, 1 ND N „ 1 mJ(RT 0 1 ) 

2 -s/^ V RTq\ VW\' 1 ^1^2 P0\D 2 POI 

For a given machine and fluid medium, D and R are constants, so the parameters used in 
the compressible fluid machines are normally expressed in the functional relationship 

f ( Pm T ® 2 N \ _ Q 

\ Po\ ’ Tq\ ’ poi ’ y/To\ ) 

Since the adiabatic efficiency rj a d of the compressor and gas/steam turbine can be 
expressed in terms of the pressures ratio and temperatures ratio to be shown in later 
chapters, Tq 2 ITq\ can be replaced by 7? ac j in the above set of relevant nondimensional 
parameters. So, typically, the performance curves of these machines are plotted in 
terms of po 2 lpo\ and r) ad versus m-s/Tol/Po\ with /V/V^oT as parameters. Also the 
nondimensional mass flow and rotational speed coefficients can be written in the forms 
shown below. They are called flow Mach number Mp and rotational Mach number Mr: 

m^RTVi pAV i Vj ND U 

po\D 2 py/RToiD 2 «oi VRT 0l a oi 

where V\ is the characteristic flow velocity at the inlet and U is the characteristic 
impeller tip velocity. 


2.2.4 Case 4 


The output shaft power P s of a hydraulic turbine is a function of water density p, 
head H, flow rate Q, rotor diameter D, and rotating speed N. But the head is always 
combined with the gravitational constant g , since gH can be treated as the available 
hydraulic energy per unit mass of water. Hence we have P s — f (p,Q,gH,D,N). These 
six parameters can be reduced to three nondimensional parameters: 


7T1 = P s p a (gH) b D c 


ML' 


( M\ a ( L 

{Ti) v7 


2 

2\ e 


j j^c _ 1 -hci j 2 — 3a-\-2b-\-c j — 3 — 2 b 


r 3 / M \ a { J 2 \ 

= Qp d (gH) e Df = — j j Z/ - M d L 


3 — 3d+2e+f j — \—2e 


jt 3 = Np H (gH) h D‘ 


arc 


V = M s L~ 3s+2h+i t~ 1 ~ 2h . 
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By setting the exponents to zero, we have a + 1 = 0, 2 - 3a + 2b + c = 0, 
3 + 2b = 0, d = 0, 3 — 3d + 2e + / = 0, 1 + 2e = 0, g = 0, — 3g + 2h + i = 0, 
and 1 + 2h = 0, or a = - 1, b = - 1.5, c = - 2, z? = 0, <? = - 0.5,/ = - 2, g = 
0, h = — 0.5, and i = 1. Hence the nondimensional parameters can be expressed as 


= Psp-\gH)- l - 5 D~ 2 = 


pD 2 (gH ) 


1.5 — ' Pl> 


tt 2 = Q(gH)-° 5 D~ 2 = 


D 2 VgH' 


... ri\—0Sr. ND Ra) 
tt 3 = N(gH) 05 D = --— = A, 

VgH y/gH 


where P\ and X are defined as unit power and speed ratio, respectively. So Pi can 
be plotted versus X with the flow rate Q as the parameter, to be discussed in more 


detail in Chapter 10. The head, flow, and power coefficients can also be derived from 
x], = lire 2 = gH/{ND) 2 , 0 = jr 2 /7r 3 = Q!{ND 3 ), and fl = nx/n 2 = P s /(pN 3 D 5 ). 


2.2.5 Case 5 

For a wind turbine, the output shaft power P s is a function of rotor diameter D , rotating 
speed N, wind velocity V, and air density p and can be written as P s = f(D,N,V,p). 
These five parameters can be reduced to two nondimensional parameters. 

Selecting p, D, and N as the repeating parameters, the nondimensional parameters 
can be expressed as 


n j = D a N b p c P s = L 


■*(r) 


b f M\ c /ML 2 


L V r 3 


M C+ ^ L a ~3 c +2j—b—3 


= D d N e p f V = L d {j?) f (“) = M f L d - 3f+1 t~ e ~ 1 . 


By setting the exponents to zero, we have c+l=0, a — 3c + 2 = 0, b+3 = 0 
and/ = 0, d - 3f + 1 = 0, e + l= 0ora = -5, b = - 3, c = - 1, d = - 1, 
e — — 1 and / = 0. Hence 


1 pN 3 D 5 ’ 7X2 
These two parameters can be rearranged into 


= = p ' ^ p s 

(tt^) 3 pD 2 V 3 ipAV 3 ’ 



DN _ Rco 
~V V~ 


which are defined as the power coefficient C p and tip speed ratio X, respectively, to be 
discussed in Chapter 11. 




Other Nondimensional Parameters for Turbomachines 


25 


2.3 OTHER NONDIMENSIONAL PARAMETERS 
FOR TURBOMACHINES 

Although the total number of independent nondimensional parameters for a given 
machine is fixed, they can be combined and manipulated to form other new nondimen¬ 
sional parameters, as shown in the last section. Another important one is the specific 
speed u> s — NQ l/2 /(gH) 3 / A . It can be derived from the head and flow coefficients by 
expressing co s = <p l / 2 /\fr 3 / 4 to eliminate the characteristic dimension D. Hence the spe¬ 
cific speed is a parameter that characterizes the geometry (shape) of the machine and 
is independent of size. It is also called a shape number. Sometimes, this parameter is 
also interpreted as the rotating speed of a machine which delivers one unit of head at 
one unit of flow rate for the pumping devices. For turbines, the shaft power is more 
important, and hence the power specific speed 

n l/2 /VP] /2 

" sp “ Jy* ~ p'' 2 (gH ) 5 ' 4 

is commonly employed. It is important to remember that specific speed is defined at the 
maximum efficiency point of the machine. It can be used to select the type of machine 
for a given duty or to correlate a certain parameter versus different types of machines. 

In principle, specific speed is nondimensional. However, dimensional quantities 
are used in industry. When gpm or cfs is used for flow rate, feet for head, rpm for 
rotating speed, and hp for shaft power, specific speed can be expressed in dimensional 


form as follows: 




NQ l/2 /(H) 3/4 

rpm gpm 1/,2 /ft 3/4 

for pumps, 

N s = ■ 

M2 I/2 /(sp) 3/4 

rpm cfm 1/,2 /(in. wg) 3/4 

for fans, 


Af0 1/2 /(tfad) 3/4 

rpm cfs 1 / 2 / (ft-lb f /lb m ) 3/4 

for compressors, 

N sp = NP] /2 /{H ) 5/4 

rpm hp I/2 /ft 5/4 

for hydraulic turbines, 

where H is 

water head for pumps and hydraulic turbines, 

sp is static pressure rise 


water gage for fans, and H a d is adiabatic head for compressors. 

The type of impeller and average peak efficiencies versus specific speeds for the 
pumps are shown in Figure 2.1 (Ref. 2). It is clear that for the same inlet diameter 
the radial-flow impeller has larger outlet diameter and smaller flow passage area. So it 
will deliver higher discharge pressure but can accommodate lower flow capacity for a 
given rotating speed. Hence it has lower values of specific speed. The axial-flow type 
is just the opposite. Similar situations are found in other types of turbomachines, to be 
discussed later. 

Another nondimensional parameter, also used in turbomachines, is specific diameter 
Aj, defined as 


f 1/4 D(gH ) 1/4 

s ““ 4>V 2 <2 1/2 
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Radial Francis Mixed flow propeller 

Figure 2.1 Variation of pump type and efficiency with specific speeds. (Reprinted by permis¬ 
sion from Stepanoff, A. J., Centrifugal and Axial Flow Pumps , 2nd ed., John Wiley & Sons, 
New York, 1957.) 


or in dimensional form 


D s 


DH'^/Q '/ 2 
D(sp) l / 4 /Q »/2 
£>(// ad ) ] / 4 /v, 1/2 


in.(ft) 1/4 /(gpm) 1/2 
in.(in. wg) 1/4 /(cfm) 1/2 
ft(ft—lb f /lb m ) ‘/ 4 /(cfs) 


for pumps, 
for fans, 
for compressors. 


Or SI system units can be used. 

The specific diameter is a parameter to indicate the relative size of a machine for a 
given set of operating conditions. Or it can also be interpreted as the size of machine to 
deliver one unit of head at one unit of flow rate for the pumping devices. A correlation 
of A s and co s developed by Csanady 3 for pumps and fans called the Cordier diagram is 
shown in Figure 2.2. It shows, again, that the radial-type impeller with a lower specific 
speed has higher specific diameter and hence larger diameter. 

It should be remembered that in this diagram the units for N, Q, H, and D have to 
be such that the resulting A s and co s are nondimensional. With this correlation and that 
in Figure 2.1, the optimum size of a pump and its efficiency can be estimated for a set 
of operating requirements. The procedure using these correlations for the preliminary 
design and machine selection will be discussed in later chapters. 




2.4 Similarity Laws 27 



Figure 2.2 Cordier diagram for pumps and fans. (Reprinted by permission from Csanady, 
G. T., Theory of Turbomachines , McGraw-Hill, New York, 1964.) 

2.4 SIMILARITY LAWS 

From the dimensional analysis illustrated in previous sections, the relevant nondimen- 
sional parameters for a given machine performance can be related through a certain 
function, that is, tt\ — f(n 2 , ^ 3 , ...). The number of these nondimensional parameters 
is less than that of the corresponding dimensional parameters. Hence it will be more 
convenient to correlate the test data in terms of the nondimensional parameters. Also, 
from these correlations, it will be possible to predict the performance of the same 
machine operating at different conditions or even to predict the performance of other 
geometrically similar machines operating at the corresponding conditions. These ideas 
will be demonstrated with centrifugal pumps in this chapter, although they also apply 
to other types of machines, which will be illustrated in later chapters. 

From Case 2 in Section 2.2, it is shown that for a centrifugal pump the head 
coefficient, flow coefficient, and Reynolds number are related through 1 /^ = f(4>i Re)- 
However, in practice, the Reynolds number effect is weak, since flow through the pump 
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is highly turbulent, and hence we can write = f(<f>). Similarly, an expression for the 
power coefficient can be derived as II = g(<p). If a pump is tested at a fixed rotating 
speed N and the measured flow rate, discharge head, and shaft power are converted to 
flow coefficient, head coefficient, and power coefficient, a set of curves can be plotted 
as shown in Figure 2.3. However, these curves will also be good for other rotating 
speeds of the same pump or other geometrically similar pumps. In fact, in exploration 
tests of a new pump, it is a good idea to run the machine at a few rotating speeds, 
if applicable. Then a plot of these data in terms of the nondimensional parameters for 
different rotating speeds should collapse into a single curve. This can check the validity 
of tests. 

Geometric similarity implies that all corresponding linear dimensions of two 
machines are in constant proportion and all angular dimensions are the same for every 
component of the machines, such as the model and prototype shown in Figure 2.4. It 
also requires that the flow characteristics (or flow patterns) in two cases be the same, 
that is, kinematic similarity. The corresponding velocity diagrams should be similar 
and no flow separation or cavitation is allowed in either case. 



Figure 2.3 


Typical pump performance curves in nondimensional parameters. 


1.5b 



Figure 2.4 










2.4 
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The relationships between model and prototype can be expressed explicitly as 


4 * p — 0m or 
0p = 0m or 

I~l p — I~l m or 


Qp _ _ Qm 

D\N P ~ (DlN m y 


gH p 

( DpN p ) 2 
(P P D 5 p Np 


gH m 

(D m N m ) 2 ’ 
Psm 

PmD* m Nl' 


at the corresponding operating conditions of both machines. They are called the simi¬ 
larity laws or affinity laws. 

With these similarity laws, the test data of a small model machine can be used 
to predict the performance of a big prototype. Revision or correction on the design 
and the model can be made if necessary. Iterations may be needed until a satisfactory 
design is achieved. This will save significant cost for new machine development. The 
following examples illustrate the associated calculations. 


Example 2. IE 

A centrifugal pump operating at 1000 rpm is delivering 80gpm of water at 150psig 
and requires 8 hp of shaft power at the best efficiency point. Determine the flow rate, 
discharge pressure, required shaft power, and efficiency at the corresponding point 
when it is operating at 1500 rpm. 


SOLUTION From 0 2 = 4>\ or Q 2 /(D 3 N 2 ) = Qi/(D 3 N l ), we have 


0.2 — 


Q\N 2 80 x 1500 


N i 


1000 

i2 \i2- 


= 120 gpm. 


From 02 = 01 or A p 2 l{pD l Ny) = Ap-[/(pD 2 Nf ), we have 


A P2 = A P1 (^) =15o(L 55) = 337.5 psig. 


1000 ) 

From n 2 = ni or P s2 /(pD 5 N%) = P s \!(pD 5 N 3 ), we have 


/A 2 \ 3 /1500\ 3 

P 2 — p i f — ) =8 - = 27 hp. 

\NiJ V 1000 / 


The efficiencies are the same at the corresponding points, so 


m = m = 


QiApi 80 x 0.00223 x 150 x 144 




550 x 8 


0.875 = 87.5%. 


Example 2.1 S 

A centrifugal pump operating at lOOOrpm is delivering 18.2m 3 /h of water at 10.3 
bars and requires 6 kW of shaft power at the best efficiency point. Determine the flow 
rate, discharge pressure, required shaft power, and efficiency at the corresponding point 
when it is operating at 1500 rpm. 
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SOLUTION From <p 2 — <P\ or Q 2 /(D 2 N 2 ) — Q\KD^N\), we have 


& = e '(^) = 18 - 2 (^) =27 ' 3m3/h - 


From iff 2 = yjf 1 or A p 2 /(pD 2 N 2 ) = A P,/(pZ> 2 /V 2 ), we have 


a a /WA 2 ( 1500\ 2 

AP2 = ^'U) = 103 (looo) = 232bars ' 


From n 2 = n[ or P s2 /(pD 5 /V|) = P sl /(pD :> /V 3 ), we have 


Pn = p " (sr ) 3 = 6 (iss ) 3 = 20 - 2kW ' 


The efficiencies are the same at the corresponding points, so 
QiApi (18.2/3600) x 10.3 x 10 2 


m - v 1 


= 0.868 = 86 . 8 %. 


Example 2.2E 

In order to design a pump to deliver a head of 320 ft at a flow rate of 350ft 3 /s (cor¬ 
responding to the best efficiency point) when rotating at 600 rpm, a model is built 
and tested. If the model test flow rate at the best efficiency point is measured as 
5 ft 3 /s and hydraulic output power is 30 hp, determine the model rotating speed and the 
model/prototype scale ratio. 


SOLUTION From the model hydraulic output power and measured flow rate, the 
discharge head can be determined as A p m = 30 x 550/5 = 33001b f /ft 2 . Hence 
H m = 3300/62.4 = 52.88 ft. From the similarity law, the ratio of discharge heads 
for the prototype and model is H p /H m = ( N p /N m ) 2 (D p /D m ) 2 = 320/52.88 = 6.05. So 
(N p /N m )(D p /D m ) = 2.46. Also, the flow rate ratio is Q p /Q m = (N p /N m )(D p fD m ) 3 = 
350/5 = 70. Therefore, we have 


~=533, ^=0.461, 

Dm N m 


N m = 


1301 rpm. 


Example 2.2S 

In order to design a pump to deliver a head of 97.5 m at a flow rate of 9.9 m 3 /s 
(corresponding to the best efficiency point) when rotating at 600 rpm, a model is built 
and tested. If the model test flow rate at the best efficiency point is measured as 
0.14m 3 /s and hydraulic output power is 22.4 kW, determine the model rotating speed 
and the model/prototype scale ratio. 


SOLUTION From the model hydraulic output power and measured flow rate, the 
discharge head can be determined as A p m = 22.4/0.14 = 160 kN-m/(s-m 3 /s) = 
160 kPa. Hence H m = 160 x 10 3 /(998 x 9.81) = 16.3 m. From the similarity law, the 
ratio of discharge heads for the prototype and model is H p /H m = (N p /N m ) 2 (D p /D m ) 2 
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97.5/16.3 = 5.98. So ( N p /N m )(D p /D m ) = 2.45. Also, the flow rate ratio is Q p /Q m 
0N p /N m )(D p /D m ) 3 = 9.9/0.14 = 70.7. 

Therefore, we have 


_ 5.4, 


= 0.46, N m = ^ = 1315 rpm. 


Example 2.3E 

Select the type of pump to pump water of 250 gpm to overcome a resistance of 18 ft 
water head in the pipe if a motor of 1500 rpm is available. Also estimate its approximate 
size and efficiency. 

SOLUTION From the dimensional specific speed N s = NQ 05 /H OJ5 = 1500 x 
250°- 5 /18 0 75 = 27 1 4rpm(gpm 0 - 5 )/ft 0 - 75 and Figure 2.1, we select a Francis-type pump, 
and the efficiency is estimated to be 77 — 74%. To find the approximate size, Figure 
2.2 has to be used. The nondimensional specific speed is calculated from co s = coQ 0 5 / 
(, gH ) 0 - 75 , where 


1500tt 


= 157 rad/s, Q = 250 x 0.00223 = 0.5575 ft 3 /s. 


157 x (0.5575)° 
(32.2 x 18)°- 75 


= 0.992. 


From Figure 2.2, it is obtained that 
D(gH) 0 25 0 , 

A J = Q0.5 ~ = 3 - 1 OT 


3.1 x (0.5575)°- 
(32.2 x 18)°- 25 


= 0.472 ft = 5.7 in. 


Example 2.4E 

A hydraulic turbine running at 1800 rpm with an estimated efficiency of 92% is to be 
designed for a hydropower site with a net head of 160 ft, flow rate of 25 ft 3 /s. A model 
of 1 : 5 scale running at 3600 rpm is to be tested in the laboratory. Estimate its flow 
rate, head, and output power. 

SOLUTION From <f> = Q ln /(D? n N m ) = Q P I{D\N p ) and y/ = gH m l{D 2 m N= 
gHp/(D 2 N 2 ), we have Q m — Q p (D m /D p ) 3 (N m /N p ) = 25 x (l/5) 3 (3600/1800) = 
0.4ft 3 /s and H m - H p (D m /D p ) 2 (N m /N p ) 2 = 160 x (1/5) 2 x (3600/1800) 2 = 25.6ft. 

Also we have P s = r\ Qp gH — 0.92 x 0.40 x 62.4 x 25.6/550 = 1.07 hp since 
the efficiencies of both model and prototype should be the same. 


Example 2.4S 

A hydraulic turbine running at 1800 rpm with an estimated efficiency of 92% is to be 
designed for a hydropower site with a net head of 50 m, flow rate of 42m 3 /min. A 
model of 1:5 scale running at 3600 rpm is to be tested in the laboratory. Estimate its 
flow rate, head, and output power. 
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SOLUTION From 4> = Q m /(DlN m ) = Q p /(D 3 p N p ) and x/r = g// m /(Z> 2 A/ 2 ) = 
gHp/(D p N 2 ), we have Q m = Q p {D m ID p f(N m IN p ) = 42 x (l/5) 3 (3600/1800) = 
0.67cmm and H m = H p (D m /D p ) 2 (N m /N p ) 2 = 50 x (1/5) 2 x (3600/1800) 2 = 8m. 
Also we have P s = r) Qp gH = 0.92 x (0.67/60) x 998 x 9.81 x 8 = 804.6 
(m 3 /s)(kg/m 3 )(m/s 2 )m = 804.6 W since the efficiencies of both model and prototype 
should be the same. 
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PROBLEMS 

2.1 Determine the model-to-prototype wheel diameter ratio for a water turbine which will 
produce 30,000 hp at 100 rpm with a head of 50 ft while the model produces 55 hp under a head 
of 15ft. What is the speed of the model turbine? 

2.2 Use the Cordier diagram shown in Figure 2.2 to estimate the rotor diameter of a pump 
which will produce a head of 30 ft at 4500 gpm while running at 1000 rpm. Estimate the efficiency 
of the pump. 

2.3 A model centrifugal fan is tested to deliver 500 cfm of air at standard condition with a 
pressure rise of 2 in. of water at a speed of 1800 rpm. While the prototype fan will produce the 
same pressure at 1200 rpm, determine the diameter ratio and the flow rate of the prototype fan. 

2*4 The thrust T of a propeller is known to be dependent on axial-flow velocity V, fluid 
density, p viscosity p, rotating speed N in rpm, and diameter D . Determine the appropriate 
nondimensional parameters by means of dimensional analysis 

2.5 A centrifugal pump is selected to pump the oil with a specific gravity of 0.70. The pressure 
rise required is 25 psi at 25 gpm. If the pump performance given in the catalog is Q = 40 gpm, 
A P = 35 psi at N = 3600 rpm for water, by how much must the impeller be trimmed and what 
is the rotating speed? 

2.6 A centrifugal fan rotating at 1200rpm delivers 5.3kg/s of air at 20°C through a duct 
system and the motor requires 4.5 kW. If the air temperature changes to 50°C, what should the 
fan speed and motor power be in order to deliver the same mass flow rate? 

2-7 A jet fan used in highway tunnel ventilation is an axial-flow fan with a cylindrical casing. 
Its performance is expressed in terms of the static thrust T versus shaft power P s . These two 
parameters are function of impeller diameter D rotating speed co, and air density p. Determine 
the corresponding nondimensional parameters. 

2.8 A model propeller 1.5 ft in diameter rotating at 1800 rpm is tested in a wind tunnel with 
air velocity of 200 ft/s. The thrust and torque measured are 201bf and 12 ft-lbf, respectively. 
Determine the expected performance of the prototype and its rotating speed if its diameter is 
7.5 ft and air velocity is 350 ft/s. Air viscosity and compressibility can be neglected. 
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2.9 Repeat problem 2.4, but now the air compressibility effect is considered but the viscosity 
effect can be neglected in the high speed propeller. 

2.10 Calculate the efficiency of the following pump test data: 


<2(gpm) 

H( ft) 

r(lb/-ft) 

A (rpm) 

n(%) 

20 

85 

2.5 

1800 


40 

74 

3.0 

1800 


60 

45 

3.5 

1800 



2.11 A multistage boiler-feed pump is designed to pump water for a total head of 25 m at 
0.10m 3 /s when rotating at 25 rad/s. If the impeller diameter is selected to be 70 cm for the 
optimum design, how many stages are required? 

2.12 A hydraulic turbine model tested with a head of 40m delivers 4700kW with 15 m 3 /s while 
rotating at 600 rpm. If the prototype is double the model in size, what are the corresponding 
rotating speed, flow rate, and output power with the same available head? 

2.13 A centrifugal pump model one-tenth the size of the prototype, running at 1500 rpm, 
delivers a head of 2 m at a flow rate of 0.2 m 3 /s and requires input shaft power of 9.8 kW. 
Determine the expected flow rate, head, and shaft power for the prototype running at the same 
speed. 

2.14 A multistage pump is required to deliver water to a head of 50 m at flow rate of 0.1 m 3 /s. 
A motor rotating at 1800 rpm is available. Determine the optimal number of stages for the pump. 

2.15 A hydraulic turbine operating under a head of 40 m will deliver an optimal shaft power of 
4700 kW when running at 600 rpm with a flow rate of 15m 3 /s. If the head is changed to 60 m, 
determine its rotating speed, flow rate, and output shaft power under the optimal condition. 

2.16 A wind turbine is rotating at 50 rpm and producing 6.5 hp under a wind speed of 20 mph. 
Determine its rotating speed and output power when the wind speed is 30 mph. 

2.17 If a scale-up wind turbine to produce 50 hp of output power under a wind speed of 25 mph 
is needed, determine the scale-up factor. 









Energy Transfer in 
Turbomachines 

3.1 REVIEW OF FLUID MECHANICS RELATED 
TO TURBOMACHINERY 


Turbomachines are devices that transfer energy from or to flowing fluid. Hence studies 
on turbomachinery are based on the physical laws governing flowing fluids. These laws 
and some basic flow processes related to turbomachines will be reviewed briefly in this 
section. More detailed discussion can be found in fluid mechanics texts. 

If the flow passage concerned is long relative to the characteristic dimension normal 
to the flow direction, it can be treated as an internal flow (Figure 3.1), such as those in 
radial- and mixed-flow machines. Otherwise an external flow will be appropriate, such 
as those in axial-flow machines. 

The fluid can be treated as either incompressible or compressible, depending on the 
characteristic Mach number of the flow. Some special phenomena of compressible flow 
are reviewed in Appendix A. In this book, all flows will be considered as steady-state 
flow, that is, the flow properties throughout the field do not change with respect to 
time. Complicated unsteady-state or transient-flow processes are beyond the scope of 
this book. 

It is more convenient to apply the physical laws to a continuous flowing fluid 
in a fixed space in the field, called “control volume.” A control volume is enclosed 
by several control surfaces. Across these surfaces, fluids may pass through, heat may 
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Internal flow External flow 

Figure 3.1 Typical flow types in turbomachines. 


/ 

» 

/ 

"7 i f''*' Figure 3.2 Control volume for flow analysis. 

transfer through, and mechanical work may be done to or extracted from the fluid 
through a rotor, as shown in Figure 3.2. 



3.1.1 Conservation of Mass (Continuity Equation) 

If there is no chemical reaction taking place (and no source or sink) inside the control 
volume, the total mass of fluid substance inside should be constant with respect to time. 
Fluid flows passing through the control surfaces should be balanced out, that is, f cs dm 
— 0 or f pV-dA — 0, where p and V are the fluid density and velocity at the control 
surface with area dA. The dot product between V and dA means only the component 
of V in the direction normal to the control surface will contribute to the product. Both 
V and A are vector quantities, and the positive direction of A is directed away from 
the control volume. The term “cs” on the integral means the integration is earned over 
all control surfaces. In the simple case of a control volume with only two open control 
surfaces, that is, inlet and outlet A, and A a , the equation can be written as 

Pi V/ti A | = Po Vno A o - 


3.1.2 Conservation of Momentum (Momentum Equation) 

Newton’s second law, F = raa, can also be described as F = d(mV)/dt , where 
mV is defined as momentum or linear momentum, also a vector quantity. In the 
case of flowing fluid in a control volume, Newton’s second law can be written 
as ]TF y = f ( ,V dm = f cs V(pV dA), where JlFy is the summation of all external 
forces acting on the fluid inside the control volume. The pressure forces between fluid 
elements are internal forces and are balanced out and hence are not included. The 
subscript j and sign indicate that there can be several discrete forces acting on the 
fluid. 
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3.1.3 Conservation of Energy (First Law of Thermodynamics) 

From observation of physical processes, it is concluded that energy cannot be created 
or destroyed. It can only be converted from one mode to another. The modes of energy 
concerned in the study of turbomachinery are (a) mechanical energy (or work) related 
to force and displacement, that is, w = F-As for linear motion or w = r-A 0 for 
rotational motion, where r is torque and AO is angular displacement; (b) thermal 
energy associated with heat and pressure, that is, h — u + pip , where h and u are the 
enthalpy and internal energy of fluid medium; (c) kinetic energy related to motion of 
fluid, that is, pV 2 /2; and (d) potential energy due to gravitation, that is, gZ, where g 
is gravitational acceleration and Z is the elevation with respect to a reference level. 

Applying the equation to the fluid inside a control volume, we have 

q-Ps=f (h + \v 2 + g Z)pV-dA, 

J cs 

where positive q is the rate of heat transfer into the fluid inside the control volume 
and positive P s is the rate of work or power done by the fluid to the rotor and solid 
surfaces through shear friction. In the study of turbomachinery, q and shear friction 
are always neglected, since they are small compared with the other terms in equation. 

3.1.4 Second Law of Thermodynamics 

It is also concluded from observation of physical processes that the efficiency of any 
heat engine (to be defined later) is always less than 100%. And entropy always increases 
in a process without heat transfer across the control surfaces, that is, an adiabatic 
process. This is so due to the irreversible mechanism, such as friction, in any process. 
Applying this law to the fluid flowing through a control volume, we have s a > s,, that 
is, fluid entropy at the outlet is always greater than that at the inlet. 

The physical laws discussed above are applied to fluid in a finite-size control 
volume. They are also applicable when the control volume is reduced to an infinitesimal 
size. A set of governing equations in differential forms will then be obtained. These 
differential equations can be solved analytically or numerically for various types of 
flow processes. They are the domain of fluid mechanics studies. For our purposes, only 
a few flow processes relevant to turbomachinery will be discussed. 

Due to the random motion of fluid particles, in either the microscopic or macro¬ 
scopic scale, real fluid flow will suffer viscous shear forces between flow layers of 
different velocities and between fluid and adjacent solid surface. The magnitude of the 
shear force is proportional to the velocity gradient, that is, r = p. dU/dy. The propor¬ 
tional constant p depends on flow type, whether laminar or turbulent, and in general 
is governed by the Reynolds number. For laminar flow, p varies with the type of fluid 
and its temperature. For turbulent flow, it varies significantly with the flow process and 
is more difficult to determine. In the vicinity of solid surfaces, to simplify the analysis, 
the flow field can be divided into the potential flow and boundary layer. Next to the 
solid surface, flow velocity increases rapidly from zero (in the no-slip condition) to the 
potential flow velocity within a thin layer. Most of the viscous effect is accounted for 
in this thin boundary layer. However, the boundary layer can separate from the solid 
surface under a certain adverse condition, as shown in Figure 3.3, 1 and a change in 
potential flow pattern may result. 
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Figure 3.3 Boundary layer and its separation on solid surfaces, [(b) Reprinted by permis¬ 
sion from: (2005) ASHRAE Handbook, Fundamentals , Inch-Pound ed., © American Society of 
Heating, Refrigerating and Air-Conditioning Engineers, Inc., Atlanta, GA, www.asharae.org.] 


Flow through a Channel The pressure loss due to viscous shear force in the flow 
through a channel can be evaluated with the expression A pf = (JL/D)pV 2 /2 , where 
V is average flow velocity, p is fluid density, L is the length of channel, and D is 
the characteristic dimension normal to flow passage. For a circular pipe, the diameter 
can be used, but for an arbitrary cross section, hydraulic diameter £>/, = 4 A/P is used, 
where A and P are the area and perimeter of the cross section. If the cross-sectional 
area or geometry varies, an averaged value can be adopted. 

Other than viscous shear force, the boundary layer separation from the internal wall 
surface is also a problem of main concern, especially for flow in a divergent channel, 
such as a diffuser, as shown in Figure 3.3. The adverse condition causing boundary 
layer separation is related to the rate of pressure increase in the flow direction. Hence, 
in designing a diffuser, a certain maximum divergent angle is imposed. 

Flow through a Bend Due to the centrifugal force and the interaction with boundary 
layers, flow through a bend will have a more complicated flow pattern (Figure 3.4). 
Some secondary flows normal to the main flow direction will result. This will cause an 
extra pressure loss, which can be expressed as A p s — KpV 2 / 2, where AT is a minor 
loss coefficient that generally depends on the radius ratio RID , aspect ratio WID for 
rectangular duct, angle of bend, and shape of bend. A vane installed inside the bend can 
reduce the loss, since it tends to minimize the secondary flow. Numerical values have 
been determined empirically and can be found in fluid mechanics texts or a hydraulics 
handbook. 

Flow over Isolated Objects For flow over an isolated object, the viscous shear force 
between the fluid and object surfaces will result in a drag force on the object in the main 
flow direction. Due to the unbalanced fluid pressure distribution, additional forces on the 



Figure 3.4 Flow through a bend. 
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object can result in any direction, depending on the object geometry and its orientation 
with respect to the main flow direction. If the object is moving with respect to the 
originally undisturbed stationary fluid, the main direction is the direction of object 
motion. The resultant force on the object can be decomposed into two directions. The 
one parallel to the main direction is called drag, the other one perpendicular to the 
main direction is called lift. For most applications, lift is a useful force, while drag is 
a loss to be overcome with input power. 

The boundary layer concept and boundary layer separation problems are also 
encountered in the external flow, as shown in Figure 3.5. More detailed discussion 
of flow over an airfoil is given in Appendix B. 

Secondary Flow In the flow channel or flow field between airfoils cascade as shown 
In Figure 3.6, sometimes flow in a direction normal to the main stream direction or 
a local recirculation (eddy) occurs, especially when machine flow capacity is below 
the design condition. This is due to the curvature of flow passage, similar to the flow 
through a bend, and the rotational motion of the rotor. It incurs additional energy 
loss, which is accounted for in evaluating the hydraulic or adiabatic efficiency of a 
turbomachine 

Flow around a Rotating Disk Fluid in the clearance between a rotor and stationary 
casing wall has a tangential velocity distribution profile as shown in Figure 3.7. It 
increases from zero at the casing wall to U — rco at the rotor wall because of the 
no-slip condition at both sides. Hence a drag force is imposed on the rotor and a disk 


Lift A 




Figure 3.6 Secondary flows. 
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A pm 


E 


Figure 3.7 Flow around a rotating disk (different flow patterns in the nar¬ 
row space on left side and the wide space on right side). 


friction loss results, expressed as Pdf ~ co 3 D 5 . This loss is accounted for as part of 
mechanical loss in evaluating the mechanical efficiency of a turbomachine. 

Also a pressure distribution of the form p = p 2 — pU 2 v — pi — pr 2 co 2 v is expected, 
where <w av is the average fluid rotating speed and p 2 is the pressure at the rotor tip. 
Due to the different pressure distributions in the front and back shrouds of a rotor, 
an unbalanced axial thrust force results. Hence thrust bearings or some special design 
features such as the balancing holes through the rotor will be required. 

Leakage Flow Due to the pressure difference between the inlet and outlet of an 
impeller, some fluid will leak through the clearance between impeller and casing. 
Leakage can take place in one or several of the following places according the type 
of machine: (1) between the casing and impeller in the impeller eye, (2) through the 
stuffing box in the back of the impeller, (3) through axial thrust balancing holes, and 
(4) between the adjacent stages in multistage machines. Since the leakage flow passage 
area is very small, the Reynolds number is low, and the leakage flow is normally 
laminar or Stokes flow, except in the very high rotating speed machine. 

In turbomachine designs, some types of seals are installed to minimize these leak¬ 
ages if possible. But there is no 100% seal, because they are dynamic seals. That 
means there is relative motion between the mating seal elements. Leakage losses are 
accounted for by the estimated volumetric efficiency of the machine. 


3.2 ENERGY IN FLOWING FLUIDS 

As discussed in the last section, energy associated with the rotating shaft is the mechan¬ 
ical power expressed as P s = cor, where co is the angular velocity of the shaft in radians 
per second and r is the torque exerted on or by the shaft in Newton-meters (ft-lbf), 
with P s in Newton-meters per second (lbf-ft/s). The energy associated with flowing 
fluids in general consists of internal energy u, flow work pip , kinetic energy V 2 /2, and 
gravitational potential energy gZ per unit mass of fluid. Hence the total energy of the 
flowing fluid per unit mass is derived as 

p V 2 V 2 

e = u + - + —■- + gZ = h + -- + gZ, 

p 2 2 
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Figure 3.8 Energy in flowing fluid. 


where h — u + pip is static enthalpy. The unit for each component of energy is 
Newton-meters per kilogram (lbf-ft/slug). 

Within the flow passage shown in Figure 3.8, under a steady-state, uniform-flow 
condition, the energy equation (first law of thermodynamics) between positions 1 and 
2 can be expressed as 

m(h + |v 2 + gZ)i +q=m(h + \V 2 + gZ) 2 + P s , (3.1) 

where m is the mass flow rate, positive q is the heat transfer rate into the fluid across 
the boundary, and positive P s is the power done on the rotating impeller by flowing 
fluid. Under the simplified situation with neither heat transfer nor a rotating impeller, 
the familiar energy conservation equation results in the form h y + V 2 /2 + gZ x — h 2 
+ V 2 2 /2 + gZ 2 , or 

h + | V 2 + gZ — const. (3.2) 

In an isentropic process for incompressible fluids, where density p is constant, the 
change of enthalpy is equal to A pip. Hence the above energy equation can be written 
in the form pip + V 2 /2 + gZ = const, or 

gH + \ V 2 + gZ — const. (3.3) 

This is the Bernoulli equation mentioned in fluid mechanics, where H = p/(pg ) is the 
head normally used in hydraulics. 


3.3 EULER EQUATION 

In the energy equation discussed in previous sections, the shaft power P s is the energy 
transfer rate, or the power between the rotating impeller and the flowing fluid. Its rela¬ 
tionship with impeller geometry can be derived from the integral form of the momentum 
equation of fluid mechanics. To do this, several “velocities” at the impeller inlet and 
outlet regions have to be defined. Consider the flow around the rotating impeller shown 
in Figure 3.9, where three types of impellers with their respective flow passage areas at 
the inlet and outlet are given. The flow velocity in general is three dimensional. Using 
a cylindrical coordinate system, flow velocity can be decomposed into axial, radial, 
and tangential components, represented by V^, V r , and V u , respectively. 

Consider a point fixed on the impeller blade defined with a position vector R which 
can be decomposed into radial and axial components, such as R = ru r + zk. (Bold 
characters are used for vector quantities in this book.) The tangential velocity at this 
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Flow direction for pumping devices 


_ _ Flow direction for turbines 


■ 4-1 - A 2 

= 7z(r, 2 -r h 2 ) 

(a) Axial-flow 
impeller 


A, = n (r n + r M )b, 

A2 — 2 7T /g b-^ 

( b ) Francis-type 
impeller 


A, = 2n r-,bi 

A2 “ 27 r ^2^2 

(c) Radial-flow 
impeller 



Figure 3.9 Geometries and flow velocities around impellers. 


point U due to the impeller rotation is U = rcu. With respect to the impeller, the relative 
flow velocity can be defined with the vector equation W = V — U. Or in a graphical 
form, the so-called velocity diagram (or velocity triangle) in a top or front view is shown 
in Figure 3.10. It can be drawn starting with either U or W as shown. The components 
of V and W in the direction of U are the tangential-flow velocities V u and W u , while 
those normal to U are axial, radial, or combined axial and radial (called meridional, 
with subscript m ), depending whether it is an axial-flow, radial-flow, or mixed-flow 
impeller. The volumetric flow rate through the impeller can then be expressed as 
Q = V m A, where A is the flow passage area normal to the meridional direction. 

Applying the steady-state integral form of the momentum equation as discussed in 
Section 3.1 to the control volume occupied by the impeller flow passage, we have the 
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Figure 3.10 Velocity diagram (top view for axial-flow, front view for radial-flow impeller). 


force exerted on the fluid passing through the impeller: 

F = f V dm = f VpV■ dA. (3.4) 

J cs J cs 

The integration carried over the control surface (cs) enclosing the impeller is the net 
momentum change of fluid. The corresponding moment of momentum equation can be 
written as 

t = f R x \pV-dA = f R x V dm — f R x V dm, 

Jcs J A 2 J A 1 

where A\ and A 2 are the control surfaces at the impeller inlet and outlet, respectively, 
and m is the mass flow rate through the impeller. The cross-product R x V can be 
expanded into three components in terms of the unit vectors u r , u r , and k as 

R x V = (ru r + zk) x {V r u r + V u u, + V 0 k) 

= —zF„u r + (zV r — rV a )u, + rV„k, 

where u r x u f = k, u ; x k = u r , k x u r = u ; , u r x u r = 0, and so on. The torque is 
a vector quantity, but the shaft power is a scalar quantity, expressed as the dot product 
of co and r. Since co is always in the k direction, only the z component of the torque, 
r z , will contribute to the power. The other two components of the vector equation 
can be ignored in deriving the energy transfer equation. Considering the average flow 
velocities at the impeller inlet and outlet, the above angular momentum equation in the 
z component can be written in the form z z = m(r 2 V U 2 — r\V u \), where the subscripts 
1 and 2 designate the quantities evaluated at the impeller inlet and outlet, respectively. 

Multiplying both sides of the equation with the impeller angular velocity, co we 
obtain cor z — 7w(t/ 2 V„2 — U\V u i), or — P s = m(U 2 V u2 — U\V U \), where positive P s 
was defined as the power done on the impeller by the flowing fluid in the last section. 
Expressed in terms of the energy transfer per unit mass of fluid, we have 

&E p = -i = U 2 V U 2 - lh V ul (3.5) 

m 

for pumps, fans, or compressors and 

AE,= P ^ = U,V lt y - lJ 2 Vu2 (3.6) 

m 

for turbines. They are called ideal Euler equations. It is important to recognize that 
V u i and V u2 in these equations are the actual average absolute flow velocities at the 
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impeller inlet and outlet. How they are determined and related to the impeller geometry 
will be discussed in detail in later sections. 

The energy transfer per unit mass of fluid, A E p or A E t , can be related to the 
total enthalpy change per unit mass of fluid, as illustrated in Equation (3.1), neglecting 
the heat transfer and elevation difference of the inlet and outlet of the machine. For 
incompressible fluid, they are the ideal total head change per unit mass of fluid. Hence, 
the Euler equation can be written in the forms 

g A Hi = U 2 V u2 - U x V ul for pumps, 

A hi = U 2 V u2 - U\ V u] for compressors, 

g AH t = U ] V ul - U 2 V U2 for hydraulic turbines, 

A hi = Ui V ul - U 2 V U 2 for gas/steam turbines. 


Example 3. IE 

The radial-flow impeller shown is rotating at 800 rpm and pumping water at 1750 gpm. 
Determine the radial-flow velocity and impeller tangential velocity at the inlet and 
outlet. 


SOLUTION 


Nn 800 7i 
~30 ~ 30 

83 - 7 ..2il = 2( 
12 


83.7 rad/s. 


20.9 ft/s, U 2 = 62.7 ft/s, 


A i = 2Ttr\b\ — 


6jt x 4 


0.523ft 2 , A 2 = 1.18ft 2 , 


V j = — = l 750 x 0-0Q 223 _ _ 7 47 ft/ Y _ 3.27 ft/s. 
rl A\ 0.523 


3 in. 



Example 3.7 S 

The radial-flow impeller shown is rotating at 800 rpm and pumping water at 397 m 3 /h. 
Determine the radial-flow velocity and impeller tangential velocity at the inlet and 
outlet. 


SOLUTION 


N 7t 800 Ti 

uo — - -- - = 83.7 rad/s, 

30 30 

83.7 x 7.6 „ . „ , 

U — - = 6.36 m/s. U 2 = 19.2 m/s, 

1 100 

A\ = 2jTr\b\ = 2n x 7.6 x 10.2 = 487 cm 2 , A 2 = 1093.5 cm 2 , 

C = 397/3600 2 _ = 1.01 m/s. 

rl Ai 487/10 4 A 2 


7.6 _ 








Bfesi 
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Example 3.2E 

In Examples 3.IE and 3.IS the inlet flow is swirl free and the relative flow direction 
decreases by 10° with respect to the tangential direction from the inlet to the outlet 
through the impeller passage. Determine all flow velocities at both the inlet and outlet 
and plot the velocity diagrams. 


SOLUTION 


So /3fi = 19.6° and 


t V rl 

tan \ — -jj- 


7.47 

209 


0.357. 


Vi = Vn, Wi = (Uf + V 2 ) as = (20.9 2 + 7.47 2 ) 05 

ftf2 ~ 19.6 — 10 = 9.6°, W u2 = - Vr -~ = 3 ' 27 : 

tan f 2 tan 9.6° 

V u2 = U 2 - W u2 = 62.7 - 19.3 = 43.4 ft/s, 


W 2 = (W *j + V 2 ) 0 - 5 = (19.3 2 + 3.27 2 ) 05 = 19.57 ft/s, 
V 2 = (V 2 2 + U 2 ) 0 - 5 = (43.4 2 + 3.27 2 ) 0 ' 5 = 43.52 ft/s. 


: 22.19 ft/s, 
19.3 ft/s, 



Example 3.2S 

Again the inlet flow is swirl free and the relative flow direction decreases by 10° with 
respect to the tangential direction from the inlet to the outlet through the impeller 
passage. Determine all flow velocities at both the inlet and outlet and plot the velocity 
diagrams. 


SOLUTION 

„ V r i 2.26 

= CT = 636 = °' 356 - 

So Pfi = 19.6° and 


Vi = V rl , W t = (Uf + V 2 ) 0 - 5 = (6.36 2 + 2.26 2 ) c 


y3 /2 = 19.6 - 10 = 9.6°, W u2 = —— 2 . = ---■ 

tany6 /2 tan 9.6° 

V u2 = u 2 ~ W „2 = 19.2 - 5.97 = 13.23 m/s. 


w 2 = (Wt 2 + U 2 ) 0 - 5 = (5.97 2 + l.Ol 2 ) 05 - 6.05m/s, 
V 2 = (V u 2 2 + V r 2 ) 0 ' 5 = (13.23 2 + l.Ol 2 ) 05 = 13.27 m/s. 


6.75 m/s, 


= 5.97 m/s. 
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V, 

centerline 



fin 



Pf2 


3.4 EQUATIONS FOR AXIAL-FLOW MACHINES 

For axial-flow machines (either pumping devices or turbines), flow through the rotor 
will be predominantly in the axial and tangential directions. In other words, there is 
no change in the radial distance from the inlet to the outlet as shown in Figure 3.11. 
In one-dimensional flow analysis, average flow conditions at the mean radius will be 
treated. Hence the following conditions prevail: 

U 2 = U\ = U m = r m u>, A } = A 2 = n(r} - r%), 

where r m — [(r 2 + r, 2 )/2] 1/2 is the mean radius and r,, r /, are tip and hub radii, respec¬ 
tively. In some of the literature, the mean radius is defined as r m = (r, + r/,)/2. Ideally, 
the relative flow velocity is tangent to the blade mean line at both the inlet and outlet, 
that is, f3f — fib, as shown in Figure 3.12. Under ideal (design) operating conditions, 
the velocity diagrams at the inlet and outlet for a pump, fan or compressor are as 



Figure 3.11 Axial-flow impeller (meridional view). 



Pump, fan, or compressor blades 


Turbines blades 


Figure 3.12 Blade profiles for axial-flow machines (top view). 
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illustrated in Figure 3.13 a, and those for turbines as in Figure 3.136 to have maxi¬ 
mum energy transfer without whirl at the inlet or outlet. Hence the corresponding Euler 
equations are A E p — U m V u2 and A E, = U m V u \ respectively. In reality, there are some 
deviations between the relative flow direction and the blade profile at both the inlet 
and outlet. This will be discussed in later chapters. The absolute flow direction can be 
controlled with inlet guide vanes if necessary. In a pump, fan, or compressor, the flow 
passage diverges from the inlet to the outlet, similar to a diffuser, and hence relative 
flow decelerates and pressure increases. For turbines, the flow passage converges, sim¬ 
ilar to a nozzle, and hence relative flow accelerates and pressure decreases in the 
direction of flow. 


Example 3.3E 

An axial-flow fan with tip and hub radii of 24 and 10 in., respectively, is rotating at 
1250 rpm. If it delivers an ideal total head of 2 in. wg at a flow rate of 53,000 cfm, 
estimate its leading and trailing edge blade angles at the mean radius. 


SOLUTION Mean radius 


Mean radius r m = [|(24 2 + 10 2 )]° 5 = 18.4in. = 1.53ft, 


1250 X 7T 


x 1.53 = 200.5 ft/s, 


7t(24 2 - 10 2 ) 


- 10.4 ft 2 . 


V., = V* - f - 2522L 

A 10.4 x 60 


84.9 ft/s, 


Pbi = Pfi = tan 


■ (fe) - 


with respect to the axial direction. From the ideal Euler equation gH a = ( p w /p a )gH w 
= U m V u j = U m (U m — V a2 tan (if 2 ), where H a is the total head of air and H w is the 
total head of water, or (62.4/0.0762) x 32.2 x 2/12 = 200.5(200.5 - 84.9 tan /? /2 ), So 
4395 = 200.5(200.5 — 84.9 tan/ 6 / 2 ). Hence we have /3b 2 = fifi — 64.5° with respect 
to the axial direction. The velocity diagrams are shown below: 



Example 3.3S 

An axial-flow fan with tip and hub radii of 0.6 and 0.25 m, respectively, is rotating at 
1250 rpm. If it delivers an ideal total head of 5 cm H 2 0 at a flow rate of 1500 cmm, 
estimate its leading and trailing edge blade angles at the mean radius. 
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(a) Pump, fan, or compressor (b) Turbine 

(All /S angles are measured with respect to the axial direction for axial-flow machines) 

Figure 3.13 Velocity diagrams for axial-flow machines (top view). 


SOLUTION Mean radius 

r m = [±(0.6 2 + 0.25 2 )] 05 = 0.46 m, 

U m - ( l25( * X n ) x 0.46 - 60.2 m/s, A = n(0.6 2 - 0.25 2 ) = 0.934m 2 . 


Q 1500 

V ai = V a2 = — = - = 26.7 m/s, 

A 0.934 x 60 


Pb\ = ftf t = tan 


■'(^)= 66 ” 


with respect to the axial direction. From the ideal Euler equation gH a = (p w /p a )gH w 
— U m V U 2 = U m (U,„ — V a 2 tan fifi), where H a is the total head of air and H w is the total 
head of water, or (998/1.22) x 9.8 x 5/100 = 60.2(60.2 — 26.7 tan So 400.8 = 
60.2(60.2 — 26.7 tan fifi). Hence we have fib 2 = Pfi — 63.5° with respect to the axial 
direction. The velocity diagrams are shown below: 



F, = V oI V, 

Leading edge Trailing edge 


3.5 EQUATIONS FOR MIXED- AND RADIAL-FLOW MACHINES 

For mixed- and radial-flow machines, the inlet and outlet radii are different. For a 
pump, fan, or compressor, the outlet radius is larger than the inlet. For turbines, it 
is reversed to take advantage of the centrifugal force in converting energy. The flow 
passage areas are 


A i = 2nrib \, A 2 = 2nr2b2 for radial flow, 

Ai — n(r,i + r hl )b u A 2 — n(r t2 + r h2 )b 2 for mixed flow, 
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^ 2/1 


^ 2/1 




Figure 3.14 Mixed- and radial-flow impeller for 
pumping devices and turbines (meridional view, sub¬ 
script 1 is inlet, subscript 2 is outlet). 


where b\ and &2 are the blade heights at the inlet and outlet, shown in Figure 3.14. And 
for the mixed-flow impeller, the mean radii at both the inlet and outlet can be defined 
as r m = [(r, 2 + r^)/2] 1/2 . It is defined such that the flow passage area is equally divided 
into two parts. The expressions for A and r m for the mixed-flow impeller will become 
those for the axial- and radial-flow cases with b = r, — r/, and r, = /•/, respectively. 

The velocity diagrams are shown in Figures 3.15a and b. They are opposite to 
each other when applied to the same machine rotating in the opposite direction for a 
pumping device or turbine. Here we have U 2 > U\ for a pump, fan, or compressor 
and U 2 < (/[ for turbines. The corresponding Euler equations are the same as those 
for axial-flow machines. The relative flow directions are close to the blade profiles, as 
shown in Figure 3.16, where the dashed-line vectors are for turbines. 

It is noted that in axial-flow machines the flow angles and blade angles are referred 
with respect to the axial direction, while in mixed- and radial-flow machines they 
are referred with respect to the tangential direction. The minor angles, less than 90°, 
are always specified. To draw these velocity diagrams, some basic guidelines can be 
followed for convenience: 

(a) Start with the impeller tangential velocity U. 

(b) Add the relative flow velocity W in the direction parallel to the blade mean 
line tangent, with the adjustment for incidence at the leading edge or flow 
deviation at the trailing edge for actual flows. 



(a) Pump, fan, or compressor 

Figure 3.15 Velocity diagrams for mixed- 
position). 


v = u + w 



( b ) Turbine 

radial-flow machines (front view at 3 O’clock 
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Front view of mean stream lines Meridional view 

Figure 3.16 Blade profiles for mixed- and radial-flow machines (dashed line vectors are for 
turbines). 


(c) If the volumetric flow rate and flow passage area are given or can be deter¬ 
mined, the radial, axial, or meridional component of flow velocity can be used 
to complete the velocity triangle, since Q — V r A or V a A or V m A. 

Example 3.4E 

A Francis-type inflow hydraulic turbine with the dimensions shown is rotating at 
120 rpm. Determine the ideal output shaft power and the flow rate at design condition. 



0.3 ft 



&i = 27° 


Assume swirl-free flow at discharge, that is, V u2 = 0 and yS/i = /3 m > Pfi — Pb 2 - 
So V m2 = U 2 tan 15° = 2.56 ft/s, and hence 


Q = V m2 A 2 = 2.56 x 2.20 = 5.63ft 3 /s = V rl A u 

V n = 1.66 ft/s, = . Vrl - . = 3.26 ft/s, 

tan p fl 



V„i = U i - W u \ = 19.3ft/s, 

A E, = U\V U i = 22.6 x 19.3 = 437.1 (ft/s) 2 . 



P s = m A E, 



x 5.63 x 437.1 (slug/ft 3 )(ft 3 /s)(ft/s) 2 


= 4769 ft-lbf/s = 8.67 hp. 
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Example 3.4S 

A Francis-type inflow hydraulic turbine with the dimensions shown is rotating at 
120rpm. Determine the ideal output shaft power and the flow rate at design condition. 


SOLUTION 


Nn I20n 

“= 3o" = ^r = 12 - 56rad/s - 

TJ 54.8x12.56 

U i = rio) — --- — 6.9m/s, 

U 2 = r m2 co = [i(30.5 2 + 12.2 2 )] 0 ' 5 x 12.56 = 2.92m/s, 

2tc x 54.8 x 9.1 , 

■ 4 ' = lnr ' b ' = -iftOOO - = 0.313 m 2 , 

. . »<30.5 + 12.2) X 15.2 _ 


IX 

_ IZ2 


15.2 54.8 


A 2 = 7t(r, 2 + r h2 )b 2 = 


10,000 


= 0.204 m 2 . Au- 27 °. Pbi- 15° 


Assume swirl-free flow at discharge, that is, V u2 = 0 and = 0 bl , fip_ = fi b2 . So 
X 2 = U 2 tan 15° = 0.782 m/s, and hence 


Q = V m2 A 2 = 0.782 x 0.204 = 0.159m 3 /s = V rl A,, 

Vn = 0.508 m/s, W ul = - ■ V ’ rl = 0.997 m/s, 

tan fifi 

V ui =Ui- W„i = 5.92 m/s, 

A E, = UiV ul = 6.9 x 5.92 = 40.85(m/s) 2 , 

P s = mAE, = 998 x 0.782 x 0.204 x 40.85(kg/s) (m/s ) 2 
= 6503 W = 6.503 kW. 



3.6 DEGREE OF REACTION 

The Euler equations (3.5) and (3.6) derived in Section 3.3 can be converted into another 
form to illustrate the physical meaning of energy transfer between the flowing fluid 
and the rotor. From the velocity diagram, we have 

V U = V 2 - F 2 , V, 2 = W 2 - (U - V u )\ 

and hence F „ 2 = V 2 - W 2 + (U 2 - 2UV„ + V 2 ), or UV U = ( U 2 + V 2 - W 2 )/2. 
The Euler equations can therefore be written in the forms 

A E p = i[(t/ 2 - Uf) + (V 2 - V 2 ) + (W 2 - IT 2 )], (3.7) 

A E, = {\(U 2 - U 2 ) + (V 2 - V 2 ) + (IT 2 - IT 2 )]. (3.8) 

Hence the energy transfer can be divided into three terms: (1) centrifuging associated 

with the change of rotation at different radii, ( 2 ) change of flow kinetic energy, and 
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(3) diffusion or expansion associated with the change of flow passage area. From the 
conservation of energy, summation of kinetic energy and static enthalpy is constant 
throughout the stator (diffuser or nozzle). They can only be converted from one to 
the other, while the other two terms are related to the static enthalpy change in the 
impeller. 

In axial-flow machines, there is no energy transfer due to centrifuging since 
U\ = U 2 . In radial- and mixed-flow machines, the flow has to be radially outward 
for a pumping device and radially inward for a turbine, so that the centrifuging effect 
will predominantly contribute to the needed energy transfer. In pumping devices, cen¬ 
trifuging and diffusion cause a static enthalpy and pressure rise in the direction of flow; 
hence these machines are likely to suffer from a boundary layer separation. There is no 
such problem in turbines, since the flow accelerates and the pressure drops in the direc¬ 
tion of flow in most cases. However, if we try to minimize this problem associated with 
centrifuging and diffusion by increasing the kinetic energy change term, the burden will 
be placed on the diffuser downstream of the impeller. That means more kinetic energy 
has to be converted into pressure rise in the diffuser. A parameter used to designate 
the relative magnitude of these energy transfer components is called degree of reaction 
or simply reaction. Reaction is defined as the ratio of static enthalpy change across 
the rotor (impeller) over the complete stage of rotor and stator (impeller—diffuser or 
nozzle-impeller), that is, 

n h .2 — h\ hj — h\ ^ Ap/p „ h\ — h2 _ h\ — h .2 ^ A pjp 

Rp ~ A h s ~ AE p = A E p ° r , ' ~ A h s ~ A E, ~ A E, ' 

Here the subscript 5 is used to designate the “stage” and A h s = A E p / r , since the 
velocities at the inlet and outlet of a stage are almost the same. 

Since the energy transfer takes place in the rotor, we have 

AE p — h Q 2 — h 0 \ = hj — h\ + ^(V^ — ^i 2 ), 

A E t = h a 1 — h 0 2 = hi — h-2 + ^(F 2 — K?), 


with negligible heat transfer across the machine. Hence from Equations (3.7) and (3.8), 
the reaction can also be expressed in the forms 


R n = 


R, = 


\{U\ - Uf) + (W 2 - ± W 2 ) 


A E r 


+ (£/ 2 - Uj) + (Wj - ^W?) 
AE, 


for pumping device, 


for turbine. 


(3.9) 

(3.10) 


If the fluid enters and leaves the rotor at different radii, that is, radial- or mixed-flow 
impeller, zero degree of reaction means the relative flow velocity also changes with an 
equal amount in the same direction. Then all the burden of pressure or static enthalpy 
change has to be on the stator. This kind of design is rarely employed. More detailed 
discussion of the reaction for compressor and gas turbine will be given in later chapters. 
Although the reaction is defined for both pumps and turbines, it is more commonly 
used to classify the types of turbines. The value may range from zero to unity. 

For axial-flow turbines, R t = 0 implies W\ — W 2 since U\ = Uj automatically. 
This type of turbine is called an impulse turbine. Its velocity diagram is shown in 
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\ 

W< 


(a) Velocity diagrams (b) Blades profile 

Figure 3.17 Axial-flow impulse turbine. 



F, = ^2 

W 2 = V z -U 2 Figure 3.18 Sprinkler (a radial type reaction turbine 
with reaction, R, - 1). 






Figure 3.19 Axial-flow reaction turbine, R, = 0.5. 


Figure 3.17a and the blade profile should be symmetric, as shown in Figure 3.17b. 
For the turbine with a reaction of R, — 1, the fluid of high pressure entering the rotor 
is converted into kinetic energy. It is discharged at the outlet with high relative flow 
velocity but results in V 2 — V], A sprinkler with velocity diagram shown in Figure 3.18 
is an example. A popular axial-flow reaction turbine, however, has a reaction R, = 0.5. 
Its velocity diagram and blade profile are shown in Figure 3.19. Detail of these turbines 
will be discussed in later chapters. 

Example 3.5E 

Determine the degree of reaction for the hydraulic turbine in Example 3.4E. 








we have 


y o! = y, cos 60° = 300 ft/s, 
y„i = Vi sin 60° = 519.6 ft/s. 
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From tan fifi = (V Ml — U)/V a \ = 0.0867, we have fibi = fip — 4.95°. Also fi b2 = 
fifi = ofi = 60°. From the velocity diagram we have V u2 — W ul — V u \ — U = 26ft/s. 
Hence 

— = U(V U ] + V u2 ) = 493.6 X (519.6 + 26) 
m 

= 2.69 x 10 5 (ft/s) 2 , 

where m =p V al A = (0.085/32.2) x 300 x 2.98 = 2.36 slugs/s. So we have P s = 2.36 
x 2.69 x 10 s /550 = 1154hp. 

Example 3.6S 

Air with density of 1.36 kg/m 3 enters a reaction axial-flow turbine at 183 m/s in the 
direction of 60° with respect to the axis. If the rotor has dimensions r, — 0.36 m, 
rh = 0.21 m and is rotating at 4800 rpm, determine the blade angles at the mean radii 
of both the inlet and outlet and estimate its output shaft power. 

SOLUTION The velocity diagram is similar to that in Figure 3.19. With 

r m = [j(0.36 2 + 0.21 2 )] 05 = 0.295 m, A = tt( 0.36 2 - 0.21 2 ) = 0.27 m 2 , 

U = = 4800tt x 0.295/30 = 148.3 m/s, 

we have 

V ai - Vicos60° = 91.5 m/s, V ui = Fisin60° = 158.5 m/s. 

From tan fi\ = (V„i — U)/V ai = 0.111, we have fi b \ — fifi — 6.35°. Also fibj — fifi 
— ci] = 60°. From the velocity diagram we have V u2 = W ui — V u \ — U = 10.2m/s. 
Hence 

Ps 

— = U(V U ] + v u2 ) = 148.3 x (158.5 + 10.2) 
m 

= 2.5 x 10 4 (m/s) 2 , 

where m = p V a ]A = 1.36 x 91.5 x 0.269 = 33.5 kg/s. So we have = 33.5 x 2.5 
x 10 4 = 83.7 x 10 4 W = 837 kW. 

Example 3.7E 

Air with density of 0.095 lb m /ft 3 flows through the axial-flow impulse turbine stage as 
shown. If the impeller is rotating at 4500 rpm, draw the velocity diagrams at the mean 
radii of both the inlet and outlet of the rotor under design condition. Also estimate the 
flow rate and shaft power output from this stage (assuming the ideal case). 

SOLUTION The velocity diagram under design condition is shown below. 

The annular flow area can be calculated as 

A = n{rj - rl ) = n(5.2 2 - 3.5 2 ) = 46.46 in. 2 = 0.322 ft 2 
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Stator 


Rotor 


and the mean radius is 

r m — [\(rl + r 2 )] 0,5 = [±(3.5 2 + 5.2 2 )] 05 = 4.43 in = 0.369 ft. 

Hence the peripheral velocity of the blade at the mean radius is U m = tc Nr m 130 — jt 
x 4500 x 0.369/30 = 174 ft/s. From the inlet velocity triangle, we have 

Vi = Um 
sin(j6i + 7r/2) sin(ai — f3\) 

Hence 


sin 120° 

Vi = 174 x - = 356.5 ft/s, 

sin 25° 

V a — V\ cosai = 356.5 cos 55° = 204.5 ft/s. 


So we have the flow rate m = pV a A — 0.095 x 204.5 x 0.322 = 6.25 lb m /s. Also 
from A E = U m V u j, we have the output shaft power P s — m A E — {6.25/32.2) x 
174 x 356.5 sin 55° = 9862.7 ft-lb f /s = 17.9 hp. 


Example 3.8 

Draw the velocity diagrams for the air flow around a propeller-type horizontal-axis 
wind turbine as shown, at both upstream and downstream, in both the frontal and 
meridional views. 
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SOLUTION The airfoil sections are viewed from the top of the rotor, and the relative 
flow angles are close to the corresponding blade as shown. 
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PROBLEMS 

The ideal case of inviscid flow and zero blade thickness is assumed in the following problems. 

3.1 A centrifugal pump impeller rotating at 1800rpm has the dimensions shown. Assuming 
a radial inlet flow, draw the velocity diagrams at the inlet and outlet; also determine the rated 
flow capacity and the ideal head at design condition. 
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3.2 The axial-flow compressor shown is rotating at 2400 rpm and receives air in a pure axial 
direction. If the air density change across the single stage is negligible, draw the velocity dia¬ 
grams at both the inlet and outlet. Also determine the ideal power input required if the axial-flow 
area is 0.15 m 2 and the air density is 1.20 kg/m 3 . 


\l -to 



3.3 The impeller of a centrifugal oil pump with inlet and outlet radii of 5 and 15 cm, respec¬ 
tively, is rotating at 4800 tpm. Oil with specific gravity of 0.81 enters the pump at a rate of 45 
lps (liters per second). The blade angle at the impeller outlet is pure radial and the constant blade 
height is 4 cm. Draw the velocity diagrams at both the inlet and outlet at the design condition. 
Determine the ideal head rise and input power required. 



3.4 An axial-flow gas turbine of 8 in. mean radius with the blade profile shown is rotating 
at 2400 rpm. Draw the velocity diagrams at both the inlet and outlet at design condition. If the 
mass flow rate of air is 7.2 lb,„/s, what is the ideal shaft power output in horsepower? 



3.5 Air leaves the nozzle of an axial-flow turbine stage at 30° with respect to the tangential 
direction, as shown, at an axial flow velocity of 600 fps. If the rotor blade speed at the mean 
radius is also 600 fps, find the rotor blades angles Pbi and Pb 2 if the reaction of the stage is to 
be 50%. Draw the velocity diagrams at both the inlet and outlet of the rotor. 



3.6 An inward-flow turbine has a 60% reaction. The blade speed at the inlet is 40 fps and the 
meridional velocity of the flow is constant at 8 fps. The rotor diameter at the inlet is twice that at 
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the outlet. Find the blade angle at both the inlet and outlet assuming there is no whirl at the outlet. 




3.7 The axial-flow hydraulic turbine impeller shown is rotating at 1800rpm. Draw the veloc¬ 
ity diagrams of both the inlet and outlet at the mean radius and determine the design flow rate 
and ideal output horse power. 



M /?,= 6 in. 

in - 


Art = 15 vji-i 


N 

1 Vhz 



3.8 If the turbine impeller in problem 3.6 rotates in the reverse direction with the same speed 
as a pump, what is the ideal head rise when the meridional flow velocity is 5 ft/s? 

3.9 Draw the velocity diagrams at the impeller inlet and outlet for an axial-flow impulse 
turbine with fixed blade angles at three different rotating speeds with a fixed flow rate. 

3.10 The axial-flow fan with hub/tip radii as shown is rotating at 690 rpm and delivers 8100 cfm 
with a discharged static pressure of 0.25 in. wg. If the exit area is 8.5 ft 2 and the hydraulic effi¬ 
ciency based on total pressure is 87%, determine the blade angles at mean radii of leading and 
trailing edges. Neglect the incidence at the leading edge and the flow deviation at the trailing 
edge. 



3.11 The Francis-type pump impeller with inlet/outlet dimensions shown is rotating at 1750 rpm. 
Determine the flow rate and ideal discharge head under design condition. 



h cm 


17 cm fibmi - 25 °> Pb 2 = 18° 


3.12 Air at 101.3 kPa and 15° C enters and leaves an axial-flow compressor stage with a velocity 
of 150 m/s without swirl. The stage has a tip radius of 56 cm and a hub radius of 35 cm and 
rotates at 8000 rpm. The air is turned through 12° as it passes through the rotor with negligible 
incidence and deviation from the blades, (a) Determine the blade angles at leading and trailing 
edges of both the rotor and stator at the mean radii, (b) Calculate the mass flow rate and the 
power required for each stage. 
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Centrifugal Pumps 


4.1 BASIC CONSTRUCTION AND CLASSIFICATION 

The centrifugal pump is a common machine in modem civilization. Its application can 
be found in every industry, household, and daily life wherever there is liquid to be 
transported or processed. Sometimes the liquid can be very hot or even hazardous. 

The construction of a basic centrifugal pump is shown in Figure 4.1. 1 The rotating 
components, consisting of an impeller, shaft, and bearings, are enclosed in a housing 
with the associated seals in the back and a wear ring in the front. This is the so-called 
end-suction, overhung, single-stage pump with a radial-type impeller. 

Pumps can be classified according to (a) impeller type, (b) casing type, (c) single 
or double suction, (d) single or multistage, (e) orientation of axis, either horizontal 
or vertical, and (f) direction of casing split, either axially or radially. The types of 
impellers are shown in Figure 1.1 and in Figure 4.2 2 again with the corresponding 
specific speeds. The ratio of discharge diameter to the inlet eye is smaller for the 
Francis type compared to the radial impeller type. Flow discharge from the impeller is 
collected with a volute, then exits through a diffuser, as shown in Figure 4.1. 

Types of casings are shown in Figure 4.3. The double volute is designed to reduce 
the radial thrust force due to the unbalanced pressure distribution around the impeller. 
The concentric casing is designed to provide generous space for the solid particles 
to pass through when pumping solid-liquid mixtures. The detailed classifications are 
given in the Hydraulic Institute Standards. 3 The schematic front view, meridional plane 
view, isometric view, and associated terminology for a Francis impeller are shown in 
Figure 4.4. 
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Figure 4.1 Construction of a basic centrifugal pump (single suction, overhung, horizontal axis 
with radial impeller). (Reprinted by permission from Karassik, I.J. & et al. (Eds.) Pump Hand¬ 
book, McGraw-Hill, Inc., New York, 1976.) 



Radial Francis Mixed flow Propeller 

Figure 4.2 Impeller types and efficiencies as a function of specific speed. (Reprinted by per¬ 
mission from Stepanoff, A. J. Centrifugal and Axial Flow Pumps, 2nd ed., John Wiley & Sons, 
New York, 1957.) 


4.2 BASIC WORKING PRINCIPLES 

The centrifugal pump is a machine used to convert the mechanical energy from a 
prime mover into the hydraulic energy of a flowing fluid. The ideal energy transfer 
rate without considering any loss was discussed in Chapter 3. From Equation (3-5), 
the energy transfer per unit mass of fluid. A E n = t/ 7 V„? — U,V, n , is related to the 
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(a) Single volute with vane diffuser 





(c) Concentric casing ( d ) Bowl (for vertical pump) 

Figure 4.3 Types of casing for centrifugal pumps. 


head rise, designated as gH- = P s /m — A E p . The swirl velocity at inlet V u \ can be 
neglected at the design flow rate or around the best efficiency point (b.e.p.). Hence the 
ideal head rise can be written in the form 


r , U 2 V u2 

i _ 




g - V 

A 2 tan p f2 ) 


(4.1) 


where A 2 is the impeller exit flow area and /3f 2 is the relative flow angle, which is equal 
to the blade angle / 3 b2 at the impeller exit in the ideal case, as shown in Figure 4.5. 
Hence for a given impeller rotating at a fixed speed, that is, constant U 2 , the ideal head 
rise decreases with an increase of flow rate if the blade angle is backward (or Pb 2 < 
90°), because tan f3 b 2 in Equation (4.1) is a positive value. Otherwise the head rise 
will increase or be constant when the flow rate increases, as shown in Figure 4.6a. In 
practice, most pump impellers are designed with exit blade angle less than 90° to have 
a stable operation in the hydraulic system. 

In reality, flow through a pump will never be ideal. It is generally turbulent and 
three dimensional or even unsteady. Hence the actual relative flow direction at the 
impeller exit is different from the blade angle. In other words, f}f 2 is always less than 
fibi, as shown by the dashed lines in Figure 4.5. And some pressure (or head) losses 
due to friction or secondary flow in the flow passage from the pump inlet to discharge 
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Figure 4.4 Isometric, meridional and front view of a Francis type impeller. 

should be expected. Hence the actual head rise can be written as 

H a = r, h Hi = r] hl x s ( —) ( U 2 - — ) , (4.2) 

V 8 / V ^2 tan fi b2 ) 

where \x s , the slip factor, is defined as the ratio of actual tangential flow velocity and 
the ideal one at the impeller exit, while 77 * is the hydraulic efficiency to account for 
friction and secondary flow losses of the through flow. Both of these parameters are 
empirical in nature and can only be determined from tests or correlation in general. 
They are not constant as the pump through flow rate changes, and hence the head—flow 
rate characteristic is a curve instead of a straight line, as shown in Figure 4.6£>. The 
slip coefficient \x s can be expressed as /x s = V u2 /V' 2 = 1 - AV S /V^ 2 , where AV*, 
called the slip velocity and related as AV t = V' 2 - V u2 = W u2 - W' u2 “ is proportional 
to the flow circulation at impeller discharge. Or "we have AV S ~ Nd, where N is the 
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Figure 4.5 Velocity triangle with flow slip at impeller discharge. 



(a) Ideal head versus flow rate (b) Actual performance curves 

Figure 4.6 Basic pump performance curves. 

impeller rotation speed and d is the effective flow passage dimension at the discharge 
shown. Hence we have 


A Vj 

Nd 

r^Nd 

U 2 d 

sin p b2 



nK2 

sZ b V' 2 

z b 


where s = 2Txr 2 IZ b is the arc length between two adjacent blades, sin /3 b 2 ~ d/s , Z b is 
the number of blades, and V' 2 is proportional to U 2 - 

A simple correlation for /x s cited in the literature (Ref. 1) is Stodola’s formula, 
fJL s = 1 — rrsin fibi/Zb- It is intuitively reasonable since a smaller value of ^ b2 and a 
higher number of blades, Z b , will make the flow channels longer and narrower. Hence 
it results in better guidance for the flow, less flow slip, and a value closer to unity for 
\jl s . Of course, that will cause an increase in flow friction loss. 

Also, a simple empirical formula for r/h is cited in Ref. 1, 77 * = 1 — 0.8/2° 25 , 
where Q is the design flow rate in gallons per minute (gpm). More rigorous procedures 
to determine the friction loss in the flow passage are available, but they are beyond the 
scope of this text, or flow analysis with CFD software is needed. 

The total shaft power required (also called brake horsepower) will include some 
extra power for pumping leakage flow (designated as Ql) from the impeller exit back 
to the inlet through the clearance and some power to overcome the friction in bearings 
and seals (designated as P m ) and disk friction due to impeller shrouds (designated 
as P d f). Theses losses are accounted for by the volumetric efficiency and mechanical 
efficiency, defined as 

_ Q _ Fj mp _ P.s Pin Pdf 

Vv ~ q + Ql r]m ~~pT ~ ~Ps ’ 
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where P; mp is the power delivered by the impeller to the fluid and is expressed as 
^imp = p(Q + {2z.)gH,. The overall efficiency of a centrifugal pump (not including the 
prime mover’s efficiency), defined as r} 0 / & = P b /P s = pQgH a /P s , can be expressed in 
the form 


ho/a — 


PQgHq 

Ps 


Q+Ql Hi_ 
Q + Ql x Hi 


Ha x Q p(Q + Q L )gHj 
Hi Q + Q l P s 


Vh^IvVm- 


Or the total shaft power can be related to the power components as P s = P b + Pf + 
Pl + P m + Pdf, where P h = pQgH a is the useful output power, Pf = pQg(Hi — H a ) 
is the loss due to flow friction, and P L = pQl gH t is the loss due to leakage. 

The pressure drop due to flow friction can also be written as AHj = kQ 2 , similar 
to that in the stationary channel flow, in the vicinity of the design point. Hence the 
actual head H a and its derivative with respect to Q can be written as 



2 ) 
A 2 tan ) 


dH a U 2 

T7T = - 2k Q> 

dQ gA 2 tan fi b2 


kQ 2 


(4.3) 

(4.4) 


where ft s is assumed to be constant. Using these expressions, it will be possible to 
determine the parameters fi s and k from the test performance curves of a given pump 
at the design flow rate. And the hydraulic efficiency rj b can be calculated from rjh = 
HJiHa + kQ 2 ). The detailed procedure is given in Refs. 4 and 5. This procedure can 
be used to check the formula for /x s and r\h just mentioned if test data are available. 

The similarity laws discussed in Section 2.4 are also extensively used in predicting 
the pump performance from one speed to another or between two similar pumps. They 
are listed here for convenience, that is, 

Q ~ ND 3 , H a ~ N 2 D 2 , P s ~ N 3 D 5 . 


Example 4.1 

The centrifugal pump with a radial impeller shown is tested 
at 1750 rpm. If the result is given as H a = 60 m at the 
design flow rate Q = 4.5 L/s, P s = 3.2 kW and 3 HJdQ = 
—2.5m/(L/s). Volumetric efficiency due to leakage is esti¬ 
mated to be 0.95. Determine the slip factor p. s , hydraulic 
efficiency r\ h , and mechanical efficiency r\ m . 


SOLUTION With 

rr ( Nn \ /1750 7Z\ 

Ul = ("ST ) r2 = 3tPJ x 015 = 27 -5m/s, 

A 2 - 2rcr 2 b 2 ~ 2rr x 0.15 x 0.012 = 0.0113 m 2 , 
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Equations (4.3) and (4.4) can be written as 



4-5 \ _ ( 4.5 \ 2 

" 1000 X 0.0113tan60°y \1000/ 

27.5 \ / w 4.5 \ 

9.8 x 0.0113 tan 60°/ + V X 100oj 


k = 60, 


k = 2.5 x 1000, 


or 76.52/x, - 2.025 x 10~ 5 k = 60 and 1.434 /a, + 9 x 10 -5 * = 25. Solve for p s 
and k. We obtain 


H s = 0.852, 
H a 


Vh — 


H a + kQ 2 


k = 2.642 x 10 5 , 

= 0.918, ?7o/a = 


pQgH a 


= 0.825, r) m = 0.946. 


4.3 PERFORMANCE CHARACTERISTICS 

The parameters of head, shaft power, and overall efficiency versus flow rate for a 
typical centrifugal pump with the impeller rotating at a constant speed are shown in 
Figure 4.6 b. However, in industrial applications, for convenience of pump selection, 
manufacturers generally publish performance curves for their pump models in the form 
shown in Figure 4.7a 6 Several impellers trimmed to different diameters fitted for a 
given size of casing are presented in a single chart. The shaft power, efficiency and 
NPSHR (net positive suction head required to prevent cavitation, to be discussed in 
next section) are plotted in constant-contour forms. Performance ranges of different 
sizes of same pump model are plotted in the composite form shown in Figure 4.1{b). 
Detailed procedure for reading these charts will be illustrated in the examples later. 

The various types of impellers illustrated in Figure 4.2 have different distinguished 
performance curves when plotted on a percentage basis, as shown in Figure 4.8. It 
should be realized that this is only true in a general qualitative nature. There is variation 
from one pump to another within the same type, depending on the detail design. It is 
noted that low-specific-speed pumps with radial-flow impellers have flat characteristic 
curves, while higher specific speed impeller pumps have steeper head curves. 

The corresponding shaft power increases to peak at the shutoff condition. This is 
due to severe flow recirculation at both the inlet and outlet regions of the impeller at 
low through flow rates, as shown in Figure 4.9. Recirculation flow is a complicated 
phenomenon. It causes severe vibration and temperature rise due to the extra power 
consumption. More details on this topics can be found, for example, in Refs. 7, 8 and 9. 

Example 4.2 

Test data of an end-suction water pump operating at 1350rpm are given as: 


Q (gpm) 

285 

435 

H (ft) 

200 

195 

Ps (hp) 

31 

36 


540 

785 

920 

1275 

190 

186 

172 

130 

42 

44 

49 

58 
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Plot the complete performance curves including the efficiency with a spread sheet (such 
as Excel). Also predict this pump’s performance for N = 1850rpm. 

SOLUTION The relevant formulas are given as 


pQgH 62.4 x 0.00223 QH 
P s ~ 550 P s 


<22 


QiN 2 

Ni 


H 2 = Hi 




r)2 = Vi- 


Note: H and P s at Q = 0 are obtained with extrapolation 


Q\ (gpm) 

H, (ft) 

p si ( h P) 

'll (%) 

Ql (gpm) 

H 2 (ft) 

P s2 ( h P) 

t?2 (%) 

0 

205 

28 

0 

0 

384.99 

72.044 

0 

285 

200 

31 

46.5194 

390.45 

375.6 

79.763 

46.5168 

435 

195 

36 

59.6131 

595.95 

366.21 

92.628 

59.6099 

540 

190 

42 

61.8043 

739.8 

356.82 

108.066 

61.8009 

785 

186 

44 

83.9558 

1075.45 

349.308 

113.212 

83.9512 

920 

172 

49 

81.7035 

1260.4 

323.016 

126.077 

81.6991 

1275 

130 

58 

72.3013 

1746.75 

244.14 

149.234 

72.2974 


N 2 = 1850 rpm 



♦ H 2 (ft) 

■ P s2 (M 
4. rt 2 (%) 


500 1000 

Q (gpm) 


1000 
Q (gpm) 


2000 


4.4 CAVITATION 

Cavitation is a phenomenon which may occur in all hydraulic machines and systems. 
When the local pressure reaches a certain low value close to the vapor pressure corre¬ 
sponding to the fluid temperature, part of the fluid will vaporize and cause a change 
of flow pattern. In a centrifugal pump, this happens in the vicinity of the impeller 
inlet. The occurrence of cavitation causes noise, vibration, and deterioration of per¬ 
formance, as shown in Figure 4.10. In the long run, it will also damage the pump 
components, because of the impinging forces resulting from vapor bubbles collapsing 
at the higher pressure regions in the flow passage. This is called cavitation erosion. 
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Figure 4.7 (a) Performance curves of pump (size 1.5 x 3-9N) with impeller trimmed, 

( b ) Composite performance chart of different sizes of a pump model. (Courtesy of Goulds 
Pumps, ITT Corp., Seneca Falls, NY.) 
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(a) Head vs. capacity (£>) Brake horsepower vs. capacity 

Figure 4.8 Effect of specific speed (impeller type) on pump performance curve shapes. (Reprinted by permission 
from Stepanoff, A.J. Centrifugal and Axial Flow Pumps , 2nd ed., John Wiley & Sons, New York, 1957.) 



Figure 4.9 Flow recirculation at impeller inlet and outlet, for partial through flow rate. 


In some high-quality pumps, an inducer such as shown in Figure 4.11 10 is installed 
upstream of the impeller to improve the cavitation performance. 

In order to prevent the occurrence of cavitation, a certain minimum pressure must 
be imposed at the pump inlet. A parameter called the NPSP (net positive suction 
pressure) or NPSH (net positive suction head — NPSP !pg) is used to designate this 
minimum inlet pressure. It is defined as NPSP = poi — Pv, where poi is the total 
pressure at the pump suction flange and p v is the vapor pressure corresponding to the 
pumped fluid temperature, which can be obtained from steam tables in the case of 
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Figure 4.10 Performance deterioration due to cavitation. 



Figure 4.11 Inducers to improve cavitation performance. (Courtesy 
of Ingersoll-Rand Company, Phillipsburg, NJ.) 


water. For each pump, the required NPSP also varies with respect to the flow rate, as 
shown in Figure 4.7a. It is called required NPSP or NPSPR. Other parameters are also 
used in industry, such as the Thomas parameter a — NPSH//7, where H is the pump 
discharge head, the cavitation parameter r = NPSP/pf/j 2 or the suction specific speed 
S = M2 a5 /(NPSH) 0 - 75 in the dimension of rpm(gpm) a5 /ft a75 . The values of these 
parameters for each pump have to be determined from laboratory tests or empirical 
correlations. The onset of cavitation always takes place at the impeller inlet tip, where 
the relative flow velocity is maximum, but the detailed flow pattern is difficult to 
determine, unless CFD software is used. 

A typical cavitation test result is shown in Figure 4.12. Detailed discussion on 
the test facility and procedure will be given in a later section. The required NPSP is 
usually set at a 3% drop in efficiency. The general range of suction specific speeds 
with the dimension indicated above for the properly designed pumps is estimated by 
G. F. Wislicenus 11 as follows: 


Single-suction pumps with overhung impeller 
Single-stage pumps with shaft running through impeller inlet 
Single-suction high-pressure multistage pumps 


7500 < S < 10,000 
6500 < S < 9000 

5500 < S < 7500 
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r 


N = const. 
Q = const. 


» 


NPSH or p | 


Figure 4.12 Typical cavitation test result. 


The lower value of suction specific speed means poor cavitation performance, since 
it requires higher NPSH. 

In selecting a pump for a hydraulic system, the pressure at the pump inlet should be 
such that its corresponding available NPSP be greater than the required NPSP specified 
by the pump manufacturer, that is, NPSPA > NPSPR. The available NPSP or NPSPA 
can be calculated according to the system condition. Two examples are illustrated in 
Figure 4.13. If the pump is required to pump water from an open tank, the available 
NPSP at the pump inlet is 


NPSPA — Poi — Pv — Pi + \pV\ — p v — p a ± pgZ — Pf — p v , 

where the minus sign is for the lift when the pump centerline is above the tank water 
level and the plus sign is for the head when the pump centerline is below the tank 
water level. While pf is the pressure drop due to friction in the suction pipe, p a is the 
atmospheric pressure, which will be lower at higher altitude. Or p a = p, is the tank 
pressure for an enclosed tank. 

To improve a pump’s cavitation performance, that is, to have a lower required 
NPSP, it is important to streamline the flow at the suction area. For the high-specific- 
speed pumps (mixed- or axial-flow impeller), a higher number of vanes will help. For 
the low-specific-speed pumps (radial-flow impeller), removal of some vanes at the lead¬ 
ing edge to increase flow passage area can generally improve cavitation performance. 
Also, to reduce the noise and vibration due to cavitation, a small amount of air can be 
introduced to reduce the collapsing forces of vapor bubbles. 

Example 4.3 

Plot the performance curves of the pump with 8-in. impeller in Figure 4.1a in the 
typical form shown in Figure 4.66. 




Z 

Pa 





rc? 


T 

z 

X5 


(a) Lift ( b) Head 

Figure 4.13 Available NPSP with system lift and head. 
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SOLUTION The expression P s = pQgH/r) = 62.4 x 0.00223 QH/r) is used to 
calculate the shaft power for all finite flow rate conditions. For the shutoff condition, 
since tj is zero, P s has to be extrapolated. Also 0.1 H is plotted, instead of H in the 
same chart, because its order of magnitude is higher than the others. 


Q (gpm) 

H/10 (ft) 

eff (%) 

NPSHR (ft) 

Ps (hp) 

40 

27 

30 

5 

9.108 

80 

26.5 

42.5 

5.5 

12.62024 

120 

25.5 

52 

6.1 

14.88808 

160 

24 

56.7 

7.3 

17.13439 

200 

21.5 

57 

11.5 

19.08596 

220 

20 

54.5 

16 

20.42569 


Pump performance curves 



> H/10 (ft) 

■ eff (%) 

* NPSHR (ft) 

• Ps (hp) 


Flow rate Q (gpm) 


Note: The efficiency and NPSHR are read from the constant contours with inter¬ 
polation and P s is calculated with the above equation. 


Example 4.4 

The pump with impeller trimmed to 8-in. in Figure 4.7a is 
selected for the system shown. Read the head, flow rate, 
and NPSHR at the b.e.p. Determine the minimum height Z 
required if the tank pressure is 20 psia, friction loss in the 
suction line is 1.5 psi at 50 gpm, and water temperature is 
150°F. 
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SOLUTION From Figure 4.7a, H — 235 ft, Q = 170 gpm at b.e.p. of 57.5%. The 
corresponding NPSHR is 8.7 ft. From the steam table we have p v = 3.73 psia at T = 
150°F and NPSPA = p, - Pf + pgZ - Pv > NPSPR. So we have 


2 > NPSHR - —- El - El =87- 

Pg 




or Z > 8.7 + 2.5 = 11.2 ft. 


4.5 PERFORMANCE MODIFICATIONS 

Typical performance curves published by manufacturers such as those of Figure 4.7 
are based on tests of pumping clear water at room temperature. Sometimes the pumps 
are used to pump other fluids with peculiar physical properties, such as fluids of high 
viscosity and two-phase mixtures of liquid with solid particles or gaseous bubbles. 
The performance characteristics can be changed when pumping these fluids, normally 
toward reduced efficiency, head, and capacity. 


4.5.1 Effects of Viscosity 

Corrections for pumping viscous liquids are published in Hydraulic Institute Stand¬ 
ards 3,4 and are expressed in charts and mathematical equations. These corrections are 
averages from tests of conventional single-stage vaned pumps handling petroleum oils. 
They are not exact for all pumps. 

A special type of impeller pump for pumping highly viscous liquids is shown in 
Figure 4.14. The impeller consists of a set of disks, instead of blades. The dynamic 
interaction between the impeller and fluid is through the viscous force. Although the 
efficiency of this type of pump is low in general, it is less expensive to make. 


4.5.2 Effects of Solid Particles 

Pumps designed specifically for pumping solid—liquid mixtures are called slurry pumps. 
These pump designs should have an excessive flow passage area to prevent solid-particle 
clogging, minimize particle erosion on pump components, and minimize performance 
degradation. Two typical designs are shown in Figure 4.15. They are inherently of 
lower efficiency. In the vortex pump, the impeller is used to produce a vortex in the 
chamber to suck the flow in from the inlet and discharge it to the outlet. Most of the 
flow does not pass through the impeller. Detailed flow analysis for this type of pump 
is given in Ref. 19. 

The slurry mixture parameters affecting performance degradation are (a) particle 
concentration, (b) specific gravity of the particles, (c) particle size and size distribution, 
and (d) the geometry of the particles. Typical slurry pump performance characteristics 
are published in Ref. 12 and shown in Figure 4.16. It is shown that when solid-particle 
concentration increases, the head and efficiency decrease while the shaft power required 
increases. 
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Figure 4.14 Disk-flow impeller pump for pumping viscous liquids. 


4.5.3 Effects of Gaseous Bubbles 

The effects of gaseous bubbles in liquid on pump performance are similar to those due 
to solid particles. But gaseous bubbles have variable density, possible mass transfer 
or phase change between gas/vapor with liquid, and more different flow regimes. A 
typical performance is shown in Figure 4.17 qualitatively. As shown, the head and flow 
rate decrease as the void fraction of the gaseous phase increases. This is due to the 
decrease of average fluid density and the extra pressure loss of two-phase interaction. 

4.5.4 Effects of Fluid Properties on Cavitation 

Experience has indicated that the NPSP required by a pump pumping hydrocarbon 
fluids or water at high temperature is generally less than that for pumping cold water. 
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Figure 4.15 Typical slurry pumps. 


This is so because when vapor is formed from liquid, the latent heat must be supplied 
by the internal energy of the liquid in the vicinity, and hence local liquid temperature 
drops. This is called a thermal cavitation effect and is expressed in terms of NPSPR 
reduction, or ANPSP. A chart to determine ANPSP was prepared by the Hydraulic 
Institute 3 and is reproduced in Figure 4.18. To use this chart, we start with the desired 
temperature on the horizontal axis and proceed vertically upward to the type of fluid, 
then read the inclined NPSP reduction scale to the right. Since the chart was based 
on a limited number of test data, it is recommended only for a limited range. If the 
resulting ANPSP is more than 50% of the original NPSPR, the reduction should be 
limited to 50%. The example on the chart is to determine ANPSP for the propane at 
56°F. It shows that ANPSP = 9.5 ft. 

Some liquids, especially hydrocarbon liquids, can dissolve a significant amount 
of air or other noncondensable gases. The solubility in general is proportional to 
the ambient pressure. Hence in the cavitation process some dissolved gas will be 
released and mixes with the vapor. The dissolved gas in the liquid has an adverse 
effect on the required NPSP. More detailed discussion on this topics can be found in 
Ref. 3. 
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Flow rate, m 3 /s 

□ 1000 rpm a 1200 rpm O 1400 rpm 
(a) Flead flow rate performance for water 



Flow rate, m 3 /s 

□ 1000 rpm a 1200 rpm O 1400 rpm 
( b ) Input shaft power flow rate performance curve for water 




( d ) Input shaft power flow rate performance curve for sand slurry 


Figure 4.16 Characteristics of slurry pump with sand slurry. (Reprinted by permission from Sheth, K. K., Morri¬ 
son, G. L. & Peng, W. W., Slip Factors of Centrifugal Slurry Pumps, J. Fluids Eng. ASME Trans. Vol. 109, Sept. 
1987, pp. 313-318, © the American Soceity of Mechanical Engineers.) 
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Figure 4.17 Typical pump performance with gas/liquid two-phase mixture. 


Example 4.5 

Read the best efficiency points (b.e.p.) of all four impeller trims in Figure 4.7a, and 
show that they do not follow the similarity laws. 


SOLUTION The b.e.p. of all four trims are read as follows: 


Dia. (in.) 

Q (gpm) 

H (ft) 

Ps (hp) 

efficiency (%) 

9.25 

220 

330 

29 

62.5 

8 

170 

235 

17 

57.5 

7 

155 

170 

12.5 

53.5 

6 

130 

120 

8 

49.5 


From the similarity laws, Q ~ D, H ~ D 2 , P s ~ £> 3 , the performance should be 


Dia. (in.) Q (gpm) H (ft) P s (hp) efficiency (%) 


9.25 

220 

330 

29 

62.5 

8 

190 

246 

18.7 

62.5 

7 

166 

189 

12.5 

62.5 

6 

143 

139 

7.9 

62.5 


Example 4.6 

The pump with impeller trimmed to 8-in. in Figure 4.7a is 
selected to pump hot water of 90°C in the enclosed tank 
shown. Determine the minimum tank pressure in kilopascals 
required to avoid cavitation at the pump inlet under the b.e.p. 
condition. The estimated pressure loss due to friction in the 
suction line is lOkPa. 



2 m 


SOLUTION From Figure 4.7a, we have NPSHR = 8.7 ft = 2.65 m at Q = 170 gpm for 
the b.e.p. condition of the 8-in. impeller. From Figure 4.18, we have ANPSH = 0.6 ft = 
0.18 m and p v = 69kPa at T = 90°C (194°F) for water. The total NPSPA is equal to 
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Figure 4.18 NPSP reduction for pumps handling hydrocarbon liquids and high-temperature 
water. (Reprinted by permission from Hydraulic Institute Vertical Pump Design and 
Application — 2000, Hydraulic Institute, Parsippany, NJ, 1997-2005, www.pumps.org.) 


p, — pgZ — pf — p v , and the total NPSPR is equal to pg(NPSHR — ANPSH). To avoid 
cavitation at the pump inlet, it is required to have NPSPA > NPSPR. Hence it is required 
that {p, — pgZ — pf — p v ) > pg(NPSHR + ANPSH), or p, > pp + p v + Pg(Z + 
NPSHR + ANPSH) = 10 + 69 + 998 x 9.81(2 - 2.65 + 0.18)71000 = 122.7 kPa. 


4.6 PRELIMINARY DESIGN PROCEDURE 

There is no rigorous procedure to design a pump. In most cases, it depends on the 
information available and the experience of the designer. When test data of similar 
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b 2 


Figure 4.19 Radial-flow impeller dimensions. 

types of pump are available, similarity laws can be used to check whether the new 
pump can be designed by scaling up or down from these existing pumps. Or primary 
parameters such as hydraulic efficiency and slip factor can be determined with the 
procedure suggested in Section 4.2. Otherwise, a brand new design has to be performed. 
A few basic rules and guidelines for designing a new pump impeller will be discussed 
in this section. For simplicity, the basic radial-flow impeller shown in Figure 4.19 will 
be considered. 

4.6.1 Impeller Type 

A new impeller design starts with the selection of impeller type based on the required 
flow rate Q, discharge head H , and rotating speed N at the design point. From these 
design conditions, specific speed N s is calculated as N s = NQ°- 5 /H Q15 rpm(gpm) 0 - 5 / 
(ft) . An appropriate impeller type is then selected from Figure 4.2, and some empiri¬ 
cal constants correlated with respect to N s can be determined. Sometimes double-suction 
or multistage arrangement can be considered, if necessary, to accommodate very high 
flow rate or high head requirements. With an impeller type selected, the impeller 
inlet and outlet configurations, blade profile, and blade numbers or solidity can be 
determined. 

4.6.2 Inlet Configuration 

The inlet geometry is determined by the minimum shaft size to transmit the torque 
required and to accommodate the suction flow properly to meet the NPSHR and 
minimum-flow requirements. From the design flow rate and discharge head, the out¬ 
put hydraulic power P /, = Q A p and the required shaft power (or brake horsepower) 
Ps — P/i/fio/a can be determined from the overall pump efficiency rj 0 / a estimated from 
Figure 4.20. The shaft diameter required to transmit torque is then obtained from 
° 5 tf/J > with J = tc D^/32, or D s h — (16z/na s ) 1 ^ , where r = P s /co is shaft torque 
and a s is the maximum allowable shear stress of the shaft. The hub diameter D hl is 
then selected to be D/,i = £> S h + (fg-| in.) if the blade leading edge is inclined and 
the shaft is extended into the eye. 

The low NPSHR and low minimum-flow requirements always compete with each 
other. In general, large suction area and small leading-edge blade angle and hence low 
suction flow velocity are good for low NPSHR but bad for the minimum flow (low 
efficiency too), and vice versa. A compromise design is to have the leading-edge blade 
angle set at around 17 . 1 Other empirical criteria are used by different designers, such 
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Figure 4.20 Pump efficiency as a function of specific speed and capacity. (Reprinted by per¬ 
mission from Karassik, I. Y., et al. (Eds.), Pump Handbook , McGraw-Hill, Inc. New York, 
1976.) 


as setting the eye flow coefficient <p e = V e /(r e co) to be between 0.25 and 0.30. More 
detailed configurations are discussed in Refs. 1 and 2. 

The other dimensions and blade angles are sized such that the meridional (or 
radial) component of the flow velocity increases from the eye area to avoid boundary 
layer separation, that is, V m \ = (1.05 —1.20)V e , where Q = V e nD e "IA — V m \7t{D,\ + 
Dh\)b\/2, with V e being around 14ft/s. The incidence angle between the blade and the 
relative flow i = fibi — is chosen to be between 2° and 3° to avoid a negative 
angle for the flow rates slightly higher than the design condition. The flow area at the 
leading edge can be calculated as A\ = n(r,\ + rhi)b\S \, where e\ is the contraction 
factor due to blade thickness t. It can be expressed as s\ — 1 — Zbtl{2nr m \ sin/?^), 
where Z* is the number of blades and r m \ is the mean radius as defined earlier. The 
contraction factor can be estimated as 0.8—0.9 and checked later when Zb and t are 
selected. The blade thickness is selected primarily from consideration of strength and 
manufacturing. 


4.6.3 Outlet Configuration 

The impeller outlet dimensions are mainly determined by the required discharge head 
at the design point. The diameter Do can be determined from the Cordier diagram 
(Figure 2.2) or Figure 4.36 later in the chapter, where the specific diameter is correlated 
with the specific speed. Then we have U 2 = Dooo/2. From the Euler equation at the 
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design flow rate, H a — r)hds(U 2 /g)[U 2 — Q/(A 2 tan fi b2 )], the outlet area A 2 and blade 
angle p b2 are related. These parameters can be determined with the following steps: 

1. As discussed in Section 4.2, hydraulic efficiency can be estimated from 1 r] b = 
1 — 0.80/(GPM)°- 25 , or /?/, = r) 0/a /(r) m Vv) (with r\ m and r) v estimated from the 
empirical formula). 

2. The blade angle fi b2 can be set as values of 22.5°—27.5° for optimum efficiency. 2 

3. The slip factor is determined from empirical formulas such as Stodola’s expres¬ 
sion mentioned earlier, fx s = 1 — n sin p b2 IZ b . The blade number Z b can be set 
as Zb — 6.5((1 + v)/(l — v)] sin[(^fe] + P b2 )/2], where v = D\ID 2 . This implies 
that more blades are needed for the high values of v and fi b since the blade length 
is shorter under these conditions. Other formulas and a detailed discussion of 
the slip factor can be found in the literature (e.g.. Refs. 1, 2, and 14). 

4. Then the discharge area A 2 can be calculated from the above Euler equation. 

5. The meridional velocity V m2 can be calculated from V m2 = Q/A 2 . 

6. The relative flow velocity W 2 is calculated as W\ = Vj 2 + (U 2 - V 2i ,) 2 from 
the velocity diagram. 

7. The diffusion factor should be checked such that 1 >(£>/= W 2 /W } ) > 0.70 to 
assure there is no boundary layer separation. Otherwise a new outlet diameter 
and/or blade angle should be selected and new calculations repeated starting 
with step 2. 

8. If the diffusion factor is satisfactory, the contraction factor at discharge can be 
calculated similar to the one at the inlet, s 2 = 1 - Z b t/(2nr 2 sin p b2 ). The blade 
height b 2 can then be set as b 2 = A 2 /(e 2 7vD 2 /2). 

Other procedures to determine the outlet configuration are available. Among them, 
a set of head and flow coefficients versus specific speed and discharge blade angle are 
suggested in Ref. 2. They are reproduced in Figure 4.21. 


4.6.4 Blade Profile 


With the impeller inlet and outlet dimensions fixed, the detailed blade profile can be 
determined from an appropriate blade angle distribution. Blade angle is related to the 
blade mean line profile as tan = dr/(r dO) for a pure radial impeller. So the mean 
line coordinate (r, Q) can be related in the form Ad = (l80/n)dr/(r tan fJ*), or 


e = 


180 f r dr 
- / —tan p b , 

71 Jn r 


where 0 is expressed in degrees. 

A simple linear distribution of as shown in Figure 4.22 can be adopted for the 
preliminary design. Other blade angle distributions have been suggested for advanced 
design procedures, to avoid or delay boundary layer separation in the flow passage. A 
numerical integration procedure can be used to calculate the blade profile step by step. 

The total length of the blade, L, can also be calculated from L — f dL, where 
d-L = [( rdd ) 2 + (r/r) 2 ] 05 and 0 is in radians. It can be used to calculate a parameter 
called solidity, defined as a — Z*L/(7rD 2 ). Some designers suggest that the optimum 
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Dimensional specific speed, N s /\00 [rpm(gpm)°' 5 /ft a75 ] 

Figure 4.21 Head and flow coefficients versus specific speed. (Reprinted by permission from 
Stepanoff, A. J., Centrifugal and Axial Flow Pumps, 2nd ed., John Wiley & Sons, New York, 
1957.) 



Figure 4.22 Blade angle distribution for preliminary design. 


solidity should be between 2.5 and 3.0. If the solidity is too high, flow may suffer 
excessive friction; if it is too low, the flow may not be properly guided. 

For a mixed-flow impeller, the blade profile will be three dimensional and more 
complicated. The blade mean surface has to be described with a set of space lines in 
terms of (r, 0, z). It will require sophisticated graphical construction or computer-aided 
graphics to describe these lines. The isometric view, front view, and meridional plane 
view of a Francis-type impeller are shown in Figure 4.4. 


4.6.5 Diffuser and Volute 

Downstream of the impeller, some type of diffuser is needed to convert the kinetic 
energy into pressure rise, and a volute is used to collect the liquid circumferentially 
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before discharging it through the outlet. Sometimes the volute also serves as a diffuser 
or is followed with a conical diffuser. 

A vaned diffuser immediately downstream of the impeller can improve efficiency, 
but it tends to limit the stable operating range. Because the flow discharged from the 
impeller will be mismatched with the vane leading-edge angle under the off-design flow 
rate. The vaned diffuser is used only when operation can be limited to a narrow range. 
This component will be discussed in more detail in Chapter 7 on centrifugal compressor. 

The basic geometry of a volute is shown in Figure 4.23. Assuming constant angular 
momentum of flow, that is r c Vg — Cr 2 V u 2 = CL and AgVg = Q9I(2 tx ), the theoretical 
value of the volute cross-sectional area Ag can be expressed as 


Ae = Q6 
r c 2n CL 


(4.5) 


It increases from the cut water at 9 = 0 to the volute outlet area A,. Here r c is the 
centroid radius of the volute cross-sectional area, 9 is measured in radians, and L is 
the angular momentum of flow at the impeller outlet, that is, L = r 2 V u2 and C = 0.95 
to account for the friction loss. The average flow velocity at the volute outlet is related 
to the pump head H as V) = Kj^/2gH, where the volute constant Kj is an empirical 
parameter correlated with the specific speed, as shown in Figure 4.24 along with other 
volute parameters, the volute angle a v and the diameter of volute basic circle, £> 3 . The 
volute profile at each section can be determined as follows: For a circular volute, we 
have Ag = nx 2 and 


r c = r 3 + x c = r 3 + 



(4.6) 


so Ag and r c can be solved from Equations (4.5) and (4.6). For a trapezoid volute as 
shown, A e = h(a + b)/ 2, tan(<p/2) — (a - b)/2h and x c = h(2a + b)/[3(a + b)]. With 
<p being selected (normally 30 ) and b being set as b •= (1.5 ~ 2.0)b 2 , the parameters 
Ag, r c , a, and h at each section can be determined. 



Figure 4.23 Terminology and parameters of centrifugal pump casing with volute and diffuser. 
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Figure 4.24 Volute constants correlated with specific speed, A , Jrpm(gpm)°' 5 /ft 0 75 ]. (Reprinted 
by permission from Stepanoff, A. J., Centrifugal and Axial Flow Pumps , 2nd ed., John Wiley & 
Sons, New York, 1957.) 


4.6.6 Determination of Shaft Power 

The overall efficiency and input shaft power estimated from Figure 4.20 are average 
values. The actual magnitude will depend on the detailed design of each pump. For 
example, the volumetric efficiency depends on seal design and type of impeller, whether 
an open, semiopen, or closed impeller. The mechanical efficiency depends on bearings 
arrangement and type of seal (with or without mechanical seal). A typical distribution 
of power consumption is given in Figure 4.25 for double-suction pumps. 

It is shown that disk friction loss is significant in the low-specific-speed pump and 
casing loss is significant in the high-specific-speed pump, while mechanical loss due 
to bearings and leakage loss are relatively constant with respect to specific speed. 

The disk friction loss in horsepower for both sides can be estimated from the for¬ 
mula Pdf = KpD 2 U 3 , where K is a numerical coefficient plotted against the Reynolds 
number Re = UR/v, as shown in Figure 4.26, U — Rco is the tangential velocity of the 
disk periphery in feet per second, R is the disk radius in feet, D is the disk diameter 
in feet, v is the fluid kinematic viscosity in square feet per second, and p is the fluid 
density in pound mass per cubic feet. 

It is also shown that disk friction loss varies with the clearance between disk and 
casing wall ( BID ). This is understandable since the wider clearance means more space 
for the flow recirculation generated by the rotating disk. When the clearance is small, 
the flow recirculation is restricted, and only the shear viscous force will contribute to 
disk friction loss. There is an optimum value of BID corresponding to the minimum 
disk friction loss as shown. 
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Specific speed, xIOOO 


Figure 4.25 Power balance for double-suction pumps at best efficiency point. (Reprinted by 
permission from Stepanoff, A. J., Centrifugal and Axial Flow Pumps, 2nd ed., John Wiley & 
Sons, New York, 1957.) 


BID, % 



6 810 s 2 4 6 810 s 2 4 6 810 7 2 

Reynolds number Re = UR/v 


Figure 4.26 Disk friction coefficient versus Reynolds number and clearance (full lines for 
smooth disk, dashed lines for rough disk) (Reprinted by permission from Stepanoff, A. J., Cen¬ 
trifugal and Axial Flow Pumps, 2nd ed., John Wiley & Sons, New York, 1957.) 
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Example 4.7 

Design a water pump impeller with the design point at Q = 1200gpm, H = 450 ft, 
and N = 2400 rpm. 


SOLUTION 


(a) Start with a calculation of specific speed: 


N s 


NQ' 


,0.5 


2400(1200) 


0.5 


0.5 / ft 0.75 


H 075 450 0 - 75 

From Figure 4.20, we obtain rj o/a 0.76. So 


= 851 rpm(gpm) u 7 ff 


Ps 


QAp 

7o/a 


1200 x 0.00223 x 62.4 x 450 
0.76 


98,871 ft-lbf/s. 


From Figure 4.2, it is shown that a radial impeller is appropriate. 

(b) To determine the inlet configuration: With co = Ntv 130 — 2400tt/ 30 = 251 
rad/s, we have r = P s /u> = 393 lbf-ft. Hence the shaft diameter D S h can be 
determined as 


D S h 


= (-)' ,3 =(- 
\7va s J \n 


16 x 393 


\ 1/3 


x 10,000 x 144 




= 0.1116ft = 1.34 in., 


where a s = 10,000 psi (for 316 stainless steel including a safety factor of 1.5) 
is used. For simplicity, a pure radial inlet configuration is selected, that is, 
D t i = D/,i = Di. (see Figure 4.19). The impeller eye area and leading edge 
diameters can be calculated from the following equations: 


U x = \coD x , Q = A 1 V 1 =A e V e , V, = l.lV e , 
fif\ — tan -1 (— ) 

\ViJ 


where A\ = einD x b\, A e = nD^/4. 

With <p e — Q/(A e U e ) = QKjvr^co ) = 0.27, we obtain r e = 2.8in., and 
selecting rj = 3.2 in., the final results are obtained as V e = Q/(nD^/4) = 
15.6ft/s, V\ = l.lV e — 17.2ft/s, A\ = 22.4in. 2 , b\ — 1.24in., with ei = 0.9 
assumed. Also U x = 66.9 ft/s, = 14.4°, p bl = 17°, and W x = 69.1 ft/s. 

(c) The impeller discharge configuration is determined as follows: 

1. With co s = a>Q 0 5 /(gH )° 75 = 251(2.676)° 5 /(14,490)°- 75 = 0.311 and the 
Cordier diagram, we have A, = 9.0 = D 2 (gH ) 0 25 /Q 0 5 and D 2 — 9(2.676) 0 5 / 
(14,490) 0 25 = 1.341 ft = 16.1 in. Hence U 2 = D 2 cof2 = 168.5 ft/s. 

2. Selecting p h2 = 27.5° and Z b = 6.5[(1 + 0.4)/(l - 0.4)] sin[(17 + 27.5)/2] 

= 5.74 6, n s and rj / 2 can be estimated from /u s = 1 — tv sin 27.5°/6 = 

0.76 and rj h = 1 - 0.8/(1200)°- 25 = 0.864. 
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3. Substituting these values into the Euler equation, we obtain 


Vu2 — fJ-s yU2 ~ 
V r2 = 19.4 ft/s, 


Vr 2 \ = gH 
tan fibi) r lhU 2 


99.6 ft/s, 


W 2 = [V r 2 2 + (U 2 - V u2 ) 2 ] 0 - 5 = 71.5ft/s. 


Hence W 2 IW\ > 1 , which is not appropriate. A different D 2 has to be 
selected, say D 2 = 15 in. So we have U 2 = 156.9 ft/s, V u2 = 106.9 ft/s, 
V r2 = 8.5 ft/s, and W 2 = 50.7 ft/s. Hence W 2 I'W\ — 0.74, which is acceptable. 

4. The outlet dimensions are calculated as A 2 = Q/V r2 = 0.315 ft 2 = 
45.3 in. - = £ 2 nD 2 b 2 , where s 2 = 1 — Zbtl{nD 2 sin fi b2 ) = 1 — 6 x 
0.25/(rr x 15 sin 27.5°) = 0.93. Hence b 2 = 1.0 in. 

5. To check £j = 1 - 6 x 0.25/(rr x 6.4 sin 17°) = 0.74, b { has to be adjusted 
to b x = 1.3 x 0.9/0.74 = 1.58 in. 


(d) The blade profile is constructed by assuming a linear blade angle distribution, 

Pb = Pb\ + — : 2 ~ ~ r,) = 17 + 2.44(r - 3.2), 

r 2 - r i 

where fib is in degrees and r is in inches. Also A 6 can be expressed as A 9 = 
(180/7r)Ar/(r tan fi h ). 

If we select Ar = 0.43 in., then fib, A 9, 9, dL , and L can be calculated and 
tabulated as follows: 


r (in) 

P 

dO 

3.2 

17 

25.188 

3.63 

18.05 

20.831 

4.06 

19.1 

17.528 

4.49 

20.15 

14.957 

4.92 

21.2 

12.913 

5.35 

22.25 

11.259 

5.78 

23.3 

9.8993 

6.21 

24.35 

8.768 

6.64 

25.4 

7.8157 

7.07 

26.45 

7.006 

7.5 

27.5 

6.3116 


9 (deg) 

dL 

L (in). 

0 

1.4709 

0 

25.188 

1.388 

1.471 

46.018 

1.3143 

2.859 

63.546 

1.2484 

4.173 

78.502 

1.1892 

5.422 

91.415 

1.1358 

6.611 

102.67 

1.0873 

7.747 

112.57 

1.0431 

8.834 

121.34 

1.0026 

9.877 

129.16 

0.9655 

10.88 

136.16 

0.9314 

11.85 


r (in) fi d 9 


3.2 

17 

25.19 

3.63 

17.6 

21.4 

4.06 

18.2 

18.46 

4.49 

18.8 

16.12 

4.92 

19.4 

14.22 

5.35 

20 

12.65 

5.78 

20.6 

11.34 

6.21 

21.2 

10.23 

6.64 

21.8 

9.279 

7.07 

22.4 

8.456 

7.5 

23 

7.74 


6 (deg) 

dL 

L (in). 

0 

1.471 

0 

25.2 

1.422 

1.471 

46.6 

1.377 

2.893 

65 

1.334 

4.27 

81.2 

1.295 

5.604 

95.4 

1.257 

6.899 

108 

1.222 

8.157 

119 

1.189 

9.379 

130 

1.158 

10.57 

139 

1.129 

11.73 

147 

1.101 

12.85 


The table shows that with fi b2 = 27.5° the blade length L = 11.85 in. Hence the 
solidity is a s = 6 x 11.85/(7r x 15) = 1.51, which is too low. Hence the new fi b2 = 
23° and Z b = 9 are selected so that we have a s = 9 x 12.85 /(tt x 15) = 2.45, which 
is acceptable. The final values of the impeller outlet dimensions are revised: 

^2 = 0.194ft 2 = 27.9 in. - , b 2 = 0.67 in. with yu v = 0.86, e 2 — 0.88, 
V r2 = 13.8 ft/s, W 2 =51.8 ft/s. 
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Example 4.8 

Design a volute for the pump designed in Example 4.7. 


SOLUTION From Example 4.7, we have Q = 1200 gpm, H = 450 ft, N = 2400 rpm, 
N s = 851 rpm(gpm) 05 /ft 075 , D 2 = 15in., b 2 = 0.67in., U 2 = 156.9ft/s, fib 2 = 23°, 
/A s = 0.86, V r 2 = 13.8 ft/s, and V u2 = 106.9 ft/s. Hence we have the angular momentum 
L = r 2 V u2 = 15 x 106.9/(2 x 12) = 66 . 8 ft 2 /s. From Figur e 4.24, we have K 3 = 0. 46 
for N s = 851. Hence the volute exit velocity V, = K-$-j2gH — 0.46V2 x 32.2 x 450 = 
78.3 ft/s and A, = Q/V, = 1200 x 0.00223/78.3 = 0.034 ft 2 = 4.92 in . 2 Also from 
Figure 4.24, we have (D 3 — D 2 )ID 2 = 0.08, or r 3 = 7.5(1 + 0.08) = 8.1 in. is 
selected. 

If the trapezoid with an included angle of 30° as shown is selected for the basic 
geometry of the volute cross section, the dimensions at each section can be calculated 
from 


A 0 V e = 


Q0 


2n 

r c V e = CL, 

A e — \h(a + b ), 

a-b „ 1<; o 

= tan 15 , 


2h 


x c = 


h(2a + b) 

3 {a + b) ’ 


r c — r 3 +x c , 


(E4.8.7) 

(E4.8.8) 

(E4.8.9) 

(E4.8.10) 

(E4.8.11) 

(E4.8.12) 


where b — I. 8&2 = 1.206in. is selected. 

The equations are solved with iterations and performed with a spreadsheet. The 
initial velocity is selected as V e = V,. Then Aq is calculated from (1), a and h from (3) 
and (4), and x c and r c from (5) and ( 6 ). Then the improved Vg is obtained from (2) and 
the process is repeated until the discrepancies of the repeated values are small enough. 
In the final design, the trapezoid is modified by rounding off the comers and the area 
may be increased by 5-10% to accommodate the blockage due to the boundary layer 
and some secondary flows. 



4.7 PUMP PERFORMANCE TESTS 

A pump can be tested in a laboratory test facility or in the field to investigate its 
hydraulic performance. The purpose of the test could be for new pump develop¬ 
ment, production verification, or trouble shooting. A typical closed-loop test setup in a 
laboratory is shown in Figure 4.27. The tank is used to control the fluid temperature and 
pressure, especially the suction condition for cavitation tests. The straightening vanes 
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( b ) Vertical pump (with closed loop) 

Figure 4.27 Typical setup tor pump tests. (Reprinted by permission from Hydraulic Institute Centrifugal 
Pump Tests — 2000, and Vertical Pump Tests and Application — 2000, Hydraulic Institute, Parsippany, NJ, 
www.pumps.org.) 
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are installed to minimize the secondary flow or swirl at the pump suction. Open-loop 
setup is also possible if fluid temperature control is not necessary. 

The main parameters to be measured with instrumentation are (1) volumetric flow 
rate, (2) suction and discharge pressures (heads), (3) rotating speed of impeller, (4) input 
shaft torque or power, and (5) fluid temperature at pump suction. Other parameters may 
be needed in the development and troubleshooting tests. 

Flow rate can be measured with (a) venturi, (b) orifice plate, (c) pitot tube traverse, 
and (d) weighing tank or other head meter depending on the magnitude of the flow rate 
and the accuracy required. For very high flow rate, a weir in an open channel is used. 
In an irrigation field, the distance of water ejecting from a pipe can be used to estimate 
the flow rate. Pressure or head can be measured with (a) water manometer, (b) mercury 
monometer, (c) Bourdon gage, or (d) pressure transducer if the computer data acquisi¬ 
tion system is employed. The input shaft power can be determined with (a) transmission 
dynamometer, (b) torsion dynamometer, (c) strain gage, or (d) electrical input power 
and motor calibration if a motor is used as a driver. The impeller rotating speed can be 
measured with (a) tachometer, (b) photocell and timer, or (c) stroboscope. Many other 
new devices are being developed and used, especially in automation facilities. 

During the tests, the rotating speed may fluctuate. For the purpose of plotting, the 
flow rate, head, and shaft power should be corrected from measured values at test speed 
to the rated speed. The corrections are made according to similarity laws such that 


Qa 

N\ 


dpo -- dp\ 


Ni) 


2 



where subscript 1 is for the test values and subscript 0 is for the values at rated speed. 

Before the test, the system has to be primed, that is, to get rid of all air in the system 
by venting it from the highest point of the system. The noncavitation test normally starts 
with the throttle valve at discharge fully open, that is, the highest flow rate. Then the 
valve is closed to reduce the flow rate. For the cavitation test, the fluid has to be 
circulated through the system for a few minutes below atmospheric pressure (with the 
vacuum pump shown in the loop). Thus the dissolved air in the fluid can be purged. 
The test will then be run at several constant flow rates while the suction pressure (or 
NPSH) is reduced with the suction valve or by lowering the tank pressure. A typical 
result is shown in Figure 4.12 of Section 4.4. More detailed pump test procedures are 
discussed in Refs. 1 and 3. 

In production tests of small pumps, air can be used instead of liquid water to facil¬ 
itate the process. Of course, a correlation between water test and air test performance 
has to be established first. 


Example 4.9 

A pump driven with an electrical motor is tested in the laboratory. The test result and 
motor calibration curves are given below. Convert these raw data into the performance 
curves at the rated speed of 1750rpm. Include the pressure rise, shaft power, and pump 
efficiency versus flow rate. Here, Q\ is the flow rate, dp\ the total pressure rise, P e the 
input electrical power to motor, and /V) the impeller rotating speed. 
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Q) (gpm) 

dpi (psi) 

P f (kW) 

N t (rpm) 

40 

77 

5 

1775 

80 

76 

5.4 

1772 

120 

70 

5.7 

1765 

140 

66 

6.3 

1760 

160 

64 

6.5 

1755 

180 

62 

6.7 

1753 

200 

55 

7 

1750 

220 

48 

7.2 

1747 


Motor calibration curves 

20 I I | I | . . . 



0 5 10 15 

Input electrical power, P e (kW) 


SOLUTION 

1. Use the motor calibration curves to convert the input electrical power to shaft 
power for the corresponding rotating speed. The result is provided below. 


Qi (gpm) 

dpi (psi) 

Psi (hp) 

Ni (rpm) 

40 

77 

5.2 

1775 

80 

76 

5.6 

1772 

120 

70 

6 

1765 

140 

66 

6.5 

1760 

160 

64 

7.2 

1755 

180 

62 

7.6 

1753 

200 

55 

7.75 

1750 

220 

48 

7.8 

1747 


2. Convert each operating condition of flow rate, pressure rise, and shaft power 
from the test rotating speed to the rated speed of 1750rpm. They are related as 
Go = <2i(1750/iVi), dp 0 = dp(1750/Ni ) 2 , and P s0 = P s i(1750/Ni ) 3 . 
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Calculate the efficiency for each operating condition with the equation 


N _ / Q (gpm) \ dp (psi) x 144 _ ll\5Qdp 
~ V 449 ) 550 P s ~ P s 

The results are tabulated and plotted below. 


<2o (8P m ) 

dp 0 (psi) 

10 Pj (hp) 

7o( % ) 

. 39.4366 

74.8463 

47.9169 

35.9128 

79.0068 

74.1246 

52.0136 

65.6415 

118.98 

68.8153 

55.5591 

85.9158 

139.205 

65.2521 

61.9322 

85.5067 

159.544 

63.6359 

64.446 

91.8449 

179.692 

61.788 

66.6566 

97.1087 

200 

55 

70 

91.6143 

220.378 

48.165 

72.3716 

85.5067 


Performance at N = 1750 rpm 



Q (gpm) 


♦ dp 0 (psi) 
■ lOP^hp) 

A >?o(%) 


Example 4.10 

A centrifugal pump is tested for its required NPSH at the design condition of Q = 
220 gpm, dp = 70 psi, and N = 3500 rpm. The flow rate is controlled to be constant 
by adjusting the inlet and outlet valves. With the following data obtained, determine 
its required NPSH and the corresponding suction specific speed. Assume (inlet water 
temperature is 80°F and suction pipe inside diameter is 5 in. 


Pi (psia) 12 10 9 8 7.5 7.2 7.0 

dp (psi) 70 70 69 68.5 68 67.5 67 
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SOLUTION 


The dynamic pressure at the inlet is calculated from 


Vi 


Q _ 4 Q 4 x 220 x 0.00223 

A ~ (nDf) ~ 7 r x 25/144 ~ 3 - 60ft/s > 



62.4 x 3.60 2 
2 x 32.2 x 144 


= 0.087 psi. 


The vapor pressure of water at 80°F is obtained from steam tables as p v = 0.507 psia. 
The required NPSH is designated at the condition such that the discharge pressure 
drops for 3% from the noncavitation condition. Hence from the above test data, the 
corresponding dp' = 0.97 x 70 = 67.9 psi and p[ = 7.2 + (7.5 - 7.2) x (67.9 - 
67.5)/0.5 = 7.44 psia can be obtained. Also we have NPSPR = p\ + p di - p v — 7.44 + 
0.087 — 0.507 = 7.02 psia, or NPSHR = 2.307 x 7.02 = 16.2 ft of water, and 


5 


NQ 0 - 5 

NPSHR 075 


3500 x 220 0 ' 5 
16.2 0 - 75 


= 3500 x 14.8/8.07 


6419 rpm(gpm)°' 5 /ft 0 ' 75 . 


4.8 PUMPING SYSTEMS 

A pumping system consists of one or several pumps to energize the flowing fluid 
through a hydraulic system. A hydraulic system typically consists of several components 
(such as heat exchangers and/or other processing units) connected with the pipes and 
accessories (such as valves, fittings, and reservoir tanks). The pump characteristic curves 
for a constant rotating speed imply that all the conditions of head and flow rate on 
the curves are possible operating conditions. However, the actual operating condition 
of the pump depends on the flow resistance in the hydraulic system, that is, system 
curve. 

The flow resistance due to viscous force in the system, including pipes, piping 
components, and equipments, in terms of head loss can be related as H s = kQ 2 , where 
Q is the volumetric flow rate. For the high flow rate with high Reynolds number, the 
loss coefficient k is independent of the flow rate. The k values for the standard pipes 
and fittings can be obtained from fluid mechanics texts or hydraulics handbook (e.g., 
Ref. 15). For the components, these data are provided by manufacturers. The combined 
loss coefficients due to several components can be obtained from k, = if they are 
connected in series or l/k, = (]F l/V^T) 2 if they are connected in parallel. 

In a closed-loop or open system with the same free surface levels in the tanks of 
both ends, as shown in Figure 4.28<3, the viscous force is the only flow resistance. Hence 
a parabolic curve representing the system curve can be plotted on the H-Q chart. The 
intersection point A of the pump and system curves will determine the pump operating 
condition of the head and flow rate. The shaft power and efficiency corresponding to 
this flow rate can then be determined. 

When the throttle valve installed at the pump discharge is closed, additional flow 
resistance will be imposed. It results in an increased system resistance. Hence the k 
value increases and the system curve becomes steeper as shown. The pump operating 
point shifts from point A to B. A lower flow rate with a higher head results. 
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In the open systems, if the free surface levels in the tanks of both ends are different, 
such as those shown in Figures 4.286 and c, a constant flow resistance (positive or 
negative due to gravitation) will be added to the variable flow resistance. Hence the 
system curves are shifted upward or downward. In the extreme case with most of 
the resistance due to gravitation, as shown in Figure 4.28 d, the system curve becomes 
fairly flat. Or if the surface levels change during pumping, the system curve will change 
accordingly, as shown in Figure 4.28e. Of course, in the cases shown in Figures 4.286, 
d, and e , a check valve is needed if the reversed flow is to be prevented. In Figure 
4.28c, no pump is needed for a flow rate below Q 0 . 

In other situations, if two or more pumps are combined, the resultant pump per¬ 
formance curve will be modified. As shown in Figure 4.29a, two pumps are connected 
in parallel, and the flow rate through the hydraulic system will be the sum of those for 
both pumps. That means, at any head, the combined pump curve will have a flow rate 
°f Qc — Qa + Qb■ If two pumps are connected in series, as shown in Figure 4.29 b, at 
any flow rate, the combined pump head will be the sum of both pumps, that is, H c = 
H a + H h . 

However, in these systems, when one pump fails, the other may be overloaded if 
no check valve or some control system is installed. In the case of parallel connection, 
if pump B fails, part of the flow from pump A will be recirculated through pump B 
back to suction. Hence the flow resistance due to the failed pump B is connected with 
the hydraulic system in parallel, and the resulting system curve is changed from 01 to 
02, and the operating point is shifted from 1 to 2, as shown in Figure 4.30a. Similarly, 
in the case of series connection, if pump B fails, its flow resistance is added to the 
hydraulic system in series. Hence the operating point is shifted from point 1 to 2, as 
shown in Figure 4.306. The possibility of pump A being overloaded will depend on 
its characteristic curve of brake horsepower, as illustrated in Figure 4.86. 


4.8.1 Stability of Pumping System 

A pumping system, like many other physical systems, when subject to an external 
disturbance, may become unstable. That means the disturbance may grow in magni¬ 
tude and eventually destroy the complete system. The likelihood that this will happen 
depends on the system characteristics. In a pumping system, the instability involves 
the fast variation of flow rate. It may originate locally and then propagate to the whole 
system and induce mechanical vibration. 

The flow surge can be associated with the local flow recirculation at the inlet and 
outlet of a pump, as mentioned in Section 4.3. Another type of flow surge is associated 
with the pump performance characteristics and the system. 

For a pump with part of the head—capacity curve decreasing to the shut off condi¬ 
tion (or positive H —Q gradient in the left of maximum head), as shown in Figure 4.31, 
unstable operation is possible. If the hydraulic system is subject to a disturbance with 
additional resistance, the system curve will change from 0A to OB. The flow rate through 
the pump decreases from Q a to Qb and results in a lower pump head //*. Since this head 
is insufficient to overcome the increased system resistance, the flow through the system 
will further decrease until the system resistance is lower than the pump head. Due to 
the system inertia, the flow rate will change back and forth. This kind of flow surge is 
especially possible in hydraulic systems with free surfaces in the tanks of both ends. 
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1-0 - 






(a) Pumps connected in parallel 





(b) Pumps connected in series 

Figure 4.29 Performance curves of combined pumps and system. 




Figure 4.30 Change of operating point due to failure of one pump in a two-pump system. 


Example 4.11 

The pipe component shown has been tested at a flow rate of 25 gpm and pressure drop 
of lOpsi due to flow friction is obtained. If its inlet and outlet have an elevation dif¬ 
ference of 3 ft, (a) plot the system curve in a head-flow rate diagram; (b) if two of the 
identical components are combined in parallel, derive an expression for the combined 
system curve in the form H c — f(Q c ). 











96 Centrifugal Pumps 


SOLUTION 

(a) With H = kQ 2 + 3, the constant k can be obtained by substituting H — 10 x 
144/62.4 = 23.07 ft and Q =25 gpm into the expression. That is, from 23.07 = 
k x 25 2 + 3, we obtain k = 0.0321 ft/(gpm) 2 . Then the H/Q relationship can 
be tabulated and plotted as follows: 


Q (gpm) 0 5 10 15 20 25 30 

//(ft) 3 3.8 6.21 10.22 15.84 23.07 31.9 



(b) Rewrite H = 0.0321 Q 2 + 3 into Q = [{H - 3)/0.0321] a5 = 5.581(// - 3) a5 . 
From Q c = 2Q and H c = H, we have Q c = 11.16 (H c - 3) 0 5 or Q c 2 = 124.6 
(H c — 3) or H c = 0.00802Q C 2 + 3. It is the expression for the combined 
system. 

Example 4.12 

Plot the combined performance curves for two of the pumps given below: (a) two 
connected in series and (b) two connected in parallel. 



Flow rate, Q 

Figure 4.31 Unstable operation of pump with positive head-capacity gradient. 
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SOLUTION The single-pump performance is given as follows: 


Q (gpm) 0 70 

H (ft) 1600 1500 

130 

1275 

172 

920 

186 

785 

190 

540 

195 

435 

200 

285 

(a) Two connected in series: 

Q (gpm) 0 70 

130 

172 

186 

190 

195 

200 

H (ft) 3200 3000 

2550 

1840 

1570 

1080 

870 

570 


(b) Two connected in parallel: 


Q (gpm) 

0 

140 

260 

344 

372 

380 

390 

400 

H (f0 

1600 

1500 

1275 

920 

785 

540 

435 

285 


3500 
3000 
2500 
£- 2000 
1500 
1000 
500 
0 

0 100 200 300 400 500 

Q (gpm) 


Combined pumps curves 


♦ A 


V 


A 


♦ H (ft) 
■ (ft) 
A H 2 (ft) 


4.9 PUMP APPLICATIONS 

As mentioned earlier, pumps are widely used in industry and the household. Wherever 
there is liquid to be transported or to be processed, there will be some types of pumps 
and very likely they will be the centrifugal pumps. Some typical pumps used in various 
industries are illustrated as follow. Two photographs shown in Figures 4.32 and 4.33 
are taken from Refs. 10 and 18. 

1. Water supply: 


Low-lift pumps 

Carbon slurry pumps, fluoride pumps, sampling 
pumps, washwater pumps, plant water pumps, 
high-service pumps 
In-line booster pumps 

Vertical turbine pumps, submersible pumps 


Used in transporting water from 
source 

Used in water treatment plant 


Used in distribution system 
Used in groundwater well source 
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Figure 4.32 Typical vertical pump for farm irrigation. (Courtesy of Weir Floway Inc 
Fresno, CA.) 



Figure 4.33 Centrifugal pump in a refining plant. (Courtesy of Ingersoll-Rand 
Phillipsburg, NJ.) 


Company, 


2. Sewage systems: 


Nonclog pumps Used to pump solid-liquid slurry mixtures in collection 

system, treatment plant and effluent system. The nonclog 
pumps can be either a radial impeller with 2 or 3 blades 
in a concentric casing or a recessed impeller to provide a 
generous clearance for slurry mixture to pass through, as 
shown in Figure 4.15. 
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3. Irrigation systems: 


Low-head axial-flow pumps 

Volute pumps, deep-well turbine pumps, 
submersible turbine pumps, (shown in 
Figure 4.32) 

Nonclog pumps 


Used in surface source (lakes, 
ponds, dams) 

Used in subsurface 
source(well) 

Used in source from sewage 
treatment effluents 


4. Petroleum industry: 


Nonclog pumps 

Vertical turbine pumps, submersible 
turbine pumps 
In-line booster pumps 

Various types of centrifugal pumps 
with single or multistages 


Used in drilling 

Used in lifting crude and secondary 
recovery 

Used in transferring crude and refined 
products 

Used in refining (shown in Figure 
4.33) 


The effects of specific gravity, viscosity, temperature, air content, and gas-liquid 
mixtures are important considerations in these applications. The American 
Petroleum Institute (API) standard 610 is widely used in designing and selecting 
these pumps. 

5. Thermal power plants: High-pressure boiler feed pumps (shown in Figure 4.34), 
cooling-water circulating pumps, condensate pumps, heater drain pumps, and 
reactor coolant pumps are used. Some special requirements for boiler feed pumps 
include (a) stable head-capacity characteristics for the whole operating range, 
(b) low required NPSP, (c) protection of overheating at low or zero capacity, 
and (d) special construction material for the feed water chemistry and pres¬ 
sure/temperature condition. 



Figure 4,34 Multistage high-pressure centrifugal boiler-feed pump for thermal power plants 
or process plants. (Reprinted by permission from Stepanoff, A. J., Centrifugal and Axial Flow 
Pumps , 2nd ed., John Wiley & Sons, New York, 1957.) 









100 Centrifugal Pumps 

6. HVAC systems: Hot- and chilled-water circulating pumps, condenser cooling- 
water circulating pumps, and refrigerant circulating pumps are used. 

7. Others: Aircraft fuel pumps, liquid fuel rocket engine pumps, marine pumps, 
and many other special pump types are used in the chemical industry, food and 
beverage processing, and hydraulic transport of solids. 

4.9.1 Variable-Speed Pumps 

The centrifugal pump operating at a fixed rotating speed has only one flow rate cor¬ 
responding to the best efficient condition. When the system requirement changes, it is 
necessary to change the throttle valve setting to the new operating point with a lower 
efficient condition of the pump. In some cases, this drop can be drastic. 

To achieve the best efficient condition for different system requirements, the pump 
can be operated with a variable-speed drive. As shown in Figure 4.35, the normal 
design operating condition is at 1, with the pump operating at speed N a . When a lower 
flow rate Q 2 is required, instead of throttling the system curve to S' 2 , the pump speed 
can be decreased to N/, and the system is throttled to 52, where 772 > Also the extra 
Ap between 2 and 2 can be saved. Or if a lower discharge pressure Api is required, 
the pump speed can be decreased to N c and the valve opened to 53 , instead of to S' 3 with 
constant pump speed N a and bypassing some extra flow rate. For more complicated 
system requirements, a multiple-pump system connected in series and/or in parallel can 
be designed. 


4.10 PUMP SELECTION 

For any application, picking the proper pump from the multitude of available types and 
sizes can be a difficult job for the user or the contracting engineer unless it is a small 



Figure 4.35 Variable-speed pump performance. 
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to medium-size pump to be used in a simple system. Pump selection requires careful 
analysis of the hydraulic system, the fluid to be pumped, and the pump’s location and 
function within the system. With a knowledge of pump capabilities and limitations, 
a step-by-step procedure will direct the engineer to the least cost of equipment and 
operation. The economic analysis of total cost should include the cost of equipment, 
space, installation, and the operating cost of energy, maintenance, and down time. To 
compare the alternatives, a simple calculation of the total cost, including the initial and 
equivalent present value of operating cost, can be performed, that is, C, = C, + C po . 
The present value of operating cost can be expressed as C po = C„[ 1 —(1 + i)~ n \/i, 
where C 0 is the periodic operating cost, i is the prevailing interest rate, and n is the 
expected equipment life. Of course, these parameters are difficult to predict. They have 
to be determined based on experience. 

A detailed listing of fluid characteristics is usually the first step in the selection 
process. These include the chemical identity of the fluid, its viscosity, specific gravity, 
and vapor pressure at the temperature during normal operation. If fluid viscosity is 
above 500 SSU (Saybolt Universal Unit) or there are more than 5% entrained gases in 
normal operation, a positive-displacement pump is probably the better choice. When 
handling slurries with a centrifugal pump, the impeller speed should be 1500 rpm or 
less. When solid volume is over 3%, a special slurry pump may be required. 

In the second step, the hydraulic system should be studied. If the required head 
varies widely with a relatively constant capacity in the system, a reciprocating pump 
operated at a constant speed will be preferred. But if the pulsation of the head is 
objectionable, a rotary pump can be selected. However, this type of pump is limited to 
low and intermediate head. A system curve with the effect of throttling, as discussed 
in Section 4.3 and shown in Figure 4.28a, can be established, including the available 
NPSH. If very high flow rate or high head is required, a double-suction or multistage 
pump can be employed. If space is permitted, pumps arranged in parallel or in series 
as shown in Figures 4.29 a and b are preferred, because some units can be closed or 
bypassed to save energy when operating conditions change. Margins should be included 
for the wear and possible future system changes. 

From the system curve, a normal operating point is selected. And with a rotating 
speed, the specific speed of the required pump can be calculated. In general, a higher 
rotating speed will mean the pump is of higher efficiency and smaller size. However 
more problems associated with cavitation and vibration will be likely during operation. 
The maximum speed can be estimated with the definition of suction specific speed if 
the available NPSH is known. The suction specific speeds S = Ag° 5 /(NPSH° 75 ) will 
vary only slightly within a limited range for a specific type of pump, as discussed in 
Section 4.4. An average value can be selected if the type of pump is contemplated. 

When a centrifugal pump is selected, a diagram based on the Cordier diagram 
specifically for the pumps in dimensional specific speed and specific diameter shown 
in Figure 4.36, can be used to select the appropriate type and size. The efficiency can 
be read from Figure 2.1 or 4.20. Similar curves are also given in Ref. 17. 

The values from these charts are generally agreeable, except for the low flow rate. 
If the double-suction or multistage pump is considered, the specific speed should be 
calculated based on single-suction, single-stage flow rate and head. 

Based on the piping layout and space available for pump installation, different 
types of pump constructions can be selected: 
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Figure 4.36 N s -D s curves for single-stage pumps, (converted from Cordier diagram) 


(a) An overhung or cantilever pump is selected for perpendicular inlet/outlet 
piping. 

(b) An in-line pump is selected for continuous piping layout. 

(c) A vertical pump has to be selected for limited space or when the fluid is 
pumped from a well. It has some advantages in certain applications in terms 
of installation, maintenance, and NPSH requirements. Typical installations are 
shown in Figure 4.37. 

Each vertical pump consists of four basic components: (1) driver, (2) discharge 
head, (3) column and shaft assembly, and (4) bowl assembly. The configuration and 
dimensions of each component can be varied to suit a particular application. 

A particular model can then be selected from the composite chart as shown in 
Figure 4.7 b, and detailed performance curves as shown in Figure A.la can be obtained 
from the vendors. 

A detailed discussion of the pump materials and their resistance to various envi¬ 
ronments and pumped fluids may be found in Hydraulic Institute standards. 3 A few 
examples are listed below: 

(a) Bronze or iron for cold water with less than 3% salt 

(b) Austenitic steel for water with more than 3% salt 

(c) Nickel-base alloys or high-silicon cast iron for sulfuric acid 

It should be kept in mind that the manufacturer’s standard materials should be used 
whenever possible. 
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(c) Deep-well pump (rf) Submersible pump 

Figure 4.37 Typical vertical pumps installations. (Courtesy of Weir Floway, Inc., Fresno, CA.) 
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Selection of the driver mainly depends on the type of energy available. In most 
cases, if electrical power is readily available, an electrical motor will be used, espe¬ 
cially for the small to medium power range. Otherwise an internal combustion or 
diesel engine will be used for power up to 50 hp. A gas turbine or steam turbine will 
be employed for higher horsepower. Occasionally, if compressed air or high-pressure 
fluid is readily available, an air motor or hydraulic motor can be considered. For 
small to medium power the variable-speed drive is preferred if the initial cost is 
justifiable. 

A technical specification has to be prepared for prospective vendors. The applicable 
codes and standards [such as the American National Standards Institute (ANSI) or API] 
should be referenced. The final selection from several technically acceptable candidates 
submitted by manufacturers is normally based on economic considerations, including 
initial and operating costs, maintenance, and other business conditions. 

In some applications, such as marine and aerospace pumps, size and weight are 
important considerations, while in other applications noise and vibration can be more 
important considerations. 

Pump data supplied by vendors should cover at least the following items: 

1. Model number and type 

2. Number of stage 

3. Impeller diameter 

4. Suction diameter and type of connection 

5. Discharge diameter and type of connection 

6 . Horse power requirements at (a) shutoff condition, (b) normal operation con¬ 
dition (b.e.p.), and (c) maximum horsepower condition 

7. Weight 

8 . Type of coupling with driver 

9. Type of shaft seal (packing or mechanical seal) 

10. Type of bearings and lubricating instruction 

11. Bed plate (cast or fabricated) 

12. Performance curves including NPSHR 

13. List of materials 

14. Pump drawing with all salient dimensions, including all external connect¬ 
ions 

Example 4.13 

A pump is needed to supply 500 gpm of water to a hydraulic system with a total system 
friction loss of 350 ft. Three pump arrangements are proposed, all driven with an alter¬ 
nating current (AC) motor of 90% efficiency. Option A is a pump directly connected 
to the motor running at 3600 rpm. Option B is a pump geared up to 4320 rpm with gear 
efficiency of 95%. Option C employs two smaller pumps connected in series running 
at 3600 rpm. Estimate the electricity consumption of each option and the approximate 
impeller diameters. 
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SOLUTION The specific speeds for all three options are calculated as follows: 
3600 x 500° 5 , 0.5 /fi.o .75 


N sa = 
N sb = 


350 0 - 75 

4320 x 500° 5 
350 0 - 75 


= 995 rpm x gpm u :> /ft 


- 1194, 


= 3600 


/ 500 05 \ 
V175°' 7 V ~ 


1673. 


From Figures 4.20 and 4.36, we obtain r) a = 0.75, D sa = 1.7, rjb = 0.78, D s b = 1.4, r) c — 
0.80, D sc = 1.1, and the diameters D a — D sa Q°- 5 /H 0 25 = 1.7(500°- 5 /350°' 25 ) = 8.8in., 
Db — 7.2 in., and D c = 6.8 in. The output hydraulic power can be calculated as 


P h = QpgH = 500 x 0.00223 x 62.4 x 350 = 24,352ft-lb f /s = 44.3 hp = 33 kW. 

Hence the electrical power required P e = Ph/(v pump x ri geai x r/ motOT ) can be calculated 
for the three options as 


Pa 

Pb 

Pc 


33 


0.75 x 0.9 
33 


0.78 x 0.95 x 0.9 
33 


= 48.9 kW, 

= 49.5 kW, 


0.80 x 0.9 


= 45.8 kW. 
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PROBLEMS 

4.1 Test results on a single-stage, single-suction mixed-flow water pump operating at 575 rpm 
are given as follows: 


Flow rate (gpm) 0 1000 2000 3000 4000 5000 6000 7000 7600 

Head (ft) 39.5 37.2 35.0 32.5 30 27 23.5 19.2 16 

Efficiency (%) 0 27.6 50.0 65.6 75.5 84 88 86 81 


(a) Plot curves for these values and the brake horsepower curve. 

(b) On the same sheet, draw the brake horsepower curve when the liquid pumped has a specific 
gravity of 0.9 but otherwise is the same as water. 


4.2 A centrifugal pump whose performance curves are shown in Figure 4.7a is used to pump 
water of 150°F from a tank as shown. If an impeller trimmed to 8-in. is used, determine the 
flow rate and the motor power input at the best efficiency point and the minimum tank pressure 
required to avoid cavitation at the pump inlet (friction loss in the suction pipe is 0.8 ft). 
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5 ft 


J 



4.3 A centrifugal pump is required to develop a pressure rise of 30psi when delivering 1000 
gpm. If three motors with 2000, 3600, and 4200 rpm are available, which motor should be used 
for maximum efficiency? What are the approximate impeller diameter and the pump efficiency? 
Should a double-suction pump be considered? 


4.4 A single-stage radial-type impeller pump has dimensions as shown. It develops a head 
of 100ft at the design flow rate of 500 gpm when rotating at 1750rpm. If the shaft power is 
measured to be 21 hp and the losses are estimated to be 1.4 hp for disk friction, 0.5 hp for 
bearing and seals, 20 gpm for leakage, determine (a) inlet blade angle , (b) slip factor /i s , 
(c) hydraulic efficiency (d) volumetric efficiency rj v , and (e) mechanical efficiency r) m . 



r] = 2 in., b j = 1 in. 
r 2 = 5in., £>7 = 0.6 
0*2 = 27 ° 


4.5 Calculate the principal dimensions at the inlet and outlet of a centrifugal water pump 
impeller which develops 100 ft of head at 800 gpm when operating at 1200 rpm at design 
conditions. 

r, = ? 6 , = ? j 6 , = ? 
r 2 =? fc 2 =? &=? 

4.6 Check the manufacturer’s claim that a centrifugal pump with a rotor diameter of 12 in. can 
supply water at a rate of 4500 gpm and produce a head of 30 ft at a rotating speed of 980 rpm. 
What should be the more likely size or performance? 

4.7 A six-stage vertical turbine pump has a design flow rate of 1500 gpm and total discharge 
head of 700 psi when rotating at 1750 rpm. Determine its specific speed. Then estimate its 
efficiency and approximate impeller diameter. 

4.8 Design the impeller vane profile for the pump in problem 4.5. Use a linear distribution 
for the blade angle, varying from inlet to outlet. 

4.9 A plant is located at an altitude of 2500 ft above sea level (atmospheric pressure 27.5 in. 
Hg). The open feedwater heater pump system is shown with the suction line equivalent length 
of 25 ft, pipe inside diameter of 3 in., and friction coefficient of 0.02. If the water flow rate is 
180 gpm and temperature is 190°F, what is the available NPSH under this condition? 
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4.10 Plot the performance curves for the pump with 7-in. outside diameter (OD) impeller 
shown in Figure 4.7a, in the form of Figure 4.6£> for head, shaft power, and efficiency versus 
flow rate. 


4.11 A centrifugal pump is tested with water of 70°F in the setup shown. The suction pipe 
inside diameter is 4 in., and discharge pipe inside diameter is 3 in. The impeller rotating speed 
is 1200 rpm and the following data are taken when cavitation starts: shaft torque 12 ft-lbf, flow 
rate 180 gpm, H\ = 2 ft of water, Hj = 25 ft of water. Determine the pump overall efficiency 
and the required NPSH. 



4.12 Two identical pumps with impeller trimmed to 7-in. with the performance curves shown 
in Figure 4.7a are installed in parallel and in series as shown in Figure 4.28. Plot the combined 
performance curves of head versus capacity. 

4.13 Oil with specific gravity of 0.75 is pumped by a centrifugal pump. When the flow rate is 
375 gpm, the pump requires 19.3 hp input, and its efficiency is 81.2%. Determine the pressure 
rise produced by the pump. Express the result as (a) feet of water and (b) feet of oil. 

4.14 Dimensions of a centrifugal pump impeller are given as r y = 400 mm, b y = 120mm, 

— 40 , ri = 1200mm, bi = 80 mm, /1 2 = 60°. If the pump is driven at 575 rpm and pumping 
water, calculate the theoretical head, torque, and power input at the design point and plot them 
from shutoff to the maximum volumetric flow rate. 

Design a single volute for the impeller of problem 4.5. 


4.15 









Axial-Flow Pumps and Fans 


5.1 INTRODUCTION 

Axial-flow pumps are used at specific speeds ranging from 10,000 to 15,000 rpm 
(gpm)°' 5 /(ft) 0 ' 75 , as shown in Figures 4.2 and 4.36. They are all single-stage machines. 
Multistage axial-flow pumps are not commercially valuable. Axial-flow fans can be 
found at specific speeds ranging from 100,000 to 200,000rpm(cfm)- 50 /(in water) 75 , as 
shown in Figure 5.1, where the flow rate is in cubic feet per meter, static pressure is 
in inches of water, and diameter is in inches. It is important to note that the dimen¬ 
sional specific speeds are defined differently for different types of turbomachines. The 
axial-flow compressors to be discussed in Chapter 7 are normally built in multistages 
to achieve a high pressure ratio to compete with centrifugal machines in price, size, 
and efficiency. The fan static efficiency defined in terms of discharge static pressure 
is normally used, where the static pressure is related to the total pressure in the form 
tp = pV 2 l2 + sp. 

Flow analysis through an axial-flow machine is treated differently from that of a 
centrifugal machine due to the fact that the flow passage in the former is relatively 
short compared to that in the latter. Therefore, two types of analysis for designing axial 
flow machines exist: (a) relating the lift and drag acting on an isolated airfoil, including 
interference effects from adjacent ones, with the flow momentum change and (b) using 
the cascade test data to relate the performance in terms of fluid deflection and pressure 
loss, to be accounted for in the Euler equation. 
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Specific speed, N s = 



/1000 


Figure 5.1 N* curve (converted from Cordier diagram to dimensional parameters) and estimated static 

efficiency (from Ref. 1) for fans and blowers. 


It is recalled from Section 3.3 that the mean radius of an axial-flow impeller is 
defined as r m = [{rf + r^)/2] 0,5 . This is the radius at which the first step of flow 
analysis will be performed. On cylindrical development, blades appear equally spaced 
at a distance s — 2nr m /Zb, which is called pitch. The ratio of the blade chord length to 
the pitch, called blade solidity (c/s), is an important design parameter for the axial-flow 
impeller. 


5.2 FLOW OVER ISOLATED AIRFOIL 

An object immersed in a flow field will be subjected to forces due to both viscous 
force and unbalanced pressure distribution around the object. The magnitudes of these 
forces are related to the geometry and orientation of the object with respect to the free 
stream flow direction. The net resultant force can be resolved into two components. 
The one parallel to the mean flow direction is called drag, while the one normal to the 
flow direction is called lift. A streamlined airfoil, properly orientated, can produce a 
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maximum lift and a minimum drag. A typical airfoil with the relevant nomenclature is 
shown in Figure 5.2. The mean line curvature is designed to change the flow direction, 
the vane thickness is for strength, and the streamlined shape is to delay the onset of 
boundary layer separation on the surface. The resultant forces in terms of lift and drag 
can be expressed in terms of the nondimensional parameters Cl and C d as discussed 
in Chapter 2, 

Fl = C L bc {\pWl) , F d = C d bc ( \pWl) 

where b is the span, c is the chord length of the airfoil (A p = be is the plane form 
area, which is the maximum projected area of the airfoil), Cl, C d are the lift and drag 
coefficients, respectively, and W m is the mean flow velocity, to be defined later. Lift is 
used to support the weight of an airplane, but in the rotating impeller of an axial-flow 
machine, it is used to convert energy from the shaft to the fluid, or vice versa, while 
drag is part of the energy losses due to friction. 

The National Advisory Commission on Aeronautics (NACA) tested and published 
a series of different airfoils. One type of NACA airfoil profile is assigned with a 
four-digit number, such as 4312. The first number indicates the camber of the mean 
line in percent of the chord (z c /c); the second indicates the location of the camber 
from the leading edge in tenths of the chord length ( x c tc ); the last two digits show the 
maximum vane thickness in percent of the chord t max /c. Other types of airfoils include 
the five-digit and the series 6 sections. In five-digit code the design lift coefficient can 
be obtained from the multiplication of the first digit with 0.15. The series 6 airfoils are 
designed for the predominantly laminar boundary layer on the surfaces. 

Some typical NACA data are shown in Figure 5.3 to illustrate the effect of vane 
thickness and vane camber. These data are based on two-dimensional flow without end 
effects. For a finite-span airfoil, the trailing vortex will be generated at the tip due 
to the pressure difference between the lower and upper surfaces. This trailing vortex 
causes a downwash of the flow at the trailing edge, and hence an effective decrease of 
the angle of attack. It can be estimated with the expression A a = —Cl/( it ar), where 
ar is the aspect ratio defined as the span over the chord (b/c). More detailed discussion 
on the airfoil is given in Appendix B. 

The axial-flow machine performance parameters are related to the inlet and outlet 
flow velocity and direction. Hence it will be useful to relate these parameters with 
the lift and drag coefficients of the airfoil, although the isolated airfoil data have to 
be modified to account for the interference effect due to the adjacent airfoils in the 
cascade, to be discussed later. Consider control volume of unit height (in the span 
direction, or b = 1) with an isolated airfoil enclosed, as shown in Figure 5.4, where 5 
is the width of the control volume to enclose one airfoil section, which is equivalent 
to the pitch of an impeller, defined as s — 2nr m /Zb. The mean flow angle fa n of W m , 
as shown in Figure 5.2, is expressed as 

tan fa = i(tan fa + tan fa), (5.1) 

and the resultant force in the peripheral direction expressed in terms of lift and drag is 
F u = F l cos fa + F d sin fa = {\pW} n ) c(C L cos fa, + C d sin fa,), (5.2) 

where W m = W\ cos fa!cos, fa„ as shown in Figure 5.4. 
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Leading edge 



a angle of attack 
inlet blade angle 
P b2 outlet blade angle 
inlet flow angle 
j 6 2 outlet flow angle 
i incidence angle 
S deviation angle (/3 2 —y®* 2 ) 


W j inlet flow velocity 
W 2 outlet flow velocity 
W m mean flow velocity 
9 deflection angle {p hi -p h2 ) 

Y stagger angle ( p m -a ) 
s flow deflection angle (/S,-/3 2 ) 


Figure 5.2 Nomenclature of airfoil section. 


From the integral form of the momentum equation in the tangential direction, with 
the velocity triangles shown in Figure 5.5, the force on the fluid due to the airfoil is 
just the opposite to the force on the airfoil due to the fluid and is equal to the gain of 
flow momentum. Hence F u can be expressed as 


F u = m(V u 2 — V, n ) = m(W u \ — W„ 2 ) = pW a s(W a tan /Jj — W a tan yS 2 ) 
= P^(tan - tan #>), 

where m = pW a s is the mass flux. 


(5.3) 






5.2 Flow over Isolated Airfoil 113 




Figure 5.3 (a) Effect of vane thickness on airfoil performance ( b ) Effect of vane camber on 
airfoil performance. (Reprinted by permission from Stepanoff, A. J., Centrifugal and Axial Flow 
Pumps , 2nd ed., John Wiley & Sons, New York, 1957.) 


Also, with W a = W m cos fi m , by equating (5.2) and (5.3) and neglecting Q, which 
is small compared with Cl, we have 


C L — 2 (tan Pi - tan fi 2 ) cos 


(5.4) 
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depicted in Figure 5.4. Since the axial component of the flow velocity from the inlet 
to the outlet is unchanged as mentioned, we can write the momentum equation as 
(P 2 - pi)s = F a = F l sin p m - F d cosp m , or 


P2- Pi = 



(Cl sin p m C d cos pm)’ 


(5.6) 


These equations relating the turbomachine parameters with the airfoil parameters will 
be used for axial-flow machine design and analysis. 


Example 5.1 

An axial-flow fan impeller with the dimension indicated is designed with a NACA 
4312 airfoil. If it delivers 11,560 cfm at the design flow rate when rotating at 3500 rpm, 
estimate the static pressure rise across the rotor and stator at the mean radius (assuming 
efficiency across the stator to be 85%). 


SOLUTION From Figure 5.3<2, we have Cl = 0.36, C d = 0.017, and a = 1.8° at 
maximum LID. Also, we have 


A — n(rf — rf[) = 518.4in. 2 = 3.6fr, 
r m = \\( r j + r A)]° 5 = 9.65 in. = 0.804 ft. 
So 


U m = 


Nn \ 


30 ) 


)r m =294.7 ft/s, 5 = 


2jrr„, 


Z b 


8.66 in., 


| * 

_Zh 

Z;, = 7, y= 70° 
r,= 13.25 in., c m = 3.5 in. 
r h = 3.25 in., 


Q 11,560 

V a = Vi = — = —--= 53.5 ft/s, 

A 60 x 3.6 


Pi = tan 


-l / Um 
Vi 


79.7°, p m = y + a = 71.8°. 



From tan p m = (tanySi + tanp 2 )/2, p 2 = 30.1°; Then W m cosp m = V a , so 
171.3 ft/s. Hence across the rotor, we have 


A p r = y (y) (C L sin p m - C d cosp m ) 

'0.0762 x 171.3 2 \ ( 3.5 


2 x 32.2 


8.66 


(0.36sin71.8° - 0.017cos71.8°) 


= 14.03 x 0.337 = 4.73 lb f /ft 2 = 0.0328 psia = 0.91 in. wg. 



Across the stator, from the velocity diagram, we have W u2 = V u tan p 2 = 53.5 x 
tan 30.1° = 31.0 ft/s and V 2 = [ V a 2 + (U m — W u2 ) 2 ] 0 ' 5 = 269.0ft/s. So, assuming 
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V 3 = V., 

A „ _ {VsP\ n/2 I/2 , _ [0.85 X 0.0762/(2 x 32.2)](269 2 - 53.5 2 ) 

Ps ~ XT) ( ^ 2 " V °> ~ - 144 - 

= 0.485psia = 1.12ft = 13.44in. of H 2 0. 


5.3 AXIAL-FLOW CASCADE 

A typical axial-flow impeller and its relevant dimensions are shown in Figure 5.6, where 
s is the pitch or spacing mentioned in the previous section and can be determined as 
s = 2nrtZb. Here, sic is the pitch/chord ratio, while c/s is the solidity for the axial-flow 
impeller. The aspect ratio is defined as the ratio of the span and chord (b/c), where 
b — r t — r h . 

To discuss the interaction between the flow and impeller, it is convenient to show 
the vanes on the development of several cylindrical sections, such as tip, hub, and mean 
radius, which is defined as r m = [(r, 2 + r^ 2 )/2] 0 5 . A typical development is shown in 
Figure 5.7. This is called a cascade, which simulates the axial-flow impeller better than 
the isolated airfoil. A stationary cascade can be tested in a wind tunnel to provide data 
for an axial-flow machine design. The measurements in terms of the total pressure loss 
A/?o and the flow angle deflection e = — /? 2 can be taken along the leading and 

trailing edges. These data can be averaged and converted into lift and drag coefficients 
with Equations (5.4) and (5.5). Their variations versus the incidence angle, i = /Jj 
— fibi, are shown in Figure 5.8 qualitatively. It is shown that s and Cl increase with 
increasing incidence until the stall point, where s = p\ - = Pb\ + i - (Pb 2 + 8) = 

6 + i — S. Hence the flow deviation <5 can be determined. The angles are depicted in 
Figure 5.2. The stalling point e s is defined as the condition when total pressure loss 
is double the minimum value, and the nominal deflection selected for design is set at 
e* = 0.8 s s . 

Although the type of cascade data shown in Figure 5.8 can provide information 
for axial-flow machine design, it requires extensive tests for one type of machine 
design. Hence another type of cascade test is devised to supplement the existing iso¬ 
lated airfoil data such that the lift coefficient of a cascade is related to the isolated 
airfoil lift coefficient by Cl = KCjj , where the cascade coefficient K is a func¬ 
tion of the pitch/chord ratio ( s/c) and the stagger angle y of a cambered blade, 
as shown in Figure 5.9 2 [the stagger angle y shown is with respect to the axial 



Figure 5.6 Basic dimensions of an axial-flow impeller. 
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S/C 

Figure 5.9 Variation of cascade coefficient K for circular arc airfoil with pitch-chord ratio 
and stagger angle. (Reprinted by permission from Lakshminarayana, B., Fluid Dynamics and 
Heat Transfer of Turbomachinery , John Wiley & Sons, Inc., New York, 1996.) 

direction]. It is noted that, as sic increases, the cascade coefficient approaches unity, 
since the interference diminishes. As sic decreases to zero, K approaches zero. In the 
range of practical applications, where sic > 0.5, K is generally less than 1. Although it 
decreases with decreasing s/c (i.e., increasing blades number), the total effectiveness of 
energy transfer still increases with increasing blade number within a reasonable limit. 
The interference effect on Q is negligible. 

More detailed discussion of cascade test data will be given in Chapters 7 and 8 
when the axial-flow compressor and turbine are covered. 


5.4 PRELIMINARY DESIGN PROCEDURE 

The design procedure for both pumps and fans of axial-flow type are similar except for 
a few empirical correlations, since the gas flowing through the fans can also be treated 
as incompressible. 

The design starts with the specification of flow rate Q, head rise H (or static 
pressure rise SP for a fan) and rotating speed N in rpm or go in radians per second. 
From these parameters, the specific speed can be calculated as 


or 


N s 


aVgpm 
H 075 


for pumps, 


aVcfm 

(SP) 0 - 75 


for fans, 


_ &VQ 

The Cordier diagram shown in Figure 2.2 (or Figures 4.36 and 5.1) can be used to 
determine the specific diameter and hence the impeller tip diameter D t . An appropriate 
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hub-tip ratio (ZVD,) generally falls in the range of 0.3-0.7, and its relationship with 
Ns and solidity c/s at the impeller periphery for both pumps and fans is shown in 
Figure 5.10. 3,4 Or the relationship shown in Figure 5.10a can be expressed approxi¬ 
mately as 

c 10 

s ~ (Dh/D,)(N S /1000) L5 


Hub ratio, v 




30 40 50 60 80 100 150 200 300 

Specific speed, Af s /1000 (based on TP in in. wg) 

(b) 


Figure 5.10 (a) Hub-tip ratio, blade number and chord pitch ratio for axial-flow pump 

(. b ) Optimum hub-tip ratio for axial-flow fan (c) Mean head and flow coefficients for axial-flow 
fans. [Reprinted by permission from (a) Stepanoff, A. J., Centrifugal and Axial Flow Pumps , 
2nd ed., John Wiley & Sons, New York, 1957; (b, c ) Jorgensen, R., Fan Engineering , 9th ed., 
Howden Buffalo Company, Buffalo, NY, 1999.] 
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(c) 

Figure 5.10 ( continued ) 


Some alternative design with an appropriate value of c/s to avoid stall in an axial 
fan has been suggested in Ref. 5. The solidity calculated should be in the range of 
0.4—1.1, otherwise a different hub—tip ratio should be chosen. For fans, the solidity 
can be chosen from the related cascade data to match the required flow angles. The 
chord c is selected to provide an aspect ratio, that is, blade height to chord (b/c), of 3 
or more. For pumps, this ratio should be lower for mechanical strength. 

The inlet and outlet flow angles at the mean diameter are then determined from 
the velocity triangles using the following equations: 


Dm ~ [\ (A 2 + D h 2 )f ' 5 , U = ±NnD m , 


V a 


V U 2 = 


4 Q 


n(D t 2 - D h 2 ) 

gH 


= tan 1 


mu' 


fa ~ tan 


-m- 


where the hydraulic efficiency r) h can be estimated first (with the overall efficiency 
from Figure 4.36 or 5.1), then checked with the airfoil or cascade data later. For 
axial-flow pumps and fans, rj h runs from 0.85 to 0.90. With flow angles fa, p 2 and the 
solidity c/s determined, the corresponding required lift coefficient can be calculated 
from Equation (5.4): 


c l = (tan fa - tan fa) cos fi m . 

The angle of attack or incidence angle can then be determined from the appropriate 
airfoil or cascade test data, such as those illustrated in Figure 5.3, 5.8, or 5.9. The stagger 
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angle or the inlet blade angle can be calculated from y = fi m — a or pbi — — z. 

Hence the setting of the selected blade section with respect to the axial direction is 
fixed at the mean diameter. 

Hydraulic efficiency, sometimes called stage efficiency in the literature, including 
rotor and stator estimated earlier, can now be compared with the value calculated from 
the expression 


m = 


A p_ 
A pi 


R r — <p8 r 1 — R r — (p8 s 
<p + 8 r R r <p + <5^(1 — R r ) 


(5.7) 


where <p = VJU, R r = W mu /U and 8 r/s — tan -1 (Q/Cl) for the rotor and stator. The 
detailed derivation for this equation is given below. If a significant difference is found, 
the design process should be repeated with a new hydraulic efficiency until they match 
closely (5% or less). 

Additional pressure losses due to the annulus loss associated with the hub and 
casing surfaces, secondary flow loss, and tip clearance leakage loss can be accounted 
for by adding the corresponding loss coefficients to the profile drag coefficient obtained 
from the airfoil or cascade data. These empirical loss coefficients are given by Howell 6 
as follows: 


0.02s o /c,\ , * 

Cda = —, Cds = 0.018 C\, C dl = 0.29 Cl 5 , 

where s is the pitch, b is the blade height, and c, is the tip clearance. The design 
procedure described above can be briefly depicted in the flowchart in Figure 5.11. 

Equation (5.7) is derived as follows: From the force balance across the control 
volume enclosing the rotor shown in Figure 5.12, we have 

(P2 - Pi)r s - F a - F l sin - F d cos (5.8) 


From the force diagram, we have F a — F u tan(/i m — 8 r ), and from the momentum 
equation in the tangential direction we have 


F u = pV a s(V u2 - V Hl ) = P U 2 s<PA, 


Specification Figure 2-2 Figure 5-10 



Figure 5.11 Flowchart for axial-flow impeller design. 
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A pi = pU 2 (j>A[R r /<p + (1 — R r )/cp] = pU 2 A. Hence the hydraulic efficiency can 
be obtained as 

A P , T Rr ~ < t >8r , 1 - R r ~ <t>S s " 

A Pi I <p + 8 r R r (fr + SAl-Rr)] 

which was equation (5.7). 


5.4.1 Diffusion Casing 

The purpose of the diffusion casing of an axial-flow pump or fan is to straighten the 
flow into the axial direction and convert part of the kinetic energy leaving the impeller 
into pressure rise. This is accomplished with a set of stationary vanes (or stators) and 
a divergent flow area. 

The diffusion vane curvature is selected so that the fluid enters the vanes with 
a minimum loss and leaves the casing axially. The fluid entering the vanes should 
have a flow angle greater than the vane angle, that is, p /2 > fib, with angle of attack 
a — Pf 2 — fib between 2° and 3°. The clearance d between impeller trailing edge and 
diffusion vanes should be between 5 and 10% of the impeller diameter. This is to allow 
the flow adjustment under off-design conditions. A closer clearance is preferred if the 
machine is to be operated mainly around the design condition. 

The solidity c/s at the mean radius should be around unity. The casing enclosing 
the diffusion vanes can also be divergent to slow down the axial-flow velocity and to 
match with the discharge dimension specified. But the included angle of divergence 
should be less than 8° to prevent possible boundary layer separation. 

Example 5.2 

Design an axial-flow fan with the following specifications: Q = 5m 3 /s, A p s — 500 
Pa, N = 1500rpm, assuming p a = 1.22kg/m 3 . 

SOLUTION 

(a) Convert Q = 5m 3 /s = 10,595 cfm, p a = 0.0761 lb m /ft 3 , SP = A p/(p w g) = 
500/(1000 x 9.8) = 0.051 m = 2.01 in. wg. 

(b) Calculate the specific speed: 

Ar 1500(10,575) 0 - 5 ni rpm(cfm) 0 ' 5 
(2.01) 0 - 75 ’ (in. H 2 0) 0 - 75 ' 

and w = Nn/30 = 1500;r/30 = 157 rad/s. So = 157(5) a5 /(500/1.22)°- 75 = 3.85. 
From Figure 5.10/?, we select v = Dh/D t = 0.5, and the blade number = 
6v/(l — v) = 6. From Figure 2.2, the specific diameter is obtained as A s ~ 1.5. 
Hence D, = 1.5 x (5) a5 /(500/1.22)°- 25 = 0.74 m and D h - vD t = 0.37 m. Also A = 
tcD t 2 (1 - v 2 )/4 = 0.322 m 2 and D m = [(D, 2 + D* 2 )/2] a5 = 0.585 m, F a = Q/A = 
15.5 m/s, U m — coD m /2 — 45.9 m/s, and 0 m = V a /U m = 0.337 can be obtained. Then 
from Figure 5.10c, we obtain <p m (s/c ) = 0.65 or sic — 1.93, where s = nD m /Z)j = 
0.306m. Assuming V) = Vj — V a = 15.5m/s, the total head can be calculated from 
gH t — A p s /p + V 2 /2 — 530 (m/s) 2 , or TP = 2.59in. wg. 
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(c) Next try ??/, = 0.77. Then we obtain 
gH, 530 


V u2 = 


Vh ^ n, 


0.77 x 45.9 


= 15 m/s, 


fa = tan 




- 1 ' ' = tan- 1 


(S) 


fa = tan 


i (U m -V u2 


= tan 


-i 


= 71.3°, 

45.9- 15 
15.5 


= 63.4° 


tan fa n = 0.5(tan fa + tan fa) = 2.47, fa = 68°. 



Pi 


From Equation (5.4) we have C L = 2(s/c)(tmfa - tan fa) cos fa = 2 x 1.93(2.95 
— 2.0) x 0.374 = 1.37. This is the cascade lift coefficient required. To use the isolated 
airfoil data, we obtain K = 1.2 from Figure 5.9 with y = 60°. Hence C Li = 1.37/1.2 
= 1.14. 

(d) If NACA 4312 airfoil section is selected, at a — 12°, C Li — 1.14 and C L /C d = 
LID — 12. Substituting the above data into Equation (5.7), where R r = 
W m JU m — (p tan f$ m = 0.337 x 2.475 = 0.834, 8 r 5^ = 0.08, we have 

_ n /0.834 - 0.337 x 0.08 1 - 0.834 - 0.337 x 0.08 \ 

V0.337 + 0.08 x 0.834 0.337 + 0.08(1 - 0.834) J 

= 0.337(1.99 + 0.397) = 0.80 (» 0.77). 


Also Y = fan - Ct = 68 - 12 = 56°, c = s/1.93 = 0.16m. 

(e) Double check the data obtained with those given in Figure 5.1. It is shown that 
ris = 0.74, D s = 0.35 = A(SP) a25 /(CFM) 0 ' 5 . Hence D, = 0.35(10,595)°- 5 / 
(2.01) = 30.2 in. = 0.77 m. It is close to what we have. However, some alter¬ 

native design may be performed with selection of a little higher hub—tip ratio v and 
other available airfoil sections. 


5.5 THREE-DIMENSIONAL FLOW EFFECTS: RADIAL 
EQUILIBRIUM REQUIREMENT 

The flow through a rotating impeller is in general a complicated three-dimensional 
process, even in an axial-flow machine. Some three-dimensional flow effects on total 
pressure loss have been mentioned in the previous section, such as the secondary 
flow, boundary layer on the hub and casing surfaces, and leakage through the tip 
clearance. 

Another important three-dimensional flow effect is the tangential-flow velocity 
distribution along the blade radius from hub to tip. This can be controlled in the 
impeller design by selecting a proper blade section setting along the radius. 

The general three-dimensional momentum equation of inviscid fluid (also called 
the Euler equation in fluid mechanics, not to be confused with the Euler equation 
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for energy transfer in turbomachinery) in a radial direction expressed in a cylindrical 
coordinate system can be written as follows: 

1 dp dV r V u dV r 8V r vl 
p dr r dr r dO a dz r 

Assuming axisymmetric flow and imposing a zero radial-flow velocity, it can be sim¬ 
plified to 

(5.9) 

p dr r 

This is called the radial equilibrium condition. It can also be derived from the force 
balance between the pressure gradient and the centrifugal force of a fluid element in 
the radial direction as shown. 



The momentum equation can also be written along a streamline (again neglecting the 
radial-flow velocity component) as 

— + V u dV u + V a dV a = 0. (5.10) 

P 

Combining Equations (5.9) and (5.10), we obtain 


(^jd{V u r) + V a dV a = 0. (5.11) 


Several different tangential-flow velocity distributions along the radius can satisfy 
this momentum equation. They are discussed below. 


(a) Free-vortex flow, that is, V u r = const., with the axial-flow velocity set as constant 
is the simplest type of velocity distribution. It also results in uniform loading (i.e., 
energy transfer) along the impeller radius from hub to tip, since A E — UV U = co rV u 
= const. It is commonly adapted in axial-flow impeller design. 

(b) Forced-vortex flow can be generalized as V u r" = const. For a free vortex, n — 1, 
and if n = — 1, that is, VJr — const., it is called forced-vortex or solid-body rotation 
because its tangential velocity distribution is the same as that of a rotating solid body. 
The corresponding pressure distribution can be derived from 


dp pVt p(ajr') 2 pa> 2 {rj-rl) 

— = -= - = pcx) r, p, - p h = -—--. 

dr r r 2 

No simple expression can be obtained for the axial-flow velocity distribution in 
this case. Also, the forced-vortex pattern has to be set up artificially by the inlet guide 
vanes at the inlet of the rotor. And there is a limiting hub-tip ratio, since the axial-flow 
velocity decreases from the hub to the tip, with a limiting value of zero at the tip. It 
may be impossible to obtain radial equilibrium without V a becoming negative, which 
is an impossible design condition. 
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(c) The third type of flow pattern, useful in practice, is one in which the blade angle 
is constant, that is, an untwisted blade. In the case of fixed blades such as those in a 
nozzle or diffuser, by combining V a — V u cot with 

— + VudV u + V a dV a = 0, = dr • 

P P \r J 

we obtain (V?/r) dr + (1 + cot 2 fi b )V u dV u = 0, or V u r sin2p » = const., also V a r sin2 ^ = 
const. Hence both V u and V a vary along the radius. When p b is close to 90°, sin = 
1.0, so the tangential-flow velocity will be close to that of the free vortex. Because the 
untwisted blade means a saving in manufacturing, this flow pattern can be adapted in 
the design of low-cost products. However, with today’s five-axis CNC machines, the 
twisted blades can be easily produced with some extra cost. 

Example 5.3 

The whirl velocity at the trailing edge of an axial-flow impeller as shown is constant 
with 50 m/s from hub to tip. What should the axial-flow velocity distribution be in 
order to satisfy the radial equilibrium condition? If the axial-flow velocity is 70m/s at 
the hub, determine its magnitude at the tip. 



SOLUTION From Equation (5.11), with V u = const., we have V 2 /r dr + 
V a dV a = 0, or V 2 In r + V 2 /2 = C, or V 2 In {r/r h ) = (V£ h - V 2 )/2, or V 2 = 
v ah ~ 2V u In (r/r h ) = 4900 - 2 x 2500 ln(r/0.2). Hence we have V a = [4900 - 5000 
ln(5r)] 0 5 m/s, and at the tip, V at = 27.1 m/s. 

Example 5.4 

Determine the relative flow angles at the hub and tip for the fan impeller of 
Example 5.2 using the free-vortex design. 




Hence 
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(b) At the tip 

U, = | (157 x 0.74) = 58.09 m/s, 
Hence 


15 x 0.585 , 

V 2 =-= 11.86m/s. 

0.74 


_ —t ( 58.09\ _ . „ , /58.09- 11.86N 

* =130 (l5J ) = 75 0 ’ h ^ ( 15.5 ) 


71.4°. 


5.6 FAN TEST 

In addition to the axial-flow fan discussed in this chapter, centrifugal fans (or radial-flow 
fans) are commonly used for higher head and lower capacity. They will be discussed 
in the next chapter along with the centrifugal blower and compressor since they are 
geometrically similar and require thermodynamic consideration due to the compress¬ 
ibility effect. However, in the next three sections, dealing with fan tests, application, 
and selection, the centrifugal type fan will be included. 

The setup and procedure to test a fan by the manufacturers are specified and can 
be certified by the AMCA (Air Movement and Control Association). Ten different test 
setups are specified in AMCA 210. Three typical ones are shown in Figure 5.13. 7 The 
flow rate can be measured with either a pitot tube traverse or a nozzle; the former is 
less expensive but more tedious to perform. The static pressure is measured with a 
pressure tap on the pipe wall. The fan can be installed either upstream or downstream. 
The dynamic pressure measured with the pitot tube, p v 3 = p w g A h v , can be used to 
calculated the flow velocity V 3 through P 3 Vt, 2 /2 = p v 3 . Then the inlet flow rate <2o can 
be calculated from poQo = P 3 V 3 A 3 , where A is the cross-sectional area. Also the total 
pressure at the fan outlet, p t2 , is calculated as pa — p S 3 + Pv 3 + A pi, where A pi is 
the loss due to the straightener and transformation piece. Or the static pressure at the 
fan outlet can be measured with a pressure tap and the dynamic pressure there can be 
obtained from p v2 = p v 'i(p'il P 2 ){A 3 ,IA 2 ) 2 , where p can be calculated from temperature 
T and pressure p measured. The detailed formula and the test procedure are given in 
Ref. 7. 

Example 5.5 

A centrifugal fan is tested with the setup shown in Figure 5.13a. The air flow velocity 
at P 13 is measured with a pitot tube (p v 3 ), the static pressure at P 12 is measured with 
some pressure taps (p S 2 ), the rotating speed N and shaft power H are measured with 
dynamometer mounted on the shaft between motor and impeller. These data are listed 
below in the first four columns. The pipe inside diameter and fan discharge area are 
di = 6.065 in. and A 2 = 5 x 6.5 = 32.5 in. 2 , respectively. The lab barometric pressure 
and temperature are p a = 14.6 psia and T a — 75°F = 535 R. Calculate the relevant 
data and plot the fan performance curves of total head, shaft power, and total efficiency 
versus the flow rate at N = 3500 rpm. 

SOLUTION Since the pressure changes are small compared with the barometric 
pressure, constant densities are assumed, that is, p 3 = p 2 = p a , where p a = pj 
(RT a ) = 14.6 x 144/(53.3 x 535) = 0.0737 lb m /ft 3 . The areas A 2 and A 3 are calculated 
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PL.l PL.2 PL.3 



PL.l PL.2 


PL.4 PL.6 



( b ) Nozzle on end of outlet duct 



(c) Multiple nozzles in chamber P S 5 AP 


Figure 5.13 AMCA fan test setups. (Reprinted by permission from Laboratory Methods of 
Testing Fans for Rating, AMCA Standard 210-99, andASHRAR Standard 51-1999 , Air Movement 
and Control Association, Inc., Arlington Heights, IL, www.amca.org; © American Society of 
Heating and Air-Conditioning Engineers, Inc., Atlanta, GA, 2000, www.ashrae.org.) 
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as A 2 = 5 x 6.5 = 32.5 in. 2 = 0.225 ft 2 and A 3 = tt x 6.065 2 /4 = 28.9 in 2 = 
0.2007ft 2 . From p 3 V 3 2 /2 = p wgPv 3 , F 3 can be calculated as 


l/ 3 = 


P3 


2 PwgP v3 2 x 62.4 x 32.2 I p v3 


0.0737 


12 


= 67.47^ (ft/s). 


Then the inlet flow rate can be calculated as Q = Q 3 — V 3 A 3 = 0.2007 x 60 x V 3 = 
12.04 x V 3 (cfm). Also the dynamic pressure at Pli can be calculated as p v 2 — 
Pv 3 (A 3 /A 2 ) 2 (p 3 /p 2 ) = (0.2/0.225) 2 p v3 = 0.79 p v3 and the total pressure as p t 2 = p S 2 + 

Pv 2- 

To correct these data to a fixed rotating speed of 3500 rpm, the fan laws can be 
used as Q' = Q(3500/iV), p' a = p a ( 3500/N) 2 , and H' = H (3500/A) 3 . Finally the total 
efficiency can be calculated as 

_ Pwgp'qQ! _ 62.4/4£)' _ Q'p',2 

V ' ~ H' ~ H' x 550 x 12 x 60 ~ 6346//'' 

In order to plot all three parameters on the same scale, lQp^', 10/7', and rj, are plotted 
in percent. 
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5.7 FAN APPLICATION 

Fans are extensively used in HVAC systems, as shown in Figure 1.7. The fans are used 
in the air-cooled condenser and the supply/retum air duct system. In a large system, 
they are used in a cooling tower, as shown in Figure 5.14. 8 

Fans are also used in building ventilation, such as building HVAC systems and the 
typical industrial and tunnel ventilation systems shown in Figure 5.15. 9 
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(a) Air-cooled condenser 
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(c) Hyperbolic cooling tower 

Figure 5.14 Fans used in air-cooled condenser and cooling tower. (Reprinted by permission from: (2004) ASHRAE 
Handbook, HVAC Systems and Equipment, (c) American Society of Heating and Air-Conditioning Engineers, Inc., 
Atlanta, GA, www.ashrae.org.) 
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Grade Grating 



l 
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(b ) Tunnel ventilation 

Figure 5.15 Typical ventilation systems. (Reprinted by permission from: (2003) ASHRAE 
Handbook , HVAC Applications, (c) American Society of Heating, Refrigerating and 
Air-Conditioning Engineers, Inc., Atlanta, GA, www.ashrae.org.) 
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The ventilation flow rate Q can be estimated from Q = CGR/MAC (in cubic feet 
per minute), where CGR (parts per minute) is the contaminant generation rate and MAC 
(parts per cubic feet) is the maximum allowable concentration. Or from the specified 
air change per hour, N , Q can be calculated from Q — NV /60, where V (in cubic feet) 
is the total volume of space to be ventilated. The American Society of Heating and Air 
Conditioning Engineers (ASHRAE) specifies the following criteria: 


Office buildings 

N 

= 4, .. 

. , 10 

Garages 

N 

= 4, .. 

• ,6 

Restaurants 

N 

= 8, .. 

. , 12 

Warehouse 

N 

= 1, 

• ,4 


Other applications of fans, blowers, or exhausters include material conveying, dust 
and fume removal, and handling of hot air or industrial gases. 

The operating condition of a fan in a duct system is located at the intersection 
point of the fan performance curve and the system curve similar to that in liquid 
pumping systems, shown in Figure 4.27. Both parallel and series combinations of fans 
are also possible. The similarity laws (called fan laws when applied to fans) mentioned 
in Chapter 2 are also applicable to fan performance. They will be discussed in detail 
in Chapter 7. 

In fan applications, noise level L p is an important consideration. Noise can be 
generated from both mechanical and aerodynamic sources. It is a complicated and 
difficult topic. Detailed discussion on this topic is beyond the scope of this text. It will 
only be briefly mentioned here that noise level is specified in terms of decibels (dB), 
which is defined as L p = 20 log(p/po) = 10 log(w/wo), where p and w are the rms 
(root-mean-square) magnitude of the noise pressure and power intensity and po = 2 x 
10 ~ 5 Pa, wo = 10 -12 W are the reference values. 

The noise due to various sources can be added to or subtracted from each other. 
But they have to be done on the power values, not the decibel values directly. So the 
noise due to sources A and B can be added as w a + Wb = w c , or 

10 dBa/1 ° + 10 dBi,/io _ 10 dB c /io or dBc _ i0[log(10 dBa/1 ° + 10 dBfc/10 )]. 


Example 5.6 

If the background noise level is 65 dB and the total combined noise due to a fan and 
the background is measured as 70 dB, calculate the noise level due to the fan itself. 

SOLUTION Since dB f = 10[logI0 dB V10 + 10 dB //10)], we have 

dB/ = 10 [log (l0 dB,/1 ° - 10 dB ^ 10 )] = 10 [log (10 7 - lO 6 ' 5 )] 

= 10 [log (6.84 x 10 6 )] = 68.3. 
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5.8 FANS AND SYSTEMS 

The fan and air duct system in a typical central air-conditioning system is shown in 
Figure 5.16. 10 Similar to the pumping system discussed in Chapter 4, the operating 
condition of the fan in an air duct system is determined by the intersection point of 
the fan and system curves. Flow resistance in the air duct can be calculated with 
the procedure similar to that for the hydraulic system. But in the air duct system the 
pressure change due to gravitation is negligible and the flow pattern adjustment takes a 
longer distance, as shown in Figure 5.17. 10,11 Hence, in analyzing the air duct system, 
consideration should be given to the additional effects due to (a) fan-system interaction 
and (b) the interaction between the elements of the system itself. 


5.8.1 Fan-System Interaction (System Effect Factor) 

The system effect factor (SEF) is due to the difference in fan inlet and outlet conditions 
under laboratory testing and those when the fan is installed in the system. The effects 
are associated with (1) improper outlet connection, (2) nonuniform inlet flow, and 
(3) swirl at the fan inlet. 

A set of system effect curves is published by the AMCA and reproduced in 
Figure 5.18. 11 Each line is for a particular configuration. For example, if a vane-axial 
fan is installed without an outlet duct, the line U should be used. If 12% of the effective 
duct is installed, the line V should be used. To determine the SEF for a certain config¬ 
uration, from the abscissa with appropriate air flow velocity, read up to the applicable 
curve, then read across to the ordinate, to find the SEF at standard air density. To 
correct for a different density, multiply the standard SEF by the density ratio. More 
detailed discussion on other configurations is given in Ref. 11. 

5.8.2 Element System Effects 

Element system effects account for the additional losses when two or more elements 
are installed in close proximity, while the data published for an individual element 


System 

Inlet 



System System System 

Outlet Outlet Outlet 


Figure 5.16 Air duct system for central air conditioning (Ref. 10). (Reprinted by permission 
from AMCA Publication 200-95, Air Systems, Air Movement and Control Association, Inc., 
Arlington Heights, IL, 2007. www.amca.org.) 
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Figure 5.18 System effect cures. (Reprinted by permission from AMCA Publication 201-02, 
Fans and Systems, Air Movement and Control Association, Inc., Arlington Heights, IL, 2002, 
www.amca.org.) 


are tested with an appropriate setup (normally measured at 10 diameter straight duct 
upstream and downstream of the element). Some examples of these effects are shown 
in Figure 5.19. 10 The dimensionless loss coefficient C is defined as dp — C(pV 2 / 2). 
It is shown that in the case of two identical elbows, when two elbows are located too 
closely, the total loss is more than the summation of two individual ones. In the case 
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(a) Two identical mitered square elbow elements (b)Two identical straight and turning elements 

Figure 5.19 Estimated system effects. (Reprinted by permission from AMCA Publication 
200-95, Air Systems, Air Movement and Control Association, Inc., Arlington Heights, IL, 2007, 
www.amca.org.) 



1 

j 

3 


of two different elements, the system effect factor K defined as C c — K{C a + Q,) 
approaches 1 when two elements are separated farther apart. More detailed discussion 
is given in Ref. 10. 


Example 5.7 


Two mitered square elbows are installed at the discharge of a vane-axial fan as shown. 
If the air flow rate is 7000 cfm, determine the additional pressure loss due to the system 
effect factor (assume air density of 0.075 lb m /ft 3 ). 
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SOLUTION The average flow velocity V is determined as V = Q/A — 7000/ 
(1.5 2 7r/4) =3961 fpm 4000 fpm. So we have 100% effective discharge duct length 
L e = [2.5 + (4000 - 2500)/1000]D = 4 D = 6ft and L\!L e = 0.75/6 = 0.125. So the 
line V in Figure 5.18 can be used to obtain SEF] = 0.255 in. wg. For the two elbows, 
we have L 2 ID =3/1.5 = 2 and C 2 = 4.2 from Figure 5.19a. Hence we obtain SEF 2 = 
4.2(pV 2 /2) = 4.2[(0.075/32.2)(4000/60) 2 /2](12/62.4) = 4.18 in. wg. 


5.9 FAN SELECTION 

Fans or blowers can normally be classified into the following eight types according to 
the aerodynamic aspect of the impeller and housing, as shown in Figure 5.20. 8 The 
performance curves of static pressure p s , brake horsepower wo, and efficiency rj versus 
volume flow rate are also given: 

(a) A propeller fan with two to four blades and no housing and hence a high swirl 
flow and maximum efficiency that is reached near free delivery is used for 
low-static-pressure and high-volume-flow-rate application. 

(b) A tube-axial fan with a single propeller in a tube, can handle static pressures up 
to 4 in. of water at flow rates to 500,000 cfm. 

(c) A vane-axial fan with discharge guide vanes to smooth gas flow for static pres¬ 
sures up to 9 in. of water and flow rates to 600,000 cfm is unstable at low 
flow rates, with peak horsepower at shutoff condition due to the flow mismatch 
between rotor and stator. 

(d) A centrifugal tubular impeller housed in a tube, with flow discharged from the 
impeller having to turn 90° into the axial direction, has lower efficiency but 
higher static pressure than the axial fans for the same size and speed. 

(e) An airfoil section blade for stable and efficient operation with less turbulence; 
can be either radial or backward inclined. 

(f) A backward-inclined or curved blade for stable operation but less efficient than 
the airfoil section blade is the most widely used centrifugal fan. 

(g) A radial blade, for easy fabrication but even less efficient, can generate static 
pressure up to 60 in. of water. 

(h) A forward-curved blade, for higher discharge heads with the same impeller diam¬ 
eter, is less efficient and stable with positive pressure slope on the left of b.e.p. 

Their corresponding N s -D s and static efficiency curves are also shown in Figure 5.1. 
This diagram will be used as the starting point for selecting a fan to meet the performance 
required. 

Other factors that should affect the choice include noise level, initial operating cost, 
safety, reliability, installation, and maintenance. For the same application, a correctly 
sized axial fan will generally be smaller and lighter than the radial type, but it has 
to be operated at a much higher speed. This implies that the axial-flow fan will cost 
less to purchase and be less expensive to install but usually will cost more to operate, 
because its higher speed incurs noise, vibration, and more mechanical problems. There 
are several different fan drive arrangements, as shown in Figure 5.21. 11 Their choice 
will depend on the space and the system configuration. 
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Figure 5.20 Classification of axial and centrifugal Fans. (Reprinted by permission from: (2004) 
ASHRAE Handbook-HVAC System and Equipment , © American Society of Heating, Refriger¬ 
ating and Air-Conditioning Engineers, Inc., Atlanta, GA, www.ashrae.org.) 
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Optional on all 


_..-""arrangements X. 

\ - 1 —! 


Diffuser 




Arr. 1 Arr. 1 Two stage 

For bell drive or direct connection. Impeller overhung. Two bearings 
located either upstream or downstream of impeller. 


m 



I 0 ) 


Arr. 3 

For belt drive or direct 
connection. Impeller between 
bearings that are on internal 
supports. Drive through inlet. 



Arr. 4 Arr. 4 two stage 

For direct connection, impeller 
overhung on motor shaft. No 
bearings on fan. Motor on 
internal support. 



Arr. 7 

For belt drive or direct connection. 
Arr. 3 plus common base for prime 
mover. 


Arr. 8(1 or 2 stage) 

For belt drive or direct 
connection. Arr. 1 plus 
common base for prime mover. 





Arr. 9 Motor on casing Arr. 9 Motor on integral base 

For bell drive. Impeller overhung. Two bearings on internal supports. 

Motor on casing or on integral base. Drive through belt fairing. 

Figure 5.21 Drive arrangement for axial fans with or without diffuser and inlet box. (Reprinted by permission 
from AMCA Publication 201-02, Fans and Systems, Air Movement and Control Association, Inc., Arlington Height, 
IL, 2002, www.amca.org.) 
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Figure 5.22 Standard fan performance curves. (Reprinted by permission from AMCA Publica¬ 
tion 201-02, Fans and Systems, Air Movement and Control Association, Inc., Arlington Height, 
IL, 2002, www.amca.org.) 


Standard fan performance curves are shown in Figure 5.22. 11 The static or total 
head, efficiencies, and shaft power are plotted versus flow rate at constant rotating 
speed, similar to the pump performance curves shown in Chapter 4. However, for 
convenience of selection, they can be plotted with the system curves for several different 
rotating speeds in log-log charts, as shown in Figure 5.23. 12 The dashed curves are 
constant brake horsepower contours. Since the system curves can be represented by 
A p = cQ 2 , where c is the proportional constant, they will be straight lines, such as 
the S -B-A-C-S line in the log-log chart. Also, from the similarity law, A p ~ N 2 , 
Q ~ N, the corresponding operation point(Ap, Q ) of constant efficiency should be 
related as A p ~ Q 2 when the rotating speed changes. Hence the efficiency is constant 
along a given system line as indicated. In other words, the operating conditions of a 
fan running at different rotating speeds for several different systems can be obtained 
from this chart. 

Other types of fan performance characteristics published by manufactures can be 
either in chart or table form, as shown in Figures 5.24a and b are also included. 
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Figure 5.23 Combined fan and system performance curves. (Reprinted by permission from 
ASHRAE Journal, Vol. 14, Part 1, No. 1, 1972 © American Society of Heating, Refrigerating 
and Air-Conditioning Engineers, Inc., Atlanta, GA, www.ashrae.org.) 


In Figure 5.24a, 14 for a given flow rate, the rotating speed is specified for a certain 
static pressure. This is convenient to use if the rotating speed can be easily adjusted. In 
Figure 5.246, 13 the operating point indicated is read for the rotating speed of 1750 rpm, 
flow rate of 24,000 cfm, and static pressure of 3.60 in. wg. And the horsepower of 
20.5 hp is read from the top curves. If the fan selected does not fall in the condition 
given in the table or curve, linear interpolation or extrapolation can be employed. 

The steps for fan selection can be summarized as follows: 

1. Study the system arrangement and determine the number of fans required, flow 
rate ( Q ), total or static pressure rise (A p, or A p s ), and gas properties such as 
corrosivity, temperature, and density (p) at the inlet of each fan. 

2. If the inlet gas density in the field is different from the standard condition, the 
equivalent pressure rise can be calculated from Apo = (po/p) A p t , where po> 
A/?o are for the standard condition specified in the vendor’s catalog and p, A p t 
are for the field operating condition. 
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(Underlines indicate best efficiency conditions, 

VEL: discharge velocity in ft/s) 

Centrifugal fan multirating table 


Figure 5.24 Typical fan performance characteristics published by manufacturers. [Courtesy of 
Loren Cook Co., Springfield, MO.] 


3. Pick the rotating speed N based on the drive to be used and calculate the specific 
speed N s = NQ l/2 IApo 3/ ' 3 4 5 6 * 8 9 10 . 

4. Use the N s —D s diagram (Figure 5.1) to select the fan type and calculate the 
approximate size from D s — D Ap^^IQ 1 ! 2 . Make sure the units are consistent 
with those specified. 

5. Use a composite chart to select the appropriate model. 

6. Use the appropriate rating charts or tables to select the right size and rotating 
speed, based on the required operation condition ( Q , Apo). 

1. Read out the shaft power P so or efficiency rj t s and noise power level, if available. 

8. Calculate the expected shaft power in the field from P s = ( p/po)P S o or P s = Q 
a Pt.sht.s- 

9. Select the proper electric motor and enclosure. 

10. Select the proper bearing arrangement, inlet configuration, and construction 
material for the critical parts if hot, dirty, or corrosive gas is expected in operation 
or the floor space is limited. 
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16 18 20 22 24 26 28 30 

Capacity, thousands of CFM 
( b ) Fan multirating chart 
Figure 5.24 ( continued) 

Example 5.8 

A fan is required to exhaust 7000 cfm air of 85°F out of a building through an air duct. 
The building is located 5000 ft above sea level with a barometric pressure of 12.5 psia. 
The air duct has been tested to have 0.25 in. wg resistance at 5000 cfm. Select an 
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appropriate fan from the tables in Figures 5.24a. Also determine the required input 
shaft power (brake horsepower). 

SOLUTION From A p ~ Q 2 , we have the duct resistance A p = 0.25 x (7000/5000) 2 
=0.49 in. wg at 7000 cfm. The air density in the building can be calculated from. 


p 12.5 x 144 
RT ~ 53.3(85 +460) 


= 0.0619 lb m /ft 3 . 


So the equivalent SP e of the required fan at (STP) is SP e = 0.49 x 0.075/0.0619 = 
0.593 in. wg. 

From Figure 5.24a, at SP = 0.5, Q x = 6894, N\ = 347, BHPj = 0.76 and Q 2 = 
7660, N 2 = 360, BHP 2 = 0.88. Hence for Q = 7000 cfm we have 

N' = 347 + (360 - 347) x = 347 + 13 x 0.138 = 348.8 rpm, 

7660 — 6894 

BHP 7 = 0.76 + (0.88 - 0.76) x 0.138 = 0.776. 

At SP = 5/8 = 0.625 in. wg, £1 = 6894, N\ = 375, BHPj = 0.92 and Q 2 = 7660, 
N 2 = 387, BHP 2 = 1.05, so for Q = 7000 cfm, we have 

N" = 375 + (387 - 375) x 0.138 = 376.6 rpm, 

BHP" = 0.92 + (1.05 - 0.92) x 0.138 = 0.938 hp. 

Again interpolating for SP e = 0.593, we have 

0 593 - 0 5 

N = 348.8 + (376.6 - 348.8) x --- = 348.8 + 27.8 x 0.744 = 369 rpm, 

0.625- 0.5 F 

BHP = 0.776 + (0.938 - 0.776) x 0.744 = 0.896 hp. 


Correcting for the reduced air density, the actual BHP is 0.896 x 0.0619/0.075 = 
0.739 hp. 


Example 5.9 

An air duct system is tested to have 0.5 in. wg total pressure loss at a flow rate of 5000 
cfm. If the fan of Figure 5.23 running at 700 rpm is selected for this system, determine 
its operating condition, including flow rate, total pressure, and brake horsepower. 

SOLUTION 

1. Convert the system specification to Q' = 10,000 cfm with the corresponding 
total pressure loss A p' L — 0.5(10,000/5000) 2 = 2.0 in. wg. 

2. Draw a system line (which is a straight line with slope of 2 on a log-log chart) 
passing this point and intercept with the fan curve of 700 rpm. 

3. Read the operating condition as Q = 11,000 cfm, A p — 2.51 in. wg, and P s = 
5.6 hp. 
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5.10 PROPELLERS 

The propellers used for low-speed aircraft and marine propulsions are similar to the 
axial-flow fan and pump in geometry and analysis. The conventional propeller has 
fewer number of blades (two to four) and lower rotating speed. Its main objective is 
to produce thrust rather than pressure rise. But the complete propeller power plant is 
too bulky for aircraft due to the need of a gearbox to reduce rotating speed. Hence 
the turbofan gas turbine engine using lower speed jet to produce thrust is replacing the 
conventional propeller for low-speed aircraft application. 

Using the blade element analysis discussed in Section 5.2, The torque and axial 
force acting on a spanwise length dr of blade at radius r can be expressed as 

dr - r F u dr = r(F L cos + F d sin/S m ) dr 

2 rep W m (Cl cos T C d sin dr, 

dF a = (F l sin/3 m - F d cosp m ) dr 

2 cpW m (Ci, sin C d cos fi m ) dr. 

With W m = W a /cos f3 m = Vo/cos f3 m , the total torque and thrust can be obtained as 

r = \pVlZ b f* ^f^(C L cos p m + C d sin£ m ) dr, 

F a = \pV$Z b f r ' h sin fi m - C d cos f} m ) dr, 

where Vo is forward speed, c is chord length, and Z b is blade number. The propeller 
efficiency can be given as 

thrust power output F a Vo 
^ p shaft power input cox 

From the dimensional analysis discussed in Chapter 2, the relevant nondimensional 
coefficients for a thrust-producing device are given by 

f 

Thrust coefficient: C f — - — 7 , 

1 pco 2 D 4 


Power coefficient: C„ = —-— 

p pco^D 5 

Hence rj p = ( Cf/C p )(Vo/coD ), where VqKcoD) is the advance ratio. 
More detailed analysis can be found in Ref. 2. 
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PROBLEMS 


5.1 If an axial-flow blade with a radius ratio of 1.65 has outlet angles from root to tip such that 
the whirl velocity is 300 ft/s at all radii, determine the axial velocity at the tip for the condition 
of radial equilibrium if the axial velocity at the root is 500 ft/s. 

5.2 The axial flow fan impeller shown is rotating at 2500 rpm. The design flow rate is 2400 
cfm, static head is 1.2 in. of water, and hydraulic efficiency along the mean radius is 85%. If a 
free-vortex flow distribution is designed, determine the relative flow angles at hub, mean, and tip 
radii for both the inlet and outlet of the impeller and draw the corresponding velocity diagrams. 


J 


r , 



r,= l in. r h = 3 in. 


5.3 An axial-flow fan rotor with the dimensions shown is rotating at 1800 rpm. Draw the 
velocity diagrams at the mean radii of both the inlet and outlet at the design condition. Estimate 
the lift coefficient, the design flow rate, and the ideal static pressure rise across the rotor at the 
mean radius. Neglect the flow interference between the blades. 

r, = 6.0 in. r ; , = 4.6in. 
ft,, =35 deg. fS b2 - 15 deg. 

Z b = 6 c m = 4.5 in. 

5.4 An axial-flow pump impeller consists of five blades with chord length c = 3 in., hub radius 

r>, — 4.5 in., and tip radius r, — 6.5 in. If the airfoil data of Figure 5.3 corrected with the cascade 
coefficient given in Figure 5.9 is used and the impeller is rotating at 1800rpm, determine the static 
pressure across the impeller and the rated flow rate. Assume = 47°, — 25°. 

5.5 Design a vane-axial fan using the specifications given in problem 5.2, except the hydraulic 
efficiency. Namely, N = 2500 rpm, Q = 2400 cfm, and SP = 1.2 in. wg. ( Hint : Use Figures 
5.1, 5.3, 5.10, and 5.11.) 

5.6 A fan is needed to deliver air of 5000 cfm for a static pressure of 3 in. of water. If motors 
of 1800, 2400, and 3600 rpm are available, what type of fan should be selected for maximum 
efficiency? What are the approximate diameter and efficiency of the selected fan? 
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5.7 (a) Use the fan similarity laws to convert the multirating table of Figure 5.24a into the 
standard fan curves as shown in Figure 5.22 for N = 400rpm, (include static pressure, total 
pressure, brake horse power, static efficiency and total efficienty). (b) Plot the fan data of Figure 
5.24 b into the standard fan curves for N = 1800 rpm. 

5.8 An axial-flow fan with a 6-hp motor has a total efficiency of 80%. The fan delivers 10,000 
cfm of air through a duct of 3 ft inside diameter. Calculate the static pressure rise associated 
with this fan. 

5.9 Select a vane-axial fan to supply air for an underground mine shaft with a cross section 
of 8 ft by 7 ft and 1 mile long. The inside surface roughness is estimated to be 0.015 and air 
flow rate required is 33,000 cfm. Determine the optimal rotating speed, its size, and required 
power. 

5.10 A vane-axial fan is to be designed for 4500 cfm with a tip diameter of 14 inches and 
a hub-tip ratio of 0.35. Estimate the desired rotating speed, static pressure and required shaft 
power. 






Centrifugal Fans, Blowers, 
and Compressors 


6.1 CLASSIFICATION 


Turbomachines pumping gases can generally be classified into three types: (a) fan, 
(b) blower, and (c) compressor. The dividing lines are somewhat vague. Fans are 
machines with discharge pressures of less than 2 psig (55.4 in. wg.) and relatively 
high flow rates. Blowers develop pressures from 2 psig to about 35 psig; machines 
that discharge pressures above 35 psig fall into the category of compressors. The 
classification can also be based on their construction, as illustrated in Figure 6.1. The 
terminology of these machine components is illustrated in Figures 6.2, 1 6.3, 2 and 6.4. 2 

Similar to the centrifugal pump, a rotating impeller is used to transfer mechanical 
energy from the drive to the fluid in the form of velocity and pressure/temperature rise. 
Downstream of the impeller, the stationary diffuser is employed to convert some kinetic 
energy into more pressure/temperature increase. Variation in gas conditions within a 
typical centrifugal compressor is illustrated in Figure 6.5. 2 

The basic theory and performance of an axial-flow fan have been discussed in 
Chapter 5; the multistage axial-flow compressor will be discussed in the next chapter. 
Mixed- and radial-flow machines, simply called centrifugal machines, including fan, 
blower, and compressor, will be discussed in this chapter since they are similar in 
construction and performance analysis theory. 
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Figure 6.1 Classification of fans, blowers, and compressors. 


6.2 PERFORMANCE PARAMETERS AND CHARACTERISTICS 

Typical performance curves of a fan, blower, or compressor are similar to those of a 
centrifugal pump, as shown in Figure 6.6a, except that the low flow rate is normally 
limited by surging, a phenomenon similar to suction flow recirculation in a liquid 
pump. Surging in a gas-pumping device causes more severe vibration than that in a 
liquid pump. At high flow rate, operation is limited by choking (called stonewalling in 
some literature) associated with shock waves. This is similar to cavitation in a liquid 
pump. 

Static or total pressure A p expressed in inches or millimeters of water is used 
for fans, and head of air, H , and pressure ratio pjlp\ are employed in blowers and 
compressors. The flow rate or capacity is given in volumetric flow rate at the inlet, <2i> 
or in mass flow rate m. Typical performance curves or tables of centrifugal fans are 
similar to those for axial-flow fans, as shown in Chapter 5. A typical set of performance 
curves published by the manufacturer is shown in Figure 6.6b adapted from Ref. 3. 
Constant horsepower contours are also plotted. For a given flow rate in cfm (cubic feet 
per minute) and rotating speed, the static pressure can be read from the solid line and 
the horsepower is interpolated with the dashed constant contours. 

An example of centrifugal fan performance characteristics in table form is shown 
in Table 6.1. 4 In each row for a specified flow rate, the rotating speed and brake 
horsepower are listed at different static pressures. 

Similarity laws governing the volumetric flow rate, head, and shaft power also are 
applicable to fans, blowers, and compressors. They are sometimes called fan laws and 
are listed here again: Q ~ AX> 3 , H ~ N 2 D 2 , P s ~ N 3 D 5 . 

The specific speed N s and specific diameter D s are also important parameters in the 
preliminary design and selection of fans, blowers, and compressors. They are defined 
in dimensional forms as follows: 
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Figure 6.2 Terminology for centrifugal fan and blower components. (Reprinted by permission 
from AMCA publication 201-02, Fans and Systems ; Air Movement and Control Association Inc. 
Arlington Heights, IL 2002, www.amca.org, and ASHRAE Handbook-HVAC System and Equip¬ 
ment, 2004, © American Society of Heating, Refrigerating and Air-Conditioning Engineers, 
Inc., Atlanta, GA, www.ashrae.org.) 


For fans, 




NQf 5 
(. sp ) 0 - 75 


and for blowers or compressors, 
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Volute diffuser 


L _ Volute 

■ diffuser 


Volute 

collector 



Impeller 


. Radial 
diffuser 

Volute 

collector 


Volute 

/^collector 


Streamline 
/ spacer 




Arrows show direction of air flow 

Figure 6.3 Typical single-stage centrifugal compressor. (Reprinted by permission from Gibbs, 
C. W., (Ed.), Compressed Air and Gas Data, 2nd ed., Ingersoll-Rand Co., Phillisburg, NJ, 1971.) 


To discharge 

* 


Balancing lline 
to suction 

+ 



Balancing piston 

Figure 6.4 Labyrinth seals and balancing drum for multistage compressor. (Reprinted by per¬ 
mission from Gibbs, C. W., (Ed.), Compressed Air and Gas Data, 2nd ed., Ingersoll-Rand Co., 
Phillisburg, NJ, 1971.) 


where Q\ = inlet flow rate (in cfm) for a fan/blower and V) (in cfs) for a compressor, 
N = rotating speed (in rpm), sp = static pressure (in inches or millimeter of water 
gauge), H. d( i — adiabatic head (in ft-lbf/lb m ) is energy transfer or enthalpy increase per 
unit mass of fluid, and D = diameter of impeller (in inches for a fan or feet for a 
blower and compressor). 










6.2 Performance Parameters and Characteristics 153 



Figure 6.5 Variation of gas conditions within a typical centrifugal compressor. (Reprinted by 
permission from Gibbs, C. W., (Ed.), Compressed Air and Gas Data, 2nd ed., Ingersoll-Rand 
Co., Phillisburg, NJ, 1971.) 


The relationship between these two parameters and efficiency was developed by 
O. E. Balje, and is shown in Figure 6.7, 5,6 for compressors. For fans, it was modified 
by the fan industry and is shown in Figure 5.1. These diagrams represent typical 
optimum design performance and can be used for the preliminary design and selection 
of machines with specified performance requirements. The Cordier diagram relating 
the nondimensional specific speed and specific diameter, shown in Figure 2.2, is also 
applicable to fans. 

In pumping compressible gas, a thermodynamic process should be considered. The 
head interpreted as the energy transfer per unit mass (ft-lbf/lb m ) is the total enthalpy 
increase per unit mass A h 0 . From the compression process shown in Figure A.6, 
neglecting the flow velocity difference at the inlet and outlet, the ideal head is 


T s2 


Hi = h s2 — /ij = C P T\ | — 1 

kRT\ " 


1 


El 

Pi 


T\ 
(*-!)/* 


CnTj 


P2 

Pi 


(*—!)/* 


- 1 


1 


( 6 . 1 ) 


since we have k — C p /C v and R = C p — C v . The actual head, including the frictional 
effect, assuming a polytropic process, can be derived as follows. From pv n — C' or 
v = C/p l / n and the energy equation, we have 8q — de + p dv — dh — vdp. Hence 
dh — v dp = Cdp/p 1 ,n for the adiabatic but frictional process. Then the following 
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(b) 

Figure 6.6 (a) Typical performance curves for a fan, blower, or compressor. ( b ) Performance curves of a centrifu¬ 

gal fan published by manufacturer. [Reprinted by permission from Technical Data Tubular Centrifugal, Industrial 
Air Products, Inc., Philips, WI.] 


integration can be carried out: 


Had = h 2 — hi 

Cn r 
n — 1 L 


= jT dh = v dp = C 
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,(- 1 / 71 + 1 ) 
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(n-\)/n ( 77 — 1 )/ 
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Table 6.1 Sample Performance Table for a Centrifugal Fan 


C F M VEL 

l/4sp 

3/8sp 

l/2sp 

5/8sp 

3/4sp 

7/8sp 

1 

sp 

l-l/4sp 

l-l/2sp 

RPM 

BHP 

RPM 

BHP 

RPM 

BHP 

RPM 

BHP 

RPM 

BHP 

RPM 

BHP 

RPM 

BHP 

RPM 

BHP 

RPM 

BHP 

7448 

800 

245 

.46 

275 

.62 

304 

.80 

331 

.99 

360 

1.20 









8379 

900 

262 

.55 

287 

.73 

314 

.91 

340 

1.12 

365 

1.34 

389 

1.57 







9310 

1000 

280 

.68 

303 

.87 

327 

1.07 

361 

1.27 

374 

1.49 

396 

1.73 

418 

2.00 





10241 

1100 

300 

.82 

321 

1.03 

341 

1.23 

363 

1.45 

385 

1.68 

438 

1.92 

427 

2.19 

466 

2.75 



11172 

1200 

319 

.97 

339 

1.21 

358 

1.43 

376 

1.66 

397 

1.90 

417 

2.14 

436 

2.40 

474 

2.97 

510 

3.59 

12103 

1300 

339 

1.15 

358 

1.40 

376 

1.65 

393 

1.89 

410 

2.15 

429 

2.40 

448 

2.67 

483 

3.22 

518 

3.87 

13034 

1400 

359 

1.36 

377 

1.62 

394 

1.89 

411 

2.16 

427 

2.42 

442 

2.69 

460 

2.97 

494 

3.54' 

527 

4.17 

13965 

1500 

380 

1.58 

396 

1.86 

413 

2.16 

428 

2.43 

444 

2.72 

459 

3.01 

473 

3.30 

506 

3.89 

537 

4.51 

14896 

1600 

401 

1.84 

416 

2.13 

432 

2.44 

447 

2.76 

462 

3.08 

478 

3.39 

490 

3.66 

518 

4.27 

549 

4.92 

15827 

1700 

423 

2.13 

436 

2.43 

451 

2.75 

486 

3.09 

479 

3.41 

493 

3.72 

507 

4.05 

632 

4.69 

551 

5.37 

16758 

1800 

444 

2.45 

467 

2.77 

471 

3.10 

485 

3.45 

496 

3.79 

511 

4.14 

524 

4.47 

549 

5.15 

574 

5.86 

17688 

1900 

468 

2.80 

479 

3.16 

491 

3.49 

505 

3.86 

517 

4.20 

530 

4.59 

542 

4.96 

557 

5.67 

589 

6.38 

18620 

2000 

488 

3.20 

600 

3.65 

511 

3.90 

524 

4.28 

537 

4.67 

549 

5.08 

550 

5.43 

584 

6.19 

608 

6.92 

20492 

2200 

532 

4.01 

543 

4.47 

554 

4.87 

584 

5.26 

576 

5.68 

587 

6.08 

599 

6.54 

620 

7.39 

641 

8.18 

22344 

2400 

576 

5.14 

587 

6.58 

597 

6.00 

606 

6.41 

616 

6.86 

627 

7.31 

637 

7.75 

658 

8.70 

677 

9.63 

24205 

2600 

621 

6.39 

631 

6.85 

640 

7.30 

649 

7.76 

658 

8.23 

657 

8.71 

677 

9.19 

695 

10.18 

715 

11.18 

26068 

2800 

666 

7.83 

675 

8.31 

684 

8.81 

692 

9.28 

701 

9.20 

709 

10.30 

717 

10.60 

738 

11.87 

753 

12.90 

27930 

3000 

711 

9.45 

719 

9.97 

728 

10.53 

736 

11.05 

744 

11.58 

752 

12.12 

759 

12.63 

775 

13.72 

792 

14.85 

29792 

3200 

766 

11.34 

764 

11.89 

772 

12.46 

789 

13.03 

787 

13.56 

795 

14.18 

802 

14.71 

816 

15.85 

832 

17.04 

31654 

3400 

801 

13.44 

809 

14.05 

816 

14.81 

824 

15.24 

831 

15.82 

838 

16.41 

845 

17.02 

859 

16.25 

872 

19.45 


Source: Reprinted by permission from Cook Centrifugal Plug Fan, Loren Cook Co., Springfield, MO., 1989. 

Note: INTAKE AREA = 9.72 ft 2 . WHEEL DIAMETER = 40i. 

TIP SPEED FPM = 10.537 x RPM MAXIMUM BHP = 31.14 [^r] 3 . 

BHP does not include drive loss, underlines indicate maximum static efficiencies, VEL is inlet flow velocity in ft/min, blank spaces are conditions 
of surging. 



Hence, the adiabatic efficiency can be expressed in the form 

_ Hj k(n- 1) f (p2/pi) {k ~ 1 )/k -l \ „ 

** H a d n(k - 1) \{p 2 /pi) {n - l) l n ~ l) ’ ^ ' 

where n is the polytropic exponent if the actual process is related with pv n — const. 

If we use the Euler equation as shown in Equation (3.5A), with U\V U \ = 0 for 
the design condition and include the slip factor p s at the impeller outlet as defined for 
centrifugal pumps earlier, we obtain 


Qi _\ 


Had — AE p = /?2 — hi = p s U2V u 2 = P S U 2 I U 2 ~ 


A 2 tan fi b2 






Efficiency, r/ ad Ds = D(H ad ) 1 / 4 /V\^ 
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Figure 6.7 D s and adiabatic efficiency versus N f for compressors (data from Ref. 5) 


The pressure ratio can then be related to the flow rate through the expression 

c P mp2/pi)< k -w k -i] 

PsU 2 [U 2 ~ Q 2 /(Aj tan pbi)]’ 
or 


P2 

P\ 



had ps 
~Cph 


U 2 



Q 2 

A 2 tan fi b2 


k/(k-i) 


(6.3A) 


Since Q 2 varies with respect to the discharge pressure for a given mass flow rate, 
the performance curve is normally plotted in terms of the pressure ratio P 2 /P\ versus 
the mass flow rate m or the volumetric flow rate Q\ at the inlet conditions of pressure 
and temperature, as shown in Figure 6.6a. 


Example 6.1 

Convert two sets of data with constant flow rate in Table 6.1 into the performance 
curves of constant rotating speed at 300 rpm as those shown in Figure 6.6. 
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SOLUTION Pick the data rows for the flow rates of 10,241 and 13,965 cfm and 
list them in the first four columns of the table below. Convert the flow rate Q, static 
pressure SP, and brake horsepower BHP values for various rpm into 300 rpm based on 
the fans laws. That is, 

/ 300 \ /300\ 2 /300\ 3 

e ' = e U> sp '= sp Uu BHP '= BHP UJ 

and calculate the static efficiency using 7) s = Q SP/(6346 BHP). The results are plotted 
into the chart shown with peak efficiency of 73.7% at 7195 cfm. 


Q 

(cfm) 

SP 

(in.wg) 

N 

(rpm) 

BHP 

Qi 

(cfm) 

SP, 

(in. wg) 

BHP, 

7 

10241 

0.25 

300 

0.82 

10241 

0.25 

0.82 

0.492 

10241 

0.375 

321 

1.03 

9600.94 

0.32959 

0.84869 

0.58754 

10241 

0.5 

341 

1.23 

9009.68 

0.38699 

0.83754 

0.65601 

10241 

0.625 

363 

1.45 

8463.64 

0.42688 

0.81849 

0.69559 

10241 

0.75 

385 

1.68 

7980 

0.45539 

0.79486 

0.72043 

10241 

1 

427 

2.19 

7195.08 

0.49361 

0.75949 

0.73688 

10241 

1.25 

466 

2.75 

6592.92 

0.51806 

0.73373 

0.73353 

13965 

0.25 

380 

1.58 

11025 

0.15582 

0.77745 

0.3482 

13965 

0.375 

396 

1.86 

10526.4 

0.21306 

0.79658 

0.44367 

13965 

0.5 

413 

2.16 

10144.1 

0.26382 

0.82788 

0.5094 

13965 

0.625 

428 

2.43 

9788.55 

0.30707 

0.83683 

0.566 

13965 

0.75 

444 

2.72 

9435.81 

0.3424 

0.83904 

0.60678 

13965 

1 

473 

3.3 

8857.29 

0.40227 

0.84197 

0.66685 

13965 

1.25 

506 

3.89 

8279.64 

0.43939 

0.8107 

0.70713 

13965 

1.5 

537 

4.51 

7801.68 

0.46815 

0.78635 

0.73191 


Cl 

■C 
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6.3 CHANGE OF PERFORMANCE 


Performance curves published by manufacturers are normally based on laboratory tests 
at a standard rotating speed and standard inlet conditions. However, some applications 
in the field require changes in the rotating speed or the inlet condition to meet the 
optimal system conditions. Occasionally, slight trimming of the impeller is required to 
reduce the shaft power. The change of machine performance due to these changes can 
be estimated according to the similarity laws discussed earlier and will be studied in 
more detail in this section. 

6.3.1 Change of Rotating Speed and Diameter 

Similarity laws for the pump derived from dimensional analysis are also applicable to 
the fan, blower, and compressor. Hence for the corresponding points of one machine 
or two similar machines operating at two different conditions a and b, the parameters 
can be related as 

Qb = (Nb\ (Db \ 3 ■fy = (Nb\ 2 (£b \ 2 

Q a \N a )\D a ) ' H a UJ UJ ’ 



where the head can be either the ideal head or the actual head, since the efficiencies 
are the same at these two points. The effect due to change in rotating speed is shown 
in Figure 6.8. The head ratio rule can also be expressed in terms of the pressure ratio, 

-1 m\ 2 (Dt\ 2 

(piip^~ m -1 UJ UJ ' 

since the pressure ratio is the parameter normally used for compressors. 



Flow rate, Q 


Figure 6.8 Change of centrifugal blower and compressor performance due to rotating speed 
change. 
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6.3.2 Inlet Condition Changes with Constant Rotating Speed 

Sometimes the machine inlet conditions of a system in the field are different from 
laboratory standard conditions. The change of performance characteristics is mainly 
related to the change of the fluid density at the inlet, p\. Since the rotating speed is 
unchanged, curves of head and efficiency versus volumetric flow rate are unchanged. 
But the shaft power and the mass flow rate will be changed according to 



The change of fluid density at the inlet can be due to either of two cases: 

1. Inlet Throttling (with constant stagnation temperature T 0 but drop in stagnation 
pressure p 0 1 ). A throttling process takes place through a valve with significant friction 
loss, so that part of the flow kinetic energy is converted to heat (or thermal energy). 
Since there is no heat or work added to or taken away from the fluid, the stagnation 
enthalpy is unchanged (changes in static enthalpy and temperature are also negligible). 
But the stagnation and static pressure decrease with an increase in entropy, as shown 
in Figure 6.9. From p = pRT, p will decrease accordingly, and it results in a change 
of mass flow rate and shaft power such that 



But the pressure ratio is unchanged, since the head and inlet temperature are constant. 
Similarly, the efficiency at the corresponding volumetric flow rate is unchanged. 

2. Inlet Temperature Change (pressure and rotating speed are unchanged). With 
p — pRT, a change of the inlet temperature will cause the density to change inversely 
if pressure is kept constant. Therefore the mass flow rate and shaft power will change 
accordingly such that m b = m a (T\ a IT\ b ) and P s<b = Ps,a(T\JT\ b )- The head and effi¬ 
ciency remain constant. But the pressure ratio will change, since T\ changes, in the 



Figure 6.9 Thermodynamic diagram for a throttling process. 
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expression //, = [kRT,/(k - 1 )] [(p 2 /pi) (k - l)/k - 1], It can be related as 


Pi/b 


(*—!)/* 


- 1 


m 


PA 

Pi) a 




The inlet volumetric flow rates Q a , Q b mentioned so far are the measured ones. 
If the flow rates at the new and original conditions expressed in terms of the standard 
condition, Q' a , Q' b , are needed, they have to be further related as p 0 Q' a = pi a Q a , 
Po Q'b — P\b Qb, where p 0 is the density of the gas at the standard condition. 


6.3.3 Summary 


The relationships for correcting the performance curves due to changes of 7V, D, p\, 
and T\ may be summarized as follows: 


Volumetric flow rate : Q b = Q a (jf) ’ 

Mass flow ra,e: = »• (~) (£)’ (%) ( 

Heafl: H b = .«.(£)’ (£)’ , 


]\a 

T\b ) ' 


(6.4) 

(6.5) 

( 6 . 6 ) 


Pressure ratio : ( — ) 

>Pi/b 




1 = 


P2 
Pi J a 


(k-l)/k 


- 1 


M 2 (Db \ 2 /M 

A fa) \Da) \T lb ) 


Efficiency : r] b = Va, 

Shaft power P„ b = (|) 3 (|) 5 (^) ( 


Tla 

TihJ’ 

(6.7) 

(6.8) 


TlA 
Tib) 


(6.9) 


Example 6.2 

A catalog shows that a centrifugal blower operating in the ambient condition of 68 °F 
and 14.7 psia at 2400 rpm will deliver 1800 cfm at 8.5 psig with an efficiency of 70%. 
It is to be operated in the field at 3600 rpm with the ambient condition ranging from 
50 to 95 F and a constant pressure of 14.7 psia. Determine the expected flow rate 
and range of discharge pressure and the required shaft power. Also determine the flow 
rates if it is measured in the standard condition. 

SOLUTION Assume as given N a = 2400 rpm, T la = 68 °F = 528 R, p { = 14.7 psia, 
P 2 a = 8.5 psig = 23.2 psia, Q a = 1800 cfm, 17 = 0.70, N b = 3600rpm, and T ib = 50 
to 95°F. To find Q b , p 2b , P sb , and Q' b . From 


Qb = Q a = 1800 = 2700 cfm, 

\NJ V2400 J 
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we obtain p 2 b = 14.7[1 + 0.313 (Ti a /Ti b )] 35 = 36.6 to 39.3 psia. Also, 

Pb= PibQ b Hi = ( Pxb/RTx b )Q b C p T xb [(p2/py)^- {) ' k - 1 ] 

V V 

= [k/(k-\)]p lb Q b xQ.313(r lfl /T lb ) 

0.7 

[3.5 x 14.7 x 144 x 2700/(550 x 60)] x 0.313(7Vri fc ) 
_ _ 

= 271 = 257.8 to 280.6hp. 


From p 0 Q' = piQ, we have the flow rate measured at the standard condition, Q' b = 
(/ P\ b !po)Q b = ( T 0 /T ib )Q b = 2795 to 2568 cfm. 


Example 6.3 

An airplane compressor rotating at 25,000 rpm with an efficiency of 70% and discharge 
pressure of 34.5 in. Hg is required to supply 1801b m /min of air at high altitude, where 
the ambient air is at—10°F and 13.7 in. Hg. If it is tested at sea level with the ambient 
air at 75°F and 30 in. Hg and a rotating speed of 12,000 rpm, determine the inlet 
volumetric flow rate, discharge pressure, and required shaft power. 


SOLUTION With 


p 13.7 x 0.491 x 144 
RT ~ 53.33 x (-10 + 460) 


= 0.0403 lb m /ft 3 , 


ei = e (!M 


12 , 000 \ 

25,000 ) 


= 2144 cfm, 


we obtain 
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So 


p 2b = (1.0585 ) 3 - 5 (pi b ) = 1.22 x 30 = 36.6in.Hg, 


H ib = 


kRTib 

k-l 


te) 


k-l/k 


1.4 x 53.33 x 535 
04 


- 1 


)[( 


36.6 

lo" 


0.2857 


= 5830 ft-lbf/lb m . 


Thus 


^ /30 x 0.491 x 144', 

m b = p b Q b = j 53 33 x 535 ) x 2144 = 159.4lb m /min. 


p m b H ib 159.4 x 5830 ^ u 

p sb = - = 77-777-7-777 = 40.2 hp. 


r) 


60 x 550 x 0.70 


Example 6.4 

A blower is designed to compress 1000 cfm of carbon dioxide at 90°F and 17.7 psia 
to 19.7 psia when operating at 4000 rpm. It is to be tested with air at 14.7 psia and 
70°F and driven by a motor running at 3550 rpm. Determine the flow and discharge 
pressure which the machine should deliver at the design point on test to be acceptable. 


SOLUTION With Q a = Q C (N a /N c ) = 1000 x (3550/4000) = 887.5 cfm, H = 
C p T x [(p 2 lp { ) (k - x V k - 1] and H a /H c = (N a /N c ) 2 , where k a = 1.40, C pa = 0.24 Btu/(/fc m 
°F), T\ a = 530 R, ( k a - 1 )/k a = 0.2857 and k c = 1.30, C pc = 0.20 Btu/(lb m °F), 
Tic = 550 R, ( k c — 1 )/k c = 0.2307, we have 


or 


Hence 


C P gT ia {(p 2 /p ,)(*-0/*- 1]a _ /3550\ 2 

CpcTidipi/piW-'Vk - l] c \4ooo; a/8/ 

0.24 x 530 [{p 2 /pi)° a 2K1 -1} 

0.20 x 550[(19.7/17.7) 0 - 2307 - 1] 


/p 2 \°- 2875 _ i 0.787 x 0.025 
\Pi)a ~~ + U156 


1.017, p 2a — 15.6psia. 


6.4 POLYTROPIC EFFICIENCY 

The adiabatic efficiency for compressors defined in Equation (6.3) and illustrated in 
Figure 6.7 does not truly reflect the characteristics of the machine itself. Because 
the constant pressure lines in an h-s diagram are not parallel with each other, the 
same machine tested with a different inlet temperature/enthalpy (even at the same 
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pressure) may result in different adiabatic efficiency. Another compressor efficiency, 
called polytropic efficiency, is defined to reflect its true characteristics. It is defined 
through an infinitesimal amount of compression such that p p = dhi/dh. The polytropic 
efficiency is normally greater than the adiabatic efficiency, depending on the degree of 
divergence of the constant pressure lines in the h -s diagram. Their relationship can be 
derived in analytical form for compressing an ideal gas. 

From Tds — dh — dp/p, we have dh t = dp/p. Hence, the polytropic efficiency 
can be expressed as 

dp/p RT dp 

T)p ~ C p dT ~ C^pdT 

Since rj p reflects the true characteristics of the flow through the entire compressor, it 
is reasonable to assume rj p to be constant if the flow pattern does not change through 
the whole passage. The above equation can be rearranged and integrated from the 
compressor inlet to outlet, that is, 



R CP 2 dp 
CpT)p J p \ P 


or it can be expressed in the form 


72 

7) 


/ n \ PRCptjp) 

= (P2/Pl) (k ~ mkr,p) . 


The adiabatic efficiency can therefore be expressed as 

_ A h ± _ T s2 - 7) _ 7,2/7) - 1 _ (p 2 /pi) (k - l)/k ~ 1 
^ Ah T 2 -T x 72/7)- 1 fa/ptfk-vmp) ~ f 

This relationship can be plotted as shown in Figure 6.10. It is shown that ?7 a d is always 
lower than T] p , as mentioned earlier. They become equal at the limit of p 2 /p\ — 1. 



Figure 6.10 Relationship between adiabatic and poly tropic efficiencies. 
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Figure 6.11 h-s diagram to define polytropic effi¬ 
ciency. 


When the compressed fluid is steam or other nonideal gases, the relationship can 
be illustrated as follows. From Figure 6.11, the polytropic efficiency is given as 

_ A7i£ _ h sx - h i _ h sy - h x 
^ P A h h x — h\ h y — h x 
or 


Vp{h x h\) h sx h\, tj p{hy hx ) — h$y h x , ■ * *. 


Adding up these expressions, we obtain rj p (h 2 - hi) = (h sx - h \) + •••, or 

_ (h sx ~ h\) + (h sy — h x ) + ( h sz — hy) + • • • 

T] p -----. ( 6 . 11 ) 

h 2 - h x 

Comparing this with the adiabatic efficiency = ■ ^ 2 ~^ , it can be concluded that 
had < Vp since the constant-pressure lines on the h-s diagram are divergent in the 
direction of increasing entropy as shown. Comparing Equation (6.10) with Equation 
(6.3), the polytropic efficiency can also be expressed in terms of the specific heat ratio 
k and the poly tropic exponent n in the form rj p = {{k - 1 )/k]/[(n - 1)/«], where n 
can be determined from test or empirically. 

Example 6.5 

Two compressors are compared for bidding. Compressor A is submitted with a total 
pressure ratio of 4.5 and adiabatic efficiency of 85%. Compressor B is submitted with 
a discharge static pressure of 90 psia, temperature of 480°F, and velocity of 500 ft/s as 
tested at the ambient condition of 14.7 psia and 60°F. Which compressor is actually 
more efficient? 

SOLUTION From p o2b = 90 + 0.5 x 0.00237 x 500 2 /144 = 94.1 psia and T o2 lT 0 \ 
= (480 + 460)/(60 + 460) = (94.1/14.7)° 2857 /^ = 1.807, or (0.2857/??,,) In (94.1/14.7) 
= ln(1.807), we obtain the polytropic efficiency for compressor B, ij pb = 0.896. 

From Equation (6.10) 

n _ ( 4 - 5 )°' 2857 - 1 _ 0.5368 

(4,5)°- 2857 /'7po _ 1 ~ (4 5)0.2857/^0 _ 2 ’ 
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we have the polytropic efficiency for compressor A, ri pa = 0.878. Hence, compressor 
B is more efficient. 


6.5 PRELIMINARY DESIGN OF CENTRIFUGAL FANS 

The centrifugal fans illustrated in Figures 5.1 and 5.20 can be classified into radial, 
backward-curved, and forward-curved bladed impellers with corresponding blade exit 
angles of 90°, less than 90°, and greater than 90° (with respect to the peripheral 
direction). Their ideal head-flow rate curves are the same as those for the pumps 
shown in Figure 4.6a. Since the fans are normally designed to deliver gas for low 
head with high flow rate, compared with blowers and compressors, centrifugal fans are 
characterized with a high inlet-outlet radii ratio and a large constant blade width. 

The radial bladed fan is simple, and hence less expensive to construct, with about 
6-10 blades. But its efficiency is lower. The backward-curved bladed fan has higher 
efficiency, with about 9-16 blades. But the size is larger for the same head requirement. 
To improve the efficiency further, airfoil section blades can be used. 

Forward-curved blades, extensively used in the multivane, or Sirocco fan, are 
shown in Figure 6.12. Its efficiency is lower than the backward-curved bladed fan, and 
there is a dip in the head at low flow rates as shown in Figure 5.20. But it has smaller 
size and lower rotating speed (hence lower noise level) for the same performance 
requirement at the design point. This can be explained by the ideal curves in Figure 
6.12. U 2 is directly proportional to the square root of the ideal shutoff head from Euler 
equation. The dip in head at the lower flow rate for the forward-curved bladed fan is 
due to the positive H -Q curve slope shown. 

The circular arc blade is commonly used for its simplicity, and hence lower cost 
for construction. From the geometry shown in Figure 6.12 b, with 


R l = R b + r 2 - 2/^2 cos(7T - fa) = Rj + r 2 - 2R b ri cos(n -fa). 


we have 


R b 


r 2 ~ r \ 


2 [r 2 cos(7T - fa) - r x cos(n - fa)]' 


R a = [Rl + r \ - 2R b r 2 cos(t r - fa)] 05 . 


Typical ranges of the parameters are rjr 2 = 0.80-0.95, blade width b\ =b 2 — 0.80-1.2 
of r 2 , and blade number Z b = 24-64. 


6.5.1 Inlet Configuration 

The radial-flow impeller is easy to construct, but the flow at the inlet has to make a 
sharp 90° turn to enter the blades. In the fan design, the main concern is to prevent or 
minimize the flow separation there. Several suggestions have been made. Some suggest 
flow acceleration, and hence the inlet dimensions can be related as 

_ Ae _ xrf(l - v 2 ) 


2izr\b\ 







(a) (to) 


Figure 6.12 Multivane impeller with forward-curved blades, (a) Photograph of forward-curved 
bladed impeller. ( b ) Circular arc blade layout. [Courtesy of Fan Services, Inc., West Chicago, IL.] 


or 




1 







6.5.2 Outlet Configuration 

The outlet dimensions can be determined similar to those for the centrifugal pump 
discussed in Chapter 4. Since the pressure rise across the fan is small, the density 
change is negligible, so the Euler equation expressed as 

— = fiimp H,U 2 (U 2 ~ . Q „ ) 

P V A 2 tan fi b 2 ) 

can be employed. 

The outlet radius r 2 and the efficiency r] imp can be estimated from the specific speed 
N s given in Figure 5.1. The slip coefficient fi s can be estimated with the empirical 
formula available. The following is suggested by Eck 7 : 



a + bpy 90 
Z b [ 1 - (ri/r 2 ) 2 ] 



where a = 0.9, b = 3.7 for 20° < fib 2 < 45° and a = 1.5, b — 1.1 for 45° < pbi 
< 170°. It is slightly different from the Stodola formula mentioned in Chapter 4. But 
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the qualitative effects due to blade number and blade angle in these two formulas are 
similar. The number of blades can be determined with Z b = 8.5 (1 ^ 1 ”^ ) . 

With these parameters and a selected p b2 , the Euler equation can be used to deter¬ 
mined the outlet area A 2 and hence the blade width b 2 - Or b 2 can be selected first (e.g., 
— b\)\ then fi b 2 is calculated, with some iterations. Some designers use solidity, a 
= Z b L b l(2nr 2 ), to judge the adequacy of the blade number. Here L b is the blade length 
from inlet to outlet. The designers claim that a should be between 2 and 3. 


6.5.3 Blade Profile 

With the inlet and outlet configurations fixed, the complete blade profile can then be 
determined. It can be determined with the procedure for the centrifugal pump impeller 
described in Chapter 4, that is, to specify the blade angle distribution from inlet to 
outlet. But for the fan the blades are normally fabricated with sheetmetal forged into the 
desired shape, rather than by machining or casting. Some simple shapes are employed. 
The simplest one is a straight blade, shown in Figure 6.13a. The blade angles are 
related from the law of sines as 

r\ _ r 2 
sin(7r/2 - fi b2 ) ~ sin(;r/2 + p bx ) 

or r 2 cosfib 2 = r \ cos/J^. For a circular arc blade, the geometry is similar to that in 
Figure 6.126. It is shown in Figure 6.13 b again for the backward blade. So if one of 
these simple blade profiles is selected, fi b2 has to be related with these equations. Then 
A 2 or b 2 can be determined from the Euler equation. 

It is also instructive to mention the profile of an inactive blade here. From the 
Euler equation, A E = U 2 V u2 — U\V U \, there will be no energy transfer between the 
impeller blades and the fluid if the blade profile is such that rV u — r\V u \ — C\ . And 
from the continuity equation, we have rV r = r\ V rl = C 2 if the blade width is constant. 
Hence we have 


or 


tan p b = 


dr 
r dO 


V r = C 2 /r 
U — V u rco — C\/r 


dO 


dr (rco — C\/r) 1 
r C 2 /r C 2 



dr 



(a) 




(c) 


Figure 6.13 Radial-flow impeller blade profiles, (a) Straight blade, (b) Circular arc blade, (c) 
Profile of inactive blade. 
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or 



co 


-(r 2 — r,) — Ci In 



If there is no prewhirl, C\ = 0, and we have 



( 6 . 12 ) 


The profile is plotted as shown in Figure 6.13c. Beyond this, the machine becomes a 
turbine. This, of course, is an inefficient turbine because it is radial outflow. 


6.5.4 Cross-Flow Fan 

A special type of centrifugal fan, called a cross-flow fan, should be mentioned briefly. 
It is characterized by its compactness for high flow rate, although the pressure rise and 
efficiency are low. Its application is found in electronic cooling, portable heaters, air 
curtains, and so on. 

A typical arrangement is shown in Figure 6.14, along with velocity diagrams at 
four points. The impeller is similar to the multivane forward-curved bladed fan. But 
the flow passes through the impeller twice. It is basically a two-stage fan with one 
impeller. Flow inside the impeller is close to free-vortex flow, and hence we have 
V 2 = V 3 and ct 2 = 0:3 as illustrated in the velocity diagrams. The desired flow rate 



Figure 6.14 Cross-flow fan. 


.CO 
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Figure 6.15 Cross-flow fans of wide impeller for higher flow rate and multistage for higher 
pressure rise. 


can be achieved with any finite length of impeller and a higher pressure rise can also 
be achieved with a multistage arrangement mounted on one shaft as shown in Figure 
6.15. More detailed discussion of this type of fan can be found in Refs. 5 and 7. 

Example 6.6 

Design an impeller for a centrifugal fan rotating at 1800rpm to deliver air of 14,000 
cfm with a discharge static pressure of 5 in. wg. 


SOLUTION The specifications are N — 1800rpm = 188.5 rad/s, Q = 14,000 cfm 
= 233.3 cfs, and sp = 5 in. wg. The specific speed is calculated as 

N*/Q 1 800 Vl 4,000 rpmV cfm 

**s — ~ , n7 r — n — 63,700- Anc . 

(sp ) 0 - 75 5 0,75 (in.H 2 0 ) 0 - 75 

From Figure 5.1, selecting the airfoil blades, we have rj s = 0.80, and 


D s = 


d 2 (sp) c 


= 0.33. 


Hence 


„ Q ■ sp 14,000 x 5 

D _ 1 _ 7 _ _ i o ^ r 

* ~ Vs x 6356 “ 0.8 x 6356 _ ‘ P ’ 


0.33 x (14,000) c 


— 26 in., 


and the shaft torque x — Jg 0 Q*/ 3 Q) = 40 lbf-ft. The shaft diameter can be determined as 


*-(£r-( 


16 x 40 x 12 
7 x x 10,000 


= 0.63 in., 


where s s = 10,000 psi is the assumed maximum allowable shear stress of the shaft 
material. Hence d s is set as 0.75 in. and d /, = 1.0 in. or r h — 0.5 in. Using the minimum 
W\ criteria, we have fip — 35.2° and 


^Q 

7TO)(l — V 2 ) 


= 0.824 ; = 9.88" = 10", 
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where v = 0.05 and f = 1. Also we have b\ = ri(l — v 2 )/{2 f) = 5" and fi b \ — ftp 
+ i = 37°. To determine the outlet dimensions, first we have t / 2 = co r 2 = 188.5 x 
13/12 = 204.2 ft/s. For a straight blade, we will have fi' h2 — 52°, so try f3 b 2 = 45°, 
then 


Z 6 = 8.5 


sin p b2 
1 - rj/r 2 


= 26, 


_ 0.9 + 3.7^2/90 \ 

^ \ + Z b [l-{r,/r 2 n) 


0.794. 


Since the static pressure is specified but the total pressure is needed in the Euler 
equation, the discharge flow velocity is needed. 

Setting b 2 = b\ — 5 in., we have A 2 = 2nr 2 b 2 = 27r x 13 x 5/144 = 2.83 ft 2 . 
The fan discharge area A 3 is set as A 3 = 1.5 x A 2 = 4.25 ft 2 . Hence we have V 3 = 
Q/A 3 = 54.8 ft/s and 


tP = sp+-pV 3 


62 - X 5 + - x 0.00237 x 54. 8 2 = 26 + 3.56 = 29.5 lb f /ft 2 . 
12 2 


Also from rj, = ^(tp/sp) = rj imp r) v r) m and assuming r) v r} m — 0.95, we have rji mp = 
° ; 8 -q 2 95 -— = 0.955. So from the Euler equation, we have 


29.5 

0.00237 


= 0.955 x 0.794 x 204.2 204.2 


233.3 


2.83 tan fi b2 


= 154.8 204.2 


82.4 
tan PnJ' 


or fib 2 — 33.6°. Since Z b and fx s are related to fhi, we have to repeat the calculations. 
The new values Z b — 20, /z 5 = 0.781, and fi b2 = 33.9° are obtained. Hence the final 
values are Z b = 20 and f $ b 2 = 33.9°. 

It will be interesting to check the blade angle for the inactive blade at this point. 
From Equation (6.12) we have 


dO 

dr 


1 


2 tan/?/i L \r\J r\ 


21 - 


1 


Hence 
tan # 2 = 


dr 
r d9 


= 2 


^2 


'^in± = ( a ) 2 = tan35.2° (= 0.417, 

r 2 2 r 2 \r 2 J \ 13 / 


and fi' h2 = 22.6°, which is smaller than the /3 b2 we have as expercted from 
Figure 6.13c. 


6.6 PRELIMINARY DESIGN OF CENTRIFUGAL COMPRESSORS 

Comparing with the fan/blower, the centrifugal compressor rotates at higher speed and 
delivers higher discharge pressure expressed in terms of total pressures ratio p 0 3 lp 0 \- 
Since a significant change of gas density is involved in the compression, a thermody¬ 
namic process should be considered. 

A typical high-performance centrifugal compressor with a Francis-type impeller, 
inducer section, and splitters is shown in Figure 6.16. The frontal, meridional, and 
isometric views with the T-s diagram of compression process are shown. It is noticed 
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( b ) (c) 

Figure 6.16 Centrifugal compressor with Francis type impeller, [(b) Reprinted by permission 
from Morris, R. E. & Kenny, D. P., “High Pressure Ratio Centrifugal Compressors for Small 
Turbine Engines,” in Advanced Centrifugal Compressor , ASME Gas Trubine Division, 1971, © 
the American Society of Mechanical Engineers.] 


that across the impeller energy is transferred to the gas, so we have T o2 > T 0 But 
across the diffuser there is no energy being added to the gas, only some kinetic energy 
is converted to pressure rise, and hence we have (T o2 - T 2 ) > (T „ 3 - T}). 

Given the specifications, including mass flow rate m , inlet total pressure and 
temperature, p o] , T a \, total pressure ratio Poi/poi, and rotating speed N, the specific 
speed N s defined earlier can be calculated. Then Figure 6.7 can be used to ascertain 
that a centrifugal-type compressor is appropriate. Also the approximate efficiency and 
impeller diameter can be estimated. 
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6.6.1 Impeller Inlet Configuration 

The inlet configuration is primarily determined by the relative Mach number, defined 
as M rl l — W\Ja\, where W\ yt is the relative flow velocity at the impeller inlet tip and 
a\ is the acoustic speed. Assuming uniform inlet flow velocity V a \, from the veloc¬ 
ity diagram we have M\ = M r j, sin/?q >f , where jipj is the relative flow angle at the 
inlet tip. Hence, with M r \j and selected, the static temperature at the inlet, T\, 
can be calculated from T 0 \/T\ = 1 + (k — 1)/2M 2 , and a\ = ( kRT \) 05 . Then VFi, V\, 
and Uij can be determined and hence the tip radius r\ t . Also from the mass equation 
m = p\A\ V a \ and p\lp 0 \ = (7’ ] /7' 0 i) 1/( *~ 1 \ we have the hub radius r\h — [r\ t —m/ 

(Pl^TT)] 1 / 2 . 

v.l 


C, 

Pyi 




The process can be summarized in the following steps: 

1. Select M r \ tt = 0.7 to 0.8 and = 20 to 30°. 

2. Calculate M\, T\, and a\, then p\. 

3. Calculate W\ tt = M r \ t a\ , V a \ = M\a\, and U\ it = V^i/tan then r\ t . 

4 . Calculate r\h from m = p\ V'i 7 r(r ] 2 — rf h ), then U\h and 

5. Select fibi = Pfi + 2 to 3° from hub to tip. 

For a mixed-flow impeller without inducer, as shown in Figure 6.17, we have 
A i = rc(r\h + r\ t )b\ and the inclination angle y\ has to be specified such that cos y i 
= (j\ t — r\h)tb\. The minimum shaft size is determined from the stress consideration 
similar to that discussed in Chapter 4. 


6.6.2 Impeller Discharge Configuration 

The discharge configuration is determined by the pressure ratio requirement at the 
design flow rate. From the Euler equation (neglecting inlet prewhirl, i.e., V u \ — 0) 
with the energy equation and the definition of impeller efficiency, we have — w/m = 
U 2 V 112 = /^.vfA ^ : .2 == b (! 2 h a \ and ’luny — (h S0 2 b. 0 \)l{h 0 2 h ol ), where jx s is the 
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slip factor at the impeller discharge. Also we have V^ 2 = U 2 — W u2 = U 2 — Q 2 / 
(A 2 tan f} b2 ), and 


hso2 h 0 i — Cp(T s0 2 T 0 1 ) — C p T 0 \ 






When these equations are combined, the pressure ratio can be expressed in the form 


Po 2 f l U 2 [U 2 Q 2 /(A 2 tan ^ 2 )]^ 

Pol ~ V CpToi / 


(6.13) 


With a selected blade angle f} b2 and rj imp , calculated from the empirical formula 
or chart, such as Figure 6.7 and the Stanitz formula, the discharge configuration can 
be determined in terms of r 2 and the blade width b 2 . The blade profile from inlet to 
outlet is constructed with a procedure similar to that for the mixed-flow pump impeller, 
discussed in Chapter 4. The final design can be checked with the solidity and diffusion 
ratio requirements before the detailed design and analysis are ensued with a CFD 
software. 

The procedure can be summarized in the following steps: (For convenience of 
reading the velocity diagrams at impeller inlet and outlet are depicted in Figure 6.18 
again) 
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Figure 6.18 Velocity diagrams at inlet and outlet of a mixed-flow impeller. 


1. The given specifications are T 0 \, p Q \, m, p 0 3, N. 

2. Calculate the ideal head, which is energy transferred to the gas per unit mass, 
#ad = Hi = C p T ol [(p o2 /p 0 [) k ~ i/k - 1] and inlet volumetric flow rate Q\ = 
m/p\. 

3. Calculate the dimensional specific speed N s — Ny/lJi/H^ 4 , with the units 
given in Figure 6.7, based on radial-flow for N s = 30 — 80, mixed flow for 
N s = 80 — 1000, and axial flow for N s > 1000 to assure that the centrifugal- 
type impeller is appropriate as well as to determine the specific diameter D s 
and overall efficiency r) c . 

4. Calculate the outlet diameter £>2 from D s , then the peripheral velocity U 2 from 
U 2 = r2 co. 

5. Use the isentropic equation T sso2> IT 0 \ = (p 0 3 ^Po\) k ~ l ^ k and the definition of 
efficiency, r\ c = (T sso3 - T ol )/(T o3 - T oX ), to determine T a2 , which is equal 
to T o3 . 

6. The mechanical efficiency rj m to account for power losses due to the bear¬ 
ing, seal, and disk friction is defined as r/ m = U 2 V U 2 lC p (T o2 — T oX ), where 
the numerator is the impeller power input and the denominator is the total 
power input, including those due to friction, assuming no heat transfer; typical 
mechanical efficiency is around 90-95%, so V „ 2 can be determined. 

7. The flow coefficient 0 = V m2 /U 2 is selected around 0.2-0.4, so V m2 and 
W 2 = [V r 2 /m2 + (U 2 —V m2 ) 2 ] 0 ' 5 can be calculated. 

8 . At this point, the diffusion ratio Df = W x IW 2 can be checked. It has to be less 
than 1.9 to assure no boundary layer separation on the blade surface; otherwise 
a different flow coefficient should be selected at step 7, or step 4 needs to be 
repeated to select a different outlet diameter. 

9. Estimate the impeller efficiency 77 j mp from the loss ratio x = 0 — r Ump)K 1 — 
p c ) by setting x to be 0.6-0.7. 

10. Calculate p 0 2 from the isentropic equation and the definition of impeller effi¬ 
ciency [Equation (6.13)]. 

11. Calculate V 2 from V 2 2 = V U 2 2 + V r /„, 2 2 and 7? from C p (T 0 2 — T 2 ) = V 2 2 /2. 

12. Calculate p 2 and p 2 from p 2 /p o2 = (7 2 /7 ’ o2 ) t/,/:_1 and p 2 = p 2 /7?T 2 . 

13. The slip coefficient formula by Stanitz, which is adequate for 45° < /^ 2 < 90°, 
can be rearranged as follows for convenience: p, s = V^/V^ = 1 — 0.63rr/[Zfc(l 
- 4> 2 cot p b2 )} = 1 - (0.63n/Z h )(U 2 /V' 2 ), or V[ a = V u2 + 0.63itU 2 /Z b , so 
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V' u2 can be calculated by selecting the blade number Z b , which can be 10-20 
(the formulas for p s by Stodola and Eck are preferred by some designers). 

14. Calculate the outlet blade height b 2 and blade angle fi b2 from p 2 V r/m2 jr D 2 b 2 e 2 
= m and tan /3 b2 = V r/m2 /(U 2 - V' u2 ), where e 2 = 1 - (Z b t/sin p b2 )/(2nr 2 ) 
is the flow area contraction factor due to the blade thickness t at the outlet. 
Some iterations are needed between steps 13 and 14. 

15. Construct the blade profile from inlet to outlet. 

6.6.3 Diffuser 

The diffuser downstream of the impeller is employed to convert the excessive kinetic 
energy of gas into increased static pressure rise. In the vaned diffuser, the divergence 
angle of the vanes is normally limited to be less than 12 ° to avoid possible boundary 
layer separation. The diffuser inlet configuration should match that of the impeller 
discharge. 

The clearance between the impeller trailing edge and vaned diffuser leading edge 
should be around 10-20% of the impeller radius to provide flow adjustment. This 
clearance can be considered as a vaneless diffuser. The flow there can be analyzed 
with the conservation equations of mass and angular momentum. Hence we have r d 
Vud — r 2 V u2 and p d r d V md = p 2 r 2 V m2 , where the subscript m designates the meridional 
component and subscript d designates the vaned diffuser leading edge. Incorporating 
the equations C p (T o2 - T d ) = (V md 2 + V ud 2 )/2, p d / p o2 = (T d / T o2 f/ k ~\ and p d = 
Pd RT d , the parameters p d , p d , T d , V ud , and V md can be solved iteratively. Hence the 
blade angle and throat passage area there can be determined, that is, fi d — fif d = tan -1 
(Tm^/V^), A d — s d (2nr d /Z d ) sin f5 d . A contraction factor e d can be included. 

The diffuser blade number Z d should not have a common multiple with the impeller 
blade number to avoid vibration and resonance. The diffuser outlet dimension can be 
determined with a specified outlet flow velocity and the compressor discharge condition 
Poi and T o3 . To accommodate the variable flow rate, the adjustable diffuser vanes can 
be used for a stable operating condition. 


6.6.4 Volute 

Downstream of the vaned diffuser, a volute is used to collect the gas and discharge 
it to the outlet, similar to that discussed in Chapter 4 for the centrifugal pump. This 
arrangement is especially common for industrial compressor applications. The volute 
cross-sectional area increases from the tongue, with 9 = 0,..., 2n linearly as Ag 
= Q’iQrJQnK), where K — r c V u = r 3 V u3 , and r c is the centroid radius of the 
cross-sectional area. So as 9/2tt increases from zero to one, Ag increases from zero to 
the exit area A 3 = Q 3 /V 3 . 

In some designs without a vaned diffuser, the entire diffusion process will take 
place in the volute and the discharge diffuser, resulting in a lower efficient machine. 
But the possible surging due to the flow mismatch between impeller and vaned diffuser 
under the off-design condition can be avoided. 

Another correlation 8 of compressor efficiency with respect to the specific speed 
was published and is reproduced in Figure 6.19 for reference. These data are obtained 
from tests of impellers with a diffusion factor W\IW 2 = 1.4, hub—tip diameters ratio 
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Average density specific speed, u> $ Average density specific speed, co s 

M u = 0.77 M u = 1.54 

(a) (b) 

Figure 6.19 Specific speed chart of polytropic efficiency. (Reprinted by permission from Rogers, C., “Specific 
Speed and Efficiency of Centrifugal Impellers,” Proceedings of Symposium on Performance Prediction of Centrifugal 
Pumps and Compressor, ASME, New Orleans, LA, Mar. 1980, Gopalakrishnan, S., et al. (Eds.), © the American 
Society of Mechanical Engineers.) 


Dhi/D 2 = 0.3, and solidity jrZV(2Z^L) = 0.25 where Zb is blade number and L is 
blade length. Hence their application ranges are limited. The nondimensional specific 
speed is defined in terms of the average volumetric flow rate, such as co s = co[(Q j + 
<2 2 )/2] 0 5 ///° 75 , where co is in radians per second, Q is in cubic feet per second, H is 
the polytropic head or actual total enthalpy change per unit gas mass in (lb/-ft/slug) 
across the impeller, and the efficiency is the polytropic efficiency of the impeller. The 
effects of other parameters are also shown. The optimum specific speed increases as 
the outlet blade angle with respect to the radial direction p 2 increases from zero to 
50° for a given Mach number M u = U\la 0 \. Also at a given specific speed and Mach 
number, the efficiency is a function of the inlet flow coefficient 4> = CfUj- 

The centrifugal compressor design is a complicated topic, and more detailed dis¬ 
cussion is beyond the scope of this text. Interested readers can consult Refs. 8, 9, 10 
and 11. 


Example 6.7 

Design a centrifugal air compressor impeller with the following specifications: N = 
15,500rpm, m = 17lb m /s, T a \ = 530R, p 0 \ = 14.7 psia, and Poi/poi = 2.50. 


SOLUTION Inlet Configuration Selecting M,i , = 0.75 and fip — 25°, we have 


M u =0.75 sin 25° = 0.317, 7) =---=— 

1 + (* - 


530 

1 +0.2 x 0.3172 


519.6/?, 
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fli = (1.4 x 53.33 x 32.2 x 519.6) 05 = 1117.6ft/s, 

V u =0.317 x 1117.6 = 354.3 ft/s, 

W u = 0.75 x 1117.6 = 838.2 ft/s, U u = (838.2 2 - 354.3 2 ) 0 5 = 759.6ft/s. 

So we have r 1; = UJco = 759.6/1623 = 0.468ft = 5.6in. Also from Pl = p ol (T x ! 
T o\) ,( n = 14.7(519.6/530) 3 ' 5 = 13.7 psia and p x = p x l(RT x ) = 13.7 x 144/(53.33 x 
519.6) = 0.0713 lb m /ft 3 , we have A i = m/(p x V x ) = 17/(0.0713 x 354.3) = 0.673 ft 2 = 
96.9in. 2 , assuming uniform inlet flow. From n (r u 2 - r lh 2 ) = A u we have r lh = ( r u 2 
- A\/n) 05 = 0.72 in., U\ h = 97.0ft/s, and = tan _1 (Vi h /U ih ) = tan -1 (354.3/97.0) 
= 74.7°. 

(B) Outlet Configuration From 

" / p„?\ (k ~ 1)/k 1 

Had = C p T ol I-J -l = 0.24 x 778 x 530[(2.5)°- 2857 - 1] 


= 29614 ft-lbf/lbm, 

_ m 17 , 

Q ' = P = tM3= 23SAf,/s ’ 


we obtain the specific speed 

x, *</& 1 


(//ad) 0 ' 


15500V238A 

(29614) 0 - 75 


= 106 rpmw ft 3 /s/(ft - lb f /lb m ) c 


From Figure 6.7 we have the estimated rj c = 0.87 and D s = £> 2 (//ad)/\/e7 = 1.50. 
Hence D 2 = 1.5V238.4/(29614) a25 = 1.765' = 21.2" or r 2 = 10.6in. and U 2 = r 2 co 

= 14 n 3 9 ^ 7 ft/S - Refemng t0 Figure 6 - 16c ’ we have T sso3 = T ol (p o3 /p ol ) (k - l) ' k = 530 
(2.5) = 688 . 6 R, and from r/ c — (T sso3 — T 0 \)l{T o2 , — T a \), we have T o2 = T 1 ^ 

= (1/0.87) ( 688.6 - 530) + 530 = 712.3 R. Also from p m = U 2 V u2 /[C p (T o2 - 7^)], 
with the estimated rj m = 0.95, we have V u2 = 0.95 x 0.24 x 778 x 32.2(712.3 - 
530)/1433.7 = 726.3 ft/s. Selecting the flow coefficient <f> = V m2 /U 2 = 0.30 results in 
v „ t2 = 0.3 x 1433.7 = 430.1 ft/s, = [V m2 2 + (U 2 - V „ 2 ) 2 ] 0 - 5 = 827.9 ft/s, and F 2 

- Wu2 + Kn 2 2 ] 0 ' 5 = 844.1 ft/s. Hence we have the diffusion factor D f = W 1 ( /W 2 = 
838.2/827.9 = 1.012 (< 1.9), which is O.K. The impeller efficiency can be estimated 
from the losses fraction x = d - him P )/(l - Vc) = 0.6 or r, imp = 1 - 0 . 6(1 - jj c ) = 1 

- 0.6(1 - 0.87) = 0.922. Hence from 77 imp = (T soZ - T oX )l(T o2 - T a i), we have T so2 
= T o\ + 7imp(7 ’ o2 - Toi) = 698R andp o2 = p o \(T so2 IT ol ) k / {k ~0 - 14.7(698.1/530) 35 
= 38.5 psia. Then from the energy equation we have T 2 = T o2 - V 2 2 /2C p = 653.0 R. 
Hence p 2 = p 0 2 (T 2 /T o2 ) k ^ k O = 28.4 psia and p 2 = p 2 /(RT 2 ) = 0.117 lb m /ft 3 . Selecting 
Z b = 16 and using the Stanitz formula for the slip coefficient, we have V' ul — V u2 + 
0.637T U 2 /Z b = 726.3 + 0.63rr x 1433.7/16 = 903.6 ft/s and tan /3 b2 = V m2 /(U 2 - V' u2 ) 
= 430.1/(1433.7 — 903.6) = 0.81 or fi b2 = 39°. With blade thickness t = 0.15 in., the 
contraction factor is 


1 _ Z b t /sin ^ 


16 x 0.15/sin 39° 
7 r x 21.3 


= 0.94. 


Hence from the mass equation p 2 V m2 jrD 2 b 2 e 2 = m, we have b 2 = 17/(0.117 x 430.1 
it x 1.765 x 0.94) = 0.0648' = 0.78 in. 



6.7 Application of Centrifugal Compressors 179 


6.7 APPLICATION OF CENTRIFUGAL COMPRESSORS 

In gas turbine applications, centrifugal compressors are primarily used for small engines 
of less than 10 MW with pressure ratio of less than 4. For applications in other indus¬ 
tries, the types of gas handled vary widely, from regular air to different kinds of pure 
vapor or mixture. Some are employed in high-power applications. One example is 
shown in Figure 6.20 for repressuring service in crude-oil production. The principal 
fields and general applications involved are as follows: 


Industry Service or Process 

Chemical or petrochemical Oxidation, gas recovery, refrigeration, air supply, 

liquefaction 

Iron and steel Combustion, oxidation, exhausting 

Mining and metallurgy Power tool and machinery, copper and nickel purification 

Natural gas Production, processing and distribution 

Refrigeration Industrial and commercial air conditioning 

Utilities Soot blowing, cyclone furnaces, combustion 

Miscellaneous Sewage treatment, food processing, paper making, 

glassmaking, wind tunnel, pharmaceutical, etc. 



Figure 6.20 Compressor used on repressuring service in-crude oil production. (Reprinted by 
permission from Gibbs, C. W., (Ed.), Compressed Air and Gas Data, 2nd ed., Ingersoll-Rand 
Co. Phillisburg, NJ, 1971.) 
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For convenience of application, centrifugal compressor performance curves are 
normally given in terms of nondimensional parameters, as discussed in Chapter 2. 
Relevant parameters obtained from dimensional analysis are p&lpoi, T 0 i!T 0 \ (or ^ ad ), 
m VTo\/ Poly and N/y/T^. Here p 0 2 and T 0 2 are the compressor discharge pressure and 
temperature. A set of typical characteristic curves are plotted in Figure 6.21. The surge 
line at low flow and fast pressure drop due to choking at high flow rate are obvious. 

Due to the narrow range of stable operating conditions, a variable-speed drive 
is always desirable and employed whenever it is applicable. But other types of flow 
control are also possible: 

1. suction throttling with butterfly valve or variable inlet guide vanes, 

2. recirculation to suction, if very low capacity is needed, even for zero flow 
condition, and 

3. throttling at discharge or employing variable diffuser vanes. 

A combination of the various methods can also be employed to achieve optimal 
operation. The centrifugal compressor with an inlet guide vane and its performance 
curves with various vane setting are shown in Figure 6.22. The guide vanes can be 
adjusted by pneumatic, electrical, or hydraulic means. Typical performance curves along 
with constant efficiency contours are shown for five different vane positions. The volu¬ 
metric flow rate and head are plotted in terms of the percentage of the design condition. 



mass flow rate, m VT^/p 01 
[m (Ibm/s), T 01 (R), p 01 (psia), p 02 (psia), N(rpm)] 

Figure 6.21 Typical centrifugal compressor curves in nondimensional parameters. 
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In general, the surge line can be extended to lower flow rate with the inlet guide vanes 
than with the variable-speed approach. However, the efficiency with the former method 
is slightly poor in most cases. 


6.7.1 Intercooling 

For the high-pressure-ratio compression, a multistage compressor with intercooling is 
normally employed. As shown in Figure 6.23, if the compression is divided into two 
stages, the gas is compressed from condition 1 to 2, then cooled to 2' before being 



Figure 6.23 T-s diagram for compressor with intercool¬ 
ing. 



Water-cooled 
diaphrag: 



(b) 



(c) 

Figure 6.24 Multistage compressors with intercoolers, (a) External inter cooling. ( b ) Inter¬ 
cooling with water-cooled diaphragm, (c) Intercooling with liquid spray injection. (Reprinted by 
permission from Gibbs, C. W., (Ed.), Compressed Air and Gas Data , 2nd ed., Ingersoll-Rand 
Co. Phillisburg, NJ, 1971.) 
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compressed to 3'. The discharged gas pressure at 3' is the same as the single-stage 
compression pressure at 3, but the temperature is lower. And the input power per unit 
mass flow rate required is P' = C p [(T^ — T£) + {Tj — 7))], which is less than the 
single-stage value of P s — C P (T 3 — 7j). Since Tj' — T 2 ' is less than T 3 — T 2 because the 
constant pressure lines on a T-s diagram diverge. Or it can be shown in Equation (6.2) 
that the adiabatic head H ac 1 is proportional to the inlet temperature of each stage. Hence 
the efficiency of the multistage compressor with intercooling is higher than that of the 
single stage. Another advantage of intercooling is that lower maximum gas temperature 
implies that less expensive material can be used for the critical part in the flow passage. 
Also, for some applications, low-temperature, high-pressure gas is needed. 

Three different types of intercooling arrangement are shown in Figure 6.24. An 
external cooler can be inserted between any two stages after a few stages, wherever 
is needed. A water-cooled diaphragm is less effective and problems associated with 
scaling may result. Spray injection can be applied with the liquid compatible with the 
gas being compressed and the construction materials, but the injection amount is not 
easy to control. 


6.7.2 Application in Refrigeration Systems 

In refrigeration and air-conditioning systems, the centrifugal compressor is primarily 
used in large industrial units. The positive-displacement types dominate the small- to 


Table 6.2 Comparison of Compressor Types 

Residential and Commercial Industrial 
Automobile 

Capacity 0.1 10 100 (kW) 

ranges (1 ref. ton = 3.51 kW) 0.1 10 100 (tons) 

Rotary 

Scroll 

Screw 

Reciprocating 

Centrifugal 



Advantage 

Disadvantage 

Rotary 

Inexpensive 

Noisy 

Screw 

Simple construction, no valve, 
quiet 

Expensive to make 

Reciprocating 

Inexpensive to make 

Noisy, low efficiency 

Scroll 

Simple construction, no valve, 
quiet, high efficiency 

High precision required, expen¬ 
sive to make 

Centrifugal 

Simple construction, high effi¬ 
ciency at large capacity 

Expensive to make, high preci¬ 
sion and balancing required 
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medium-power units. A comparison in capacity ranges of application and advantages 
and disadvantages of different types of compressors are given in Table 6.2. 


6.8 SELECTION OF COMPRESSORS 

Selecting a compressor can be a straightforward job or a tedious, complicated task 
depending on the application. For application in a gas turbine, the detailed discussion 
will be given in Chapter 8. The discussion here is limited to application in ground-based 
industrial systems. The basic guidelines and two examples will be included. Although 
a machine designed from scratch can result in a most efficient unit, the off-shelf unit, 
if available, will provide a more economic choice. A building-block approach using 
existing components is a compromise for large units. 

Some factors influencing the choices among positive-displacement, centrifugal, or 
axial-flow type compressors suggested by Ref. 2 are as follows: 

1. Flow Capacity: Inlet volumetric flow rate is a major consideration in the selec¬ 
tion of compressor type. Typically, for flow rates higher than 1000 cfm, a 
dynamic compressor, either centrifugal or axial type, will be chosen. Otherwise 
a positive-displacement type will be preferred, as shown in Figures 6.25 and 
6.26. 

2. Driver: Generally speaking, the choice of driver is dictated by the available 
source of power, the compressor that best fits the driver should receive first 
consideration. In other words, a centrifugal compressor always receives the first 
consideration if the driver must be a turbine. Otherwise a positive-displacement 
machine should be considered if the driver is to be an electric motor and the 
specific speed is appropriate. 



Figure 6.25 Range of speed versus inlet capacity for near-optimum efficiency for dynamic 
compressor. (Reprinted by permission from Gibbs, C. W., (Ed.), Compressed Air and Gas Data, 
2nd ed., Ingersoll-Rand Co. Phillisburg, NJ, 1971.) 
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CM 

Q. 



ICr 10 3 10 4 10 5 

Inlet flow rate (cfm) 

Figure 6.26 General guides for selecting industrial compressor (single or multistage). 6 


3. Head: If a dynamic compressor is selected, the discharge pressure or pressure 
ratio requirement can be converted into a head requirement in ft-lbf/lb m . With 
the number of stage selected, the specific speed N s = N^/Q/(H ad ) 0J5 (based on 
one stage) can be calculated. Then Figure 6.7 can be used to check its size and 
expected efficiency. Iteration can be performed to reach an optimum selection. 

4. Floor Space: Floor space and its shape will, sometimes, influence the selection. 
The opportunity for selection will be broadened if the exact dimensions of the 
space available are given to all potential vendors. 

5. Foundation Needs: Foundation requirements for rotating machinery are often 
less than that for an equivalent reciprocating machine. The latter has more 
vibration problems. 

6. Capacity Control: If the variation range in gas demand is wide, the positive- 
displacement type will be favored in most cases. 

7. Oil-Free Air: Any requirement for oil-free air rules out the vane-type rotary. 
Helical-lobe and dynamic compressors require no oil. 

8. For air power application, the load factor, defined as the ratio of total actual 
output over the rated full-load output of the machine, should be between 50 and 
80%. This will provide more uniform pressure, even during peak demand and 
a cool-off period, especially for air-cooled units. 

9. Gas Characteristics: For petrochemical process application, the gas properties 
play an important factor in compressor selection. A low gas inlet density (i.e., 
low-molecular-weight gas) will affect the centrifugal to a greater degree than 
the positive-displacement machine. It may require multistage for the centrifugal. 

10. If the required brake horsepower is very high, it is likely that an axial-flow type 
will be considered first. In the other case, if the required pressure rise is very 
high, then the first choice will likely be the positive-displacement type. 

Sometimes, the gas may have certain limiting conditions within which it must 
be kept during compression, especially the temperature. Then, interstage cooling may 
become necessary. For gas of very high or very low temperature, the centrifugal or 
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axial type will be preferred, because lubricant is required in the flow passage region in 
the reciprocator. 

With the above items being considered, economic evaluations of initial and oper¬ 
ating costs can be performed on several choices. The brief discussion given in Section 
4.10 for pump selection is also applicable here. Then a final decision can be made. 
Two simple examples below illustrate some basic calculations for a typical compressor 
selection. 


Example 6.8 

Air at ambient condition of 14.7 psia and 70°F has to be compressed to 50 psia at 
a rate of 1001b m /s. If a steam turbine running at 4800 rpm is available, select the 
most efficient type of compressor (single or multistage) for this job. Also estimate its 
diameter and the number of stages. 


SOLUTION Using Figure 6.7, the specific speed N s — NVi°- 5 /H a( i 0 ' 15 should be cal¬ 
culated based on the inlet volumetric flow rate Vi and the adiabatic head per stage 
Had- 

From pi = p\l(RTi) = 14.7 x 144/(53.3 x 530) = 0.075 lb m /ft 3 , we have Vj = 
(100/0.075) = 1333 ft 3 /s. Also from Equation (A.3), we have total adiabatic head ]TH ad 
= C p TA(p e /pi) ik - ])/k - 1] = 0.24 X 778 x 530[(50/14.7) 0 2857 - 1] = 41,4361b f -Mb m . 
The specific speeds for different number of stages are calculated as follow: 


n = 1 : 

n = 3 : 

n = 4 : 

n — 6 : 

n = 8 : 


_ 4800(1333)°- 5 _ ^ 

Ns (41,436)°- 75 60 ’ 

_ 4800(1333^ = 

(13,812)° 75 

4800(1333) 05 

/V = _c_i_ — no 

* (10359) 0 - 75 

4800(1333)° 5 ooi 
5 (6906)°- 75 


4800(1333)°- 5 

(5179)°.75 


= 287. 


Reading the curves in Figure 6.7, the best efficient point is around N s = 280 with 
V ss 0.90 and D s — D(H a d )°- 25 /\Xj 05 0.7. Hence 8-stage mixed-flow impellers are 
selected. The impeller diameter can be calculated as D — 0.7 x (1333)° 5 /(41,436/8) 0 25 
= 3.0 ft, and the total required shaft power P s = m ^ // ad /?7 = 100 x 41,436/ 
(0.9 x 550) = 8371 hp. 


Example 6.9 

An air compressor is needed to deliver air flow of 15001b m /min from 65 psia and 120°F 
to 250 psia. The polytropic efficiency is estimated to be 75%. Select the appropriate type 
of compressor with its rotating speed. If multistage types of 2, 4, and 6 are considered, 
estimate their respective efficiencies and required horsepower. 
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SOLUTION From the ideal gas equation, the inlet air specific volume can be calcu¬ 
lated as 


RTi 

144 pi 


53.3 x 580 
65 x 144 


= 3.303 ft 3 /lb m , 


and Qi = mv\ = 4954 cfm. The overall adiabatic head can be calculated from 


Hq/sl — RT\ 


n — 1 
= 54,417 ft-lbf/lb m , 


El\ 

Pi) 




- 1 


= 53.3 x 580 x 2.625 


(f) 


1/2.625 


- 1 


where n/(n - 1) = r) p k/(k - 1) = 0.75 x 1.4/(1.4 - 1) = 2.625. 

From Figure 6.25, a centrifugal compressor with speed N = 10,000 rpm is appro¬ 
priate for the present application. 

To use Figure 6.7, the specific speed can be calculated from N s = NVi°- 5 /H ad 015 , 
where V\ = 4954/60 = 82.6 cfs and H at j = H 0 /Jn s is the head for each stage. Selecting 
the number of stages to be 2, 4, and 6, the head for each stage and specific speed can 
be calculated, then the total-to-total adiabatic efficiencies can be read. The required 
shaft horse power can be calculated with the volumetric and mechanical efficiencies 
assumed to be 0.98 and 0.95 respectively, that is, 

p _ rnH o/a 

33,000 x rj id rj v r] m ' 


The results are as follow: 


Stage Number 

//ad (ft-lbf/lbm) 

N s 

bad 

Ps (hp) 

2 

27,208 

43 

0.72 

3,690 

4 

13,604 

72 

0.83 

3,201 

6 

9,069 

98 

0.87 

3,054 


Example 6.10 

Select a centrifugal fan from Table 6.1 for a duct system requiring 12,000 cfm at a static 
pressure of 1.25 in. wg. (a) Determine its rotating speed, (b) plot the fan performance 
curves at this speed, and (c) plot the system curve. 


SOLUTION From Table 6.1, at 1.25 SP, the rotating speeds for Q\ = 11,172 cfm 
and Q 2 = 12,103 cfm are N\ = 474 rpm and N 2 — 483 rpm, respectively. Hence the 
rotating speed for the selected fan can be determined by interpolation as 


N = 474 + 


(483 -474) (12,000 


11,172) 


= 474 + 9 x 0.889 = 482 rpm. 


12,103 - 11,172 
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Select a few data points around 482 rpm from Table 6.1 as: 



Q (cfm) 

14,896 

12,103 

11,172 

11,172 

10,241 

7448 


N (rpm) 

490 

448 

436 

474 

466 

360 


SP (in. wg) 

1.0 

1.0 

1.0 

1.25 

1.25 

0.75 


BHP (hp) 

3.66 

2.67 

2.40 

2.97 

2.75 

1.2 

Convert 

them into the 

conditions of 482 rpm according to the similarity laws, 

resulting in: 









Q (cfm) 

14,653 

13,021 

12,350 

11,360 

10,593 

9972 


SP (in. wg.) 

0.967 

1.16 

1.22 

1.29 

1.34 

1.34 


BHP (hp) 

3.5 

3.20 

3.24 

3.12 

3.04 

2.88 


The system curve can be calculated from H ~ Q 1 2 3 4 5 6 7 8 9 as: 


Q (cfm) 10,000 11,000 12,000 13,000 14,000 

H (in. wg.) 0.87 1.05 1.25 1.47 1.70 


They are plotted as shown. 
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PROBLEMS 

6.1 A centrifugal blower operating at 15,000rpm compresses air from 68°F and 14.7 psia 
to 10 psig at 1350 cfm and requires 80 hp. (a) Determine the efficiency of the blower at this 
point, (b) What are the speed, flow rate, and shaft power if it is desired to increase the discharge 
pressure to 12 psig. (c) If the suction is throttled to 12 psia, what is the discharge pressure and 
flow rate (referred to 68°F and 14.7 psia)? 

6.2 If the above blower is operated in winter with an inlet air temperature of 40°F, determine 
the discharge pressure, flow rate (referred to 68°F and 14.7 psia), and shaft power. 

6.3 If the outside diameter D of the above blower impeller is trimmed by 5%, what is 
the probable discharge pressure and brake horsepower operating at the conditions specified in 
problem 6.1? 

6.4 A radial vane compressor with dimensions as shown is operated at 12,000 rpm, with air 
entering the inlet at 75kPa, 290 K, and 10 m/s under design condition. If the slip factor at 
the discharge is 0.85, adiabatic efficiency is 0.82, and mechanical efficiency is 0.98, determine 
the discharge volumetric flow rate, static pressure, and brake horsepower. Neglect the blockage 
effects due to blade and boundary layer thickness. 


80 mm -►) ( 4 - 



6.5 A centrifugal compressor rotating at 35,000 rpm is tested in the open atmosphere of 14.7 
psia and 60°F. The mass flow rate of 1.41b m /s, discharge stagnation pressure of 45 psia, and 
temperature of 280°F are measured. If the mechanical efficiency associated with the bearing 
and seal friction losses is estimated to be 95% (but leakage is neglected), determine the overall 
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compressor efficiency and the brake horsepower. Also determine the expected discharge pressure 
and brake horsepower if the rotating speed is reduced to 30,000 rpm. 

6.6 Design a centrifugal compressor to draw 71b m /s of air from an ambient atmosphere at 

14.7 psia, 75°F, and to discharge at a total pressure of 60 psia, when it runs at 21,000 rpm. 

6.7 A blower is designed to draw in 1000 cfm of carbon dioxide at 90°F and 3 psig and 
compress it to 5 psig when rotating at 4000 rpm. It is to be tested with air at 14.7 psia and 70°F 
at 3550 rpm. Determine the flow rate and discharge pressure which the machine should deliver 
at the design point on test to be acceptable. 

6.8 A blower is designed to compress 5000 cfm of 60°F air from 14.7 psia to 4 psig. If the 
speed and inlet temperature remain unchanged, what suction pressure can be maintained if the 
discharge pressure is to be 3 psig? 

6.9 A compressor initially tested under the atmospheric pressure of 28.7 in. Hg and 56°F 
results in a discharge pressure of 47.4 psig and air mass flow rate of 39.3 lbm?s. After the 
impeller diameter has been trimmed slightly, a second test performed under the atmospheric 
pressure of 29.9 in. Hg and 29°F results in a discharge pressure of 49.6 psig and mass flow rate 
of 41.1 lb m /s. What are the rotating speed ratio and the trimmed diameter ratio? 

6.10 A central air-conditioning duct system requires a fan that will deliver 12,100 cfm of air 
at a total pressure of 1.4 in. of H 2 O. If the fan of Table 6.1 is selected, determine its speed, shaft 
power, and total efficiency. 

6.11 Plot the performance curves at constant rpm for the fan selected in the previous problem, 
including the system curves in the form similar to Figure 5.23. 

6.12 Plot the above fan performance curves at 400 and 600 rpm and the system curve in a form 
similar to Figure 5.22. 

6.13 The test results of a centrifugal compressor are given as follows: 

N = 46,000 rpm, m = 1.321b m /s, p ol = 14.4 psia, 7o 1 = 518 R, 

P 2 =27.8 psia, p 03 = 43 psia, 7 03 = 772 R. 

If the impeller outlet dimensions are D 2 — 6.5 in., b 2 — 0.4 in., fi b2 = 90°, Z b = 17, determine 
(a) the compressor adiabatic efficiency, (b) stagnation pressure at impeller outlet, and (c) the 
impeller adiabatic efficiency. 

6.14 Considering the compressor of the above problem, if the relative Mach number at the 
impeller inlet tip should be 0.80 and relative flow angle is 35° at the design flow rate, what are 
the impeller inlet dimensions? 

6.15 A single-stage centrifugal air compressor with impeller diameter of 20 in., outlet blade 
angle fi 2 — 65°, rotating at 8,000 rpm, delivers a mass flow rate of 201b m /s and discharges total 
pressure at 125 psia, total temperature at 1220 R under the design condition. If p 0 \ = 14.5 psia, 
T a 1 — 520 R, and the slip coefficient, volumetric and mechanical efficiencies are estimated to 
be 0.89, 95% and 97% respectively, determine: (a) compressor overall efficiency, (b) impeller 
discharge blade height and (c) shaft power required. 
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7.1 INTRODUCTION 

It is generally more difficult to design a compressor than a turbine. This is due to 
the fact that the flow in a compressor is decelerating/diffusion, and hence it is more 
likely to suffer from boundary layer separation, surging, and stall, especially when the 
pressure increases too fast in the direction of flow. Also, for a mixed- or radial-flow 
compressor, a high pressure ratio requires an impeller of excessively large radius. Hence 
for the high-pressure-ratio requirement, a multistage axial-flow compressor design will 
be a logical choice. In fact, this type of compressor is extensively used in gas turbine 
engines, especially for aircraft propulsion. Its advantages compared with the centrifugal 
type are summarized as follows: 

(a) It has a smaller frontal area for a given high flow rate. 

(b) The higher pressure ratio can be achieved with a more compact multistage 
arrangement. 

(c) Overall weight is lighter compared with the centrifugal compressor for the same 
performance. 

(d) It is operated at higher speed due to its smaller radius and hence is more efficient 
in general. 

The disadvantages of the axial-flow compressor is its steeper head-capacity curve 
and hence a narrow operating range. However, the adjustable stator blades can be used 
to extend the range somewhat. The typical performance characteristics of these two 
types of compressor are compared in Figure 7.I. 1 The effect of stator blade setting for 
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Figure 7.1 Comparison of axial and centrifugal compressors performance characteris¬ 
tics. (Reprinted by permission from Compressed Air and Gas Data , 2 nd Ed., Ingersoll-Rand 
Co. Phillipsburg, NJ, 1971.) 


Rotor Stator 




Figure 7.2 Axial-flow compressor stage. 


the axial compressor is also shown. It is shown that the trend of the brake horsepower 
curves is opposite. 

Each stage of the axial-flow compressor consists of a rotating impeller (rotor) and a 
stationary diffuser (stator), as shown in Figure 7.2. Mechanical energy is converted into 
total enthalpy (thermal/pressure and kinetic energy) of flow in the rotor, while the stator 
is used to convert the excessive kinetic energy into thermal/pressure energy (or static 
enthalpy) and redirect the flow into the next-stage rotor. For convenience of analysis, 
the rotor and stator blades are developed onto a plane, also shown in Figure 7.2. The 
flow can be treated as two dimensional in the preliminary discussion, especially if the 
blade height is small compared with the mean radius. 

There is some similarity between the design of an axial-flow compressor and that of 
an axial-flow pump or fan, as discussed in Chapter 5, except the compressibility effects 
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Figure 7.3 Velocity diagram across rotor and stator. 


and thermodynamic processes have to be included for the compressor. However, only 
the basic principles will be covered in this chapter. More detailed treatment can be 
found in texts on gas turbines, such as Refs. 2-4. 


BASIC THEORY 

The velocity diagrams for stations 1, 2, and 3 as indicated in Figure 7.2 are given in 
Figure 7.3, where V 3 = V\ and U\ — U 2 = U for the normal compressor stages. The 
corresponding flow angles are also shown. Across the rotor, the relative flow velocity 
is guided by the blades, while across the stator, the absolute flow velocity is guided by 
the blades. The energy transfer per unit mass of fluid across each stage, expressed in 
terms of the total enthalpy change, can be related to these velocities according to the 
Euler equation, that is, 

h o2 - ho 1 = U 2 V U 2 - U,V ul = U(V U 2 - V u y) 

= U[{U - V a tan ft) - (U - V a tan ft)] = UV a ( tan ft - tan ft) • 

Expressed in terms of the nondimensional parameters, with the stage loading factor 
and flow coefficient defined as f = (/z o2 — h 0 \)IU 2 and <p — VJU , respectively, the 
Euler equation can therefore be written as f — <p(tan ft — tan ft). In actual situations, 
the energy transfer is reduced due to slip, blockage, and flow nonuniformity at the rotor 
discharge (similar to the slip coefficient fx s , discussed earlier for centrifugal pumps and 
compressors), and it is accounted for with a coefficient called work done factor, X, such 
that 

== Xf = Xcp (tan ft — tan ft), (7.1) 

where f a is the actual value and f is the one based on the flow parameters calculated 
with the mean flow velocities at the mean radius. Lambda, is always less than unity 
and can be approximated as X = 0.85 + 0.15 exp[ — ( n s — l)/2.73], suggested by 
Howell, 5 where n s is the stage number. In other words, A. = 1 in the first stage, where 
the annulus wall boundary layer is thin. It decreases progressively in the downstream 
stages to the value of approximately 0.85. The flow friction effect converts the kinetic 
energy and static pressure into thermal energy (heat). Hence Equation (7.1) is valid as 
long as the adiabatic process is assumed. 
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Another important parameter in compressor design is degree of reaction, discussed 
in Section 3.6. It is defined as the ratio of static enthalpy change across the rotor to 
that across the whole stage, that is, R = (h 2 — h\)/(h 2 — hi), since the pressure change 
is related to the enthalpy change. Too much increase of enthalpy in either rotor or 
stator tends to cause a boundary layer separation in that element. Hence an appropriate 
distribution of the enthalpy increase through the stage is important. 

From the Euler equation and the definition of total enthalpy, we have 

h o2 - h 0 1 =h 2 -h l + ±(V 2 - V?) = U(V u2 - V ul ), 


V a2 and U 2 

= U 1 = U , we can rewrite it 

into 


h 2 - hi 

= !(V„2 

- V ui )(2U - V u2 - 

Vul) 



= i(V u2 

-v ul )(w u2 + w ul ) 


(a) 


= i(V u2 

- v ul xu + w u 2 - 

Vul) 

(b) 


= (Vu2 - 

■ V u i)[U-±(V u2 + 

Vui)) 

(c). 


Also, since V 3 = Vj , we have 

hi ~ h\ = h 0 j - h 0 i = h o2 - h oi = U ( V u2 - V u i) (d). 

So, 

R = ( 2 Z/) (Wu2 + = (§) ( tan ^ + tan &) (7-2A) 

from (a) and (d), or, 

R _. h 2-hi 1 V a {{W u2 /V a ) - (V Hl /V a )] 

h 2 — h\ 2 + 2 U 

= 2 + (D (tan / S2 - tan “i ) (7 " 2B) 

from (b) and (d), or 

R = 1 — j (tana 2 + tanai) (7-2C) 

from (c) and (d). 

For a 50% reaction stage, that is, R — 0.5, we have u\ = f 2 from Equation (7.2B). 
The velocity diagrams are symmetrical, and the likelihood of boundary layer separation 
is equally minimized in both rotor and stator. If R > 0.5 or R < 0.5, the boundary layer 
separation will be likely in either the rotor or the stator, and hence the overall stage 
efficiency is lower. It was mentioned earlier (in Section 3.6) that for incompressible 
and reversible flow the reaction can be expressed in terms of the pressures such that R 
— (P 2 ~ Pi)/(P3 — Pi), since Ah = A p/p. However, this parameter is not so commonly 
used in the literature on pumps and fans. 

The other two cases, rarely used in compressor designs, are (a) R — 0, and hence 
Pi = — P 2 , and all static enthalpy or pressure increase occurs in the stator, while the 
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(a) R = 0.5 


(b)R= 0 (c)fl= 1 


Figure 7.4 Velocity diagrams for different degrees of reaction. 


rotor is used to increase the kinetic energy of the fluid; and (b) R = 1, and hence 
«i = — oil, and all static enthalpy or pressure rise occurs in the rotor, and the stator 
is used to change flow direction only. The velocity diagrams for these three cases are 
shown in Figure 7.4. 

Thermodynamic processes through a compressor stage can be depicted in a Mollier 
diagram, shown in Figure 7.5. It is shown that h oi = h\ + V\ l /2 from the definition of 
total enthalpy and h 0 2 = h 0 3 . Since there is no energy transfer across the stator, only 
energy conversion takes place there. It is shown that > /i 2 and V2 > V3. 

Across the rotor, it was shown from the discussion in Section 3.6 that 


hi + \W 2 { = h 2 + \w\. 


(7.3) 


Since A E p = h 0 2 — h Q \ and U\ — C/ 2 - 

The adiabatic and polytropic efficiencies to account for the irreversibility or friction 
effects in the flow process are the same as those defined for centrifugal blowers and 
compressors discussed in the previous chapters. They can also be related to the total 
pressure ratio across each stage for an ideal gas in the expression 


P?3 _( I+ / + ATiyWtt-X 

Pol \ T 0 \ J \ T 0 1 J 


(7.4) 


where A T 0 is the total temperature change across each stage. In general r] cu i is less 
than t] p . For small stages the efficiencies are very close to each other, and hence 
r] p is also called small-stage efficiency, or simply stage efficiency. In the multistage 
axial-flow compressor, we have r] s = rj p , and r] a( i is the adiabatic efficiency of the 
overall compressor. 

From cascade test data, it is shown that the nominal deflection angle e*, which 
is the design condition, is a function of the pitch-chord ratio s/c and exit flow angle 

that is, s* = f {s/c, 0 ( 2 ). Typical data are plotted as shown in Figure 7. 6. 6 These 
curves can also be approximated by tanaj — tano ?2 = 1.55/[1 + 1.5(s/c)] in the range 
0 < 0:2 < 40°. In the design process, if fi\ and /?2 (which are a 1 and ct 2 in the 
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cascade data) are given or determined, sic can be determined from these curves. Also 
from the specified aspect ratio blc and the calculated blade height b — r, — rh, the 
chord c can be determined. Hence 5 and then the blade number can be calculated as 
Zb = 2vc r m /s. 

In general, the blade numbers of rotor and stator should not be common multiples 
to avoid resonance. But from a maintenance consideration, it is preferred to have an 
even number of rotor blades for balancing when a damaged blade has to be replaced. 

In the design process, the incidence angle is chosen more or less arbitrarily (nor¬ 
mally less than 2°), but the deviation angle 8 is not the designer’s control. From tests , 6 
it is found that <5 can be related as <5 = /3 2 — Pbi = m6(s/c) 0 - 5 , where m — 0.23(2a/c) 2 
+ 0.1 (y 32 / 50 ), a = x cmax is the distance of the maximum camber from the leading 
edge, fa is in degrees, and 6 = (i b \ — /3 b2 is the camber angle, also in degrees. 

The three-dimensional flow effect due to the radial equilibrium requirement in 
axial-flow machines was discussed in Chapter 5. Only the free-vortex design will be 
elaborated here. If the blade hub-tip ratio is high ( r h /r t > 0.8), which is typical in the 
downstream stages, the two-dimensional approach is a good approximation. However, 
in the upstream stages, with r h /r t ~ 0.4, the variation of whirl velocity from hub to tip 
is significant to counterbalance the pressure variation in the radial direction. Hence the 
blade profile will be twisted from hub to tip. 

Under the free-vortex condition, we have V a = const, and V u r — const. In other 
words, if all three conditions A h Q — const., V a = const., and V u r = const, along the 
radial direction are imposed, the radial equilibrium condition will be satisfied. Under 
these conditions, from Equation (7.2C) the degree of reaction R for different radii can 
be expressed as 


R = 1 — ~r(tana 2 + tanoq) = 1 


2 U 


(V U 2 + V ul ) = 1 - 


Vu 2 r + V »1 r 
2 cor 2 


1 _ k 4 = ! _ = ! _ '—In 


where k\, k 2 are constants, v = r/r m , and R m is R at the mean radius r m . Since a 
negative R means decreasing static enthalpy in the rotor, which should be avoided, the 
minimum radius is obtained by setting R = 0, or v min = (1 - R m ) 0 5 = 0.707, with 
Rm = 0.5. 


Example 7.1 

An axial-flow compressor consisting of seven reaction stages is used to compress air 
from 14.7 psia, 70°F to a pressure ratio of 8 . Each stage requires the same amount of 
power with a stage efficiency of 87% while rotating at 12,000 rpm. Determine the flow 
angles at the inlet and outlet of the first-stage rotor if its mean radius and blade height 
are 9 and 3 in., respectively, and the flow rate at the inlet is 450ft 3 /s. Also determine the 
total power required and the compressor efficiency if the mechanical efficiency is 95%. 
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SOLUTION From (p 0e lp 0l ) = [(T oi + n s A T 0 )/T oi ] k ^ k ~^ or 8 - (1 + 7 x 
A7 ’ o / 530) 3 - 5x0 - 87 , we obtain the temperature rise per stage A T 0 = 74.2°F. Also from 


Val 

u 


Q 


= 450 x 144/(2* x 9 x 3) = 382 fps, 


2 nr m \b 
N* x 9 12, 000* x 9 


942.5 fps, 


we have 


30 x 12 30 x 12 

A h 0 - U V a (tan fa - tan fa), R — tan fa + tan fa), 


n 0.24 x 778 x 74.2 x 32.2 

ten fa - ten fa =-^-= 1-24, 


ten fi\ + tan fa 


942.5 x 382 
0.5 x 2 x 942.5 


382 


= 2.467. 


So tan/?i = 1.853, fa = 61.6° and ten fa = 0.613, fa — 31.5° = ct\. The total power 
required is 

mC p n s A T 0 0.075 x 450 x 0.24 x 778 x 7 x 74.2 


Ps = 

r] m 550 x 0.95 

The adiabatic efficiency is given as 

= (, Poe/Poi) k - l/k ~ 1 = 0811 

^ Toe I Toi ~ 1 0.979 

Hence, rj c = r) m r] ad = 0.95 x 0.827 = 0.786 = 78.6%. 


= 6264 hp. 


0.827. 


Example 7.2 

An axial-flow compressor stage with hub and tip radii r* = 15 in. and r, = 24 in. is 
designed with the following data: N = 6000 rpm, A T os = 35 R, V a = 450 ft/s, k — 0.92, 
and R m — 0.5. 

(a) Determine the flow angles at the hub, mean and tip radii of both inlet and outlet 
of the rotor. 

(b) What are the degrees of reaction at both hub and tip? 


SOLUTION At the mean radius, we have 


r m = 


24 2 + 15 2 


0.5 


20 in. 


Nnr m 6000* x 20 
30 = 12 x 30 


1047.2 ft/s. 


(a) From Equation (7.1), we have 0.24 x 778 x 32.2 x 35 = 0.92 x 1047.2 x 
450(tan/S ffll - tan/S m2 ), or 


tan fi ml - tan fa 2 = 0.485. 


(E7.2.1) 
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From Equation (7.2B), for R m — 0.5 we have 

“ml = Pm2- 

From the velocity diagrams in Figure 7.4, we have 

tan “ m i + tan fi m \ = = 2.325, 

tan a m2 + tan /S m2 = ^ = 2.325. 

Substituting Equation (2) into (1), we have 

tan /3 m i — tan a m \ = 0.485. 

Combining (5) and (3), we have tancr m i = 0.92, or a m i = 42.6°. 

From Equations (4) and (2), we have tana m2 = 1.405, or a m2 = 54.5°. 

To determine the flow angles at the hub and tip, we use the free-vortex condition 
of V u r = const., or r b tana/, = r, tana, = r m tana m . Hence the flow angles can 
be determined as 



0.92 x 20 


tan ah i = 

15 = '- 226 ' 

or cih\ = 50.8° 


0.92 x 20 


tana,i = 

24 = °' 766 ’ 

or a ti = 37.5° 


1.405 x 20 


tan a b2 — 

15 = 1 ' 873 ’ 

or a b2 = 61.9° 


1.405 x 20 


tana f2 = 

= 1.171, 

or a, 2 = 49.5° 


24 



(E7.2.2) 


(E7.2.3) 

(E7.2.4) 


(E7.2.5) 


(b) The degree of reaction at the hub and tip can be determined from /? = 1 — (1 — 


R m )!v 2 , so we have R h = \ — 


1 -0.5 
(15/20) 2 


= 0.11, R, = 1 - 


1 -0.5 
(24/20) 2 


0.65. 


Example 7.3 

Continue the last example. If the aspect ratio of the rotor blades is set to 3, estimate 
the required number of blades, chord length, and blade angles at the mean radius. 


SOLUTION The relative flow angles have to be determined first. From Equations 
(3) and (4) or for R = 0.5, we have = a m2 = 54.5°, tan/3 m i = 1.405 and /? m2 = 
a mi = 42.6°. Assume ta.n^ m2 = 0.92. Hence from Figure 7.6 or tan/3 m i — tan = 
1.55/[1 + 1.5(j/c)], we have sic = [1.55/(1.405 — 0.92) — 1]/1.5 = 1.47. Also from blc 
— 3, we have c = (r t — r^l 3 = (24 — 15)/3 = 3 in., s = 1.47 x 3 = 4.4 in., and Zb = 
2jx r m /s =2 Tt x 20/4.4 = 28. The blade angles can be estimated from fibi = $ m \ ~ i and 
Pb 2 = Pm 2 — <5- With i ~ 3° and 8 = m9(s/c) 0 - 5 , where m = 0.23(2 a/c) 2 + 0.1(/l m2 /50), 
0 — fib\ — fib 2 ~ Pm\ — ft m 2 = 54.5 — 42.6 = 11.9°, and ale = 0.5 for a circular 
arc blade, we have m = 0.23 + 0.1 x 42.6/50 = 0.315, or 5 = 0.315 x 11.9(1.47)° 5 
= 4.5°. Hence fi b \ = 54.5 - 3 = 51.5° and fi b2 = 42.6 - 4.5 = 38.1°. 
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PRELIMINARY DESIGN OF COMPRESSOR STAGE 


The preliminary design procedure will be illustrated with the theory covered in the 
previous sections. For convenience of reading, the relevant equations and design criteria 
are listed here again: 


T 0 = T + 


V 2 

2Cp' 


p = pRT, = 

Po 


/ 7 \ */(*-!) 


Po 


T 0 


m — pV a A = pV a Jir/ 


(7.5) 


(7.6) 


C p AT os = ACV a (tan^i -tan£ 2 ), 


or 


iA = A.<p(tan/?j — tan/3 2 ) 


^ = d + 

Pol 


( 1+? rr) 


*/(*—!) 


/? 


2 U 


(tan + tan f} 2 ) 


[Equation (7.1)], 
[Equation (7.4)], 

[Equation (7.2A)]. 


The free-vortex condition is 

R = 1 - 


(7-7) 


An in 


= (1 - Rm)° 5 - 


(7.8) 


The flow deviation at the trailing edge is given as 8 = /? 2 — fib 2 = w# (s/c) 05 , where 
m = 0.23(2a/c) 2 + 0.1(j8 2 /50). 

The design criteria are as follows: f/, ~ 1100 ft/s, V a = 500 to 650 ft/s, M rU < 1.0, 
r h !r t = 0.4-0.6, 1 > W 2 /VFi > 0-7, Ar oj = ( T oe — T oi )/n s = 20 to 60°F, v > v min . 

The design specifications are (a) overall pressure ratio PaJPoi and p 0 i, T 0 i and 
(b) mass flow rate m. The subscripts i and e designate the overall inlet and outlet of 
the compressor. While the subscripts 1, 2, 3 designate the inlet/outlet of the rotor and 
stator in each stage. 

The design steps are as follows: 

1. Choice of Rotating Speed, N, and r With the selected V\ = V a = 500 ft/s and 
r h lr t = 0.4, then r t , r;,, p\, p\, and 7) can be solved from Equations (7.5) and 
(7.6). And the mean radius, defined as r m — [(r, 2 + r/, 2 )/2] 0 - 5 or r,„ = (r, + r*)/2 
in some of the literature, can be calculated. 

With the selected U, = 1100 ft/s, then N and U m can be obtained from N 
= 30 x U t /(7zr t ) and U m — nNr m /30. Assuming a constant mean radius, the 
following calculations are performed at the mean radius, until step 4, such that 
fix — tan” 1 (U m /V a ), W\ = V a /cos P i. With selected W 2 /W] = 0.72 greater than 
0.7, W 2 and /3 2 can be calculated from /3 2 = cos _! (14/W 2 ). The temperature 
rise per stage, A T os , can then be calculated from Equation (7.1) with a <1 
assumed for the first stage. The result is checked with the design criteria. Also 
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the relative flow Mach number M rt \ = W r \/(kRT\) 0 - 5 can be calculated to be sure 
it is less than or around unity. If R m or A T os is selected, p 2 can be calculated 
from Equation (7.1) or (7.2A), and then W 2 IW\ can be checked. 

2. Determination of Number of Stages, n s : With an estimated rj p , the overall tem¬ 
perature ratio T 0e IT O i can be calculated from T oe IT ol = (p 0 JPo^ k ^ X) ^ kr]p ■ Then 
the number of stages required can be determined from n s = (T oe — T oi )/AT os . 

3. Stage-by-Stage Design at Mean Radius: With the selected R m , A T os and esti¬ 
mated X values, >0 j and f} 2 can be calculated from Equations (7.1) and (7.2A). But 
the result should be checked with the de Haller number W 2 IW\ — cos/3i/cos ft 2 , 
which should be greater than 0.7; otherwise different values of R m and A T os 
should be used. The work done factor X starts with a value close to but less than 
1.0 and decreases to around 0.85 as the boundary layer grows downstream of 
the stages; and R m starts with a value of around 0.8 and decreases to 0.5. But the 
selected value should be checked with Equation (7.8) such that r b > r min . That 
means R cannot become negative at any radius. The absolute flow angles a. \ and 
a 2 can be determined from /Ts with the velocity diagrams shown in Figure 7.3. 
Or if R = 0.5, we have a\ = fi 2 , “2 = Pi- And p 0 3 , T 0 3 for each stage can be 
calculated from Equation (7.4) and T 0 3 = T 0 2 = T 0 \ + A T os . They are the p oi 
and T 0 \ for the next stage, and a 3 is equal to the oq of the next stage. 

The design with constant mean radius will result in a nonconstant outer 
radius, and the design with constant outer radius will result in an increasing 
mean radius, since the flow passage area decreases with increasing pressure 
downstream of the stages. In the latter case, we will have U 2 > U\ at the mean 
radius, and hence higher C p A T os — U 2 V U 2 — U\V U \ for each stage, and it may 
require less number of stages to achieve the total required pressure rise. 

4. Number of Blades: The number of blades in each row can be determined with the 
aid of Figure 7.6 discussed in last section. With the aspect ratio blc being set (pri¬ 
marily from the stress consideration), the chord c and pitch s can be determined. 

5. Variation of Angles from Hub to Tip: For the preliminary design, calculations 
are made only at three radii, r b , r m , and r,. At each stage, with r m specified, r b 
and r, can be determined from Equations (7.5) and (7.6) to accommodate the 
required mass flow rate. For the free-vortex design, we have V a = const, and V u 
varies with respect to the radius as V„ = V um r m /r, and hence a and at hub and 
tip can be determined from tana = VJV a , tan = (U — V u )/V a . Again, it is 
necessary to make sure that R is positive at all radii with Equation (7.7). Detailed 
numerical calculations for a sample case will be given in the following examples. 

6. Construction of Blade Shape: Constructing the blade shape means determining 

the blade angles fi b \, fi b2 and the stagger angle y with the pitch 5 - and chord c 
determined. For a circular arc camber, we have ale = 0.5. Hence the deviation 
equation becomes 8 = j8 2 — Pb 2 — [0.23 + 0.1 (£2 / 5O)](>0*i — / c) 1/2 . 

Since /3b\ can be determined from pb\ = Pi — i with a selected incidence angle 
i, Pb 2 can be determined from the equation directly. And the stagger angle can be 
calculated from y = f3 bl — 9/2, where 9 — f} b 1 — Pb 2 , as shown in Figure 5.2. 
At the other radii, the pitch 5 can be calculated from 5 = 2nr!Z b . Then the 
corresponding chord c can be determined from Figure 7.6 for the desired flow 
angles. The blade can be constructed using a similar procedure. 
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Example 7.4 

A multistage axial compressor is required to compress air from the ambient pressure of 
14.7 psia and temperature of 70°F to a pressure ratio of 4.5. Each stage has a 50% degree 
of reaction, mean blade speed of 920 ft/s, flow coefficient of 0.5, stage loading factor 
of 0.35, stage efficiency of 90%, and work done factor of 0.92. Determine the number 
of stages, the flow angles at both inlet and outlet, and the overall adiabatic efficiency. 


SOLUTION From \j/ = \ <p (tan/?i — tan ^ 2 ) an d R = \<p {tan /?] + tan /? 2 ), we 
obtain tan/?! — tan ^2 = 0.35/(0.92 x 0.5) = 0.761 and tan/?] + tan ^2 = 2 x 0.5/0.5 
= 2. Hence tan/?i = 1.38, /?i = 54.1° and tan ^2 = 0.619, /?2 = 31.8°. For each stage, 
we have yfr = C p AT os /U m 2 . Hence A T os = 0.35 x 920 2 /6012 = 49.3 R, where C p = 
0.24 x 778 x 32.2 = 6012ft-lb//slug. For the overall compressor, from Equation (7.4), 
we have P oe /p oi = (1 + A T oe /T oi ) kr >PR k ~ l) . Hence A T oe = 530[(4.5) 02857/a9 - 1] 
= 324R. The number of stages can be obtained as n s = AT oe /AT os = 324/49.3 = 
6.58 7. Hence the actual values are A T oe = 7 x 49.3 = 345.1 R, p 0e lp 0 1 = (1 + 

345.1/530) 0 - 9 * 3 5 = 4.85. The adiabatic efficiency is r) a d = [(p oe / Poi)^ x ^ k ~ 1 ]/[(T oe 
/ T oi ) - 1] = [4.85 0 - 2857 - 1]/[345.1 / 530] = 0.875 = 87.5%. 


Example 7.5 

Use the result of Example 7.4 to design a multistage axial compressor rotating at 
15,000 rpm for a mass flow rate of 65 lb m /s and pressure ratio of 4.5. The ambient condi¬ 
tion is 70°F and 14.7 psia. The degrees of reaction, work done factor, and energy trans¬ 
fer for each stage can vary although the stage efficiencies are all 90%. Keeping the mean 
radii constant, determine the hub and tip radii and inlet/outlet flow angles for each stage. 


SOLUTION Assume a constant axial flow velocity V a — 500 ft/s, no prewhirl, and 
hence V\ = V a for the first stage, and free-vortex conditions for all stages. The calcu¬ 
lations can be performed as follows: 



1. First Stage 


T\ 


= 530- 


500 2 

2 x 6012 


= 509.2 R, 


Pi 


14.7 



3.5 


= 12.78 psia, 
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Pi 


12.78 x 144 
53.33 x 509.2 


- 0.0677 lb m /ft 3 . 


With a selected v = rhlr t — 0.45, we have A = m/(p\V a ) = 1.92 ft 2 = 276.5 in. 2 
= nr t 2 (1 — v 2 ). Hence r, = 10.5 in., r/, — 4.7in., r m — 7.6in. and U t = r,co 
= (10.5/12) x 1570.8 = 1374.4 ft/s, U h = r h co 615.2ft/s, U m = r m co = 
996.6ft/s. Without inlet whirl flow, we have W t = [U 2 + Vq 2 ] 05 — 1463 ft/s, 
W h = 792.8 ft/s, and W m = 1115.0ft/s. Also, tan£i m = UJV a = 1.99, p lm = 
63.3°. With a\ = ( kRT\)°' 5 = 1309 ft/s, the relative Mach numbers will be M rl 

— W t !a\ — 1.12, M r h = 0.60, and M rm — 0.85. Hence the relative flow at the 
leading edge is transonic, and a supersonic blade may be needed. From the last 
example, to achieve a pressure ratio of 4.5, we have A T os = 324/7 = 46.3 R, so 
A T os = 45 R is selected for the first stage. From C p A T os = XU m V a {l&nfi\ m 

— tan ^ 2 with A. = 0.95, we obtain tan/f 2 m = 1.42° and m — 54.8°. 
Checking the degree of reaction, since 

R — -^-(tan + tan fi 2 ) = 0.855, 

ZU m 


we have v min = (1 — R) 0 - 5 = 0.38, which is less than the selected value and 
is acceptable. Also checking the de Haller number W 2 /W\ = cos^j/cos ^2 = 
0.78 > 0.70, it is also acceptable. 

Before proceeding to the next stages, the following parameters have to be spec¬ 
ified. The summation of A T os should add up to be 324°. So the following 
arrangement is chosen: 


Stage number 

1 

2 

3 

4 

5 

6 

7 

A T os (R) 

45 

46 

47 

47 

47 

47 

45 

X 

0.95 

0.93 

0.90 

0.89 

0.88 

0.86 

0.85 

R 

0.855 

0.8 

0.7 

0.63 

0.60 

0.55 

0.50 


2. Second Stage 

( 0 9 x 45 \ 3 5 

1 + 530 ) = 19 '° P sia - 

With the specified A T os , X, and R, Equations (7.1) and (7.2A) can be solved 
for tan/?i and tanHence — 62.1° and f5 2 = 52.4°, where W 2 IW\ = 0.76 
> 0.70. Also we have 


Vi = [V/ + (U m - V a tan fa) 2 ] 0 - 5 = 502.6 ft/s, 


T\ = T 0 \ 


Zl 

2C r 


= 554 R, 


Ty 


3.5 


P\ = Pol ( -=- ) = 16-7 psia, 

Joy. 


Pi = 


P i 
RT\ 


= 0.0813 lb m /ft 3 , 


A = 


m 


PlV a 


230 in." = 2n r m b, 
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where b = r t — ry, and r m is the same as that for the first stage. Hence we 
have r t = 10.0in., r/, = 5.2 in., and v = 0.52, which is greater than v„„„ 
(0.447). 

3. Third to Seventh Stages: The calculation procedure for these stages will be 
similar to the second stage and hence will not be repeated here. The results are 
as follow: 


Stage number 

1 

2 

3 

4 

5 

6 

7 

T 0 1 (R) 

530 

575 

621 

668 

715 

762 

809 

Pol (psia) 

14.7 

19.0 

24.3 

30.5 

37.9 

46.3 

55.9 

r, (in.) 

10.5 

10.0 

9.6 

9.3 

9.1 

8.9 

8.8 

n, (in.) 

4.7 

5.2 

5.6 

5.9 

6.1 

6.3 

6.5 

r m (in.) 

7.6 

7.6 

7.6 

7.6 

7.6 

7.6 

7.6 

P\ (deg) 

63.3 

62.1 

59.7 

57.5 

56.5 

54.7 

52.4 

P 2 (deg) 

54.9 

52.3 

47.2 

43.2 

41.4 

38.0 

34.8 


The final discharge stagnation pressure can also be checked with the flow across 
the last stage such that p oe = p o3 = p ol ( 1 + rj s A T os /T ol ) k/(k ~ ]) = 55.9(1 + 0.9 x 
45/809) 35 = 66.3 psia, which checks with p oe lp 0 i = 66.3/14.7 = 4.51. 


7.4 DETERMINATION OF STAGE EFFICIENCY 

After the blade design is completed, the stage efficiency rj s (or polytropic efficiency 
T}p) assumed in the design procedure has to be checked with those calculated from the 
test data of the cascade or airfoil chosen. To do this, we need the relationships between 
cascade/airfoil parameters and those of the compressor flow parameters. 

There are two issues to be considered: (a) The tested cascade/airfoil is stationary 
while the rotor is rotating. So there will be additional losses in the rotor flow, that is, 
the secondary flow losses associated with the vortex and blade tip clearance and the 
annulus drag. They are given in terms of drag coefficients, (b) The stage efficiency r] s 
is defined in terms of energy transfer, while the loss in cascade/airfoil test, called blade 
efficiency rp,, is defined in terms of the pressure losses due to friction. They are not 
identical. 

The first issue was discussed in Section 5.4 for the axial-flow pump and fan. It is 
also applicable to axial-flow compressors. But the second issue needs more elabora¬ 
tion. Since the flow through the pump and fan can be treated as incompressible fluid, 
the blade efficiency obtained from cascade/airfoil data is equivalent to the hydraulic 
efficiency for pump and fan, as shown in Equation (5.7). 

To relate the stage efficiency with blade row efficiency for the compressor, some 
approximations are needed. Referring to Figure 7.5, from the definition of stage effi¬ 
ciency 


' sso 3 


T 0 1 


T, 


ss 3 


T\ (T ss j/ T{ - 1) 
A T s 


Vs = 


T 0 3 — T a i 


T3-7) 
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we have 


Also we have 






k/(k-l) 


where p' 3 is the ideal pressure corresponding to T 3 along the isentropic process upward 
from point 1 . 

Hence the blade row efficiency can be expressed as 


Vb = 


Pi/Pi ~ 1 
p's/Pi - 1 


(1 + 


*/(*-]> 




k/(k~\) 


- 1 


k f). r ATj 

1 + 

ris&T s 

k -1 Ti 

2(*—l)7i J 

k A7i 

1 + 

A7-, ] 

k-l T\ 



= Vs 


1 - (1 - Vs) 


A T s 

2(k - 1)7, 


Further simplification can be made if needed. For k = 1.40 and r\ s = 0.8 we will have 
r) b — r] s (1 — 0.25 A T s /T\). Some sample calculations for k = 1.40, A T s = 20R, and 
7, = 530 R can be obtained as r) s = 0.6, 0.7, 0.8, 0.9 and r)b = 0.589, 0.690, 0.792, 
0.896. Or we have rj s being always slightly greater than rjb- 

The above approximations are made, based on the Taylor expansion for a small 
value of e such that (1 + s) x = 1 + xs + x(x — 1) e 2 /2 + ... = 1 + xe [1 + (x — 
\)s!2] = 1 + xe. 


7.5 EFFECTS OF COMPRESSIBILITY AND SHOCK WAVES 

The effects of Mach number on losses in a typical subsonic cascade are shown qual¬ 
itatively in Figure 7.7 (comparable to Figure 5.9). At low Mach number the range of 
incidence for which losses are acceptable is wide. As Mach number increases, this 
range decreases, and the overall level of loss increases substantially. 

In a normal design, the maximum relative Mach number at the rotor inlet occurs 
at the tip due to the maximum tip velocity there. But the absolute maximum Mach 
number at the stator inlet occurs at the root. Because the whirl velocity is maximum at 
the root, there is constant work input along the radial direction. A typical distribution 
is shown in Figure 7.8. 

For Mach number that changes from subsonic at the root to supersonic at the tip, 
called transonic flow, the pressure loss through a blade row can be analyzed with the 
model shown in Figure 7.9. Supersonic flow is accelerated from A to B through the 
Prandtl-Meyer expansion with a turning angle of A 6 along the suction side surface. A 
shock wave emanates from C due to the concave surface of the pressure side of the next 
blade encountered. It is approximately normal to the mean streamline and produces 
a pressure jump. But the loss through the normal shock wave is the pressure loss. 
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Additional loss can be due to shock wave—boundary layer interaction and recirculation 
flow. Other problems that the shock wave may cause are secondary flow due to the 
different flow patterns at the different radii and the flow may be choked, unable to 
respond to the downstream condition changes. 

For the high-Mach-number supersonic flow at the inlet, a supersonic diffuser with 
decreasing flow area or slightly concave suction side can be used to bring the flow to 
a transonic speed (M ~ 1.2) before entering the blade row. 
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Some basic topics on compressible flow and shock waves are given in Appendix 
A. But detailed discussion of their effects on compressor performance is beyond the 
scope of this text. 


7.6 AXIAL-FLOW COMPRESSOR STAGE PERFORMANCE 

The performance of a compressor stage can be expressed in terms of the nondimensional 
parameters loading factor i fr versus flow coefficient <p. Equation (7.1), can be rearranged 
into 

f = Tcp{ tan^! - tan yS 2 ) = A .~ tan ^ 2 

— X^l — ~ tan^ 2 ^ = A[1 - ^5 (tanori + tan£ 2 )] = A(1 - (pk), (7.9) 

where tanoq + tan / 1 2 = k is constant when flow rate changes for the ideal case, since 
oq is fixed by the inlet guide vane or the previous stage stator and / 1 2 is relatively fixed 
by the rotor outlet angle. 

As mentioned earlier, the work done factor X is used to account for the reduction of 
energy transfer due to the flow slip, nonuniformity, and blockage by the boundary layer 
at the rotor outlet. For the ideal case, X — 1.0, while in the actual case, X decreases 
when the flow rate decreases or increases from the design condition. The pressure 
ratio across a single stage as shown in Equation (7.4) can be replaced by the pressure 
coefficient, defined as 

pT Apos 
P ~ Ant/ 2 ’ 

by rewriting it as 

Po3 Pol+Ap os j A Pos 

Pol Pol POl 

_1 C p tj s A T os 

~R T a \ ’ 

where AT OS /T 0 { <<C 1.0. Hence 

A p OS C p Ps A Tos 

Pol R T 0 1 

Hence the stage performance characteristics can be represented by ifr and r\ s versus <p, 
as shown in Figure 7.10. And the pressure rise can be obtained from these two curves. 

As shown in Figure 7.10, the performance deteriorates rapidly on both ends of 
the design flow rate. At the low flow, surging occurs due to the flow mismatch; while 
at the high flow, choking occurs due to the shock waves associated with supersonic 
flow. In a multistage compressor, surging and choking are more likely to occur in the 
downstream stages, while it is free in the upstream stages. This is due to a phenomenon 
called stage stacking. Starting from the design flow rate, if the compressor is subjected 


= 1 + 


Vs A Tp. 

Toi 


*/(*-!) 


= 1 + 


k Vs A Tp. 
k- 1 T 0 1 


or 


■pr _ A Pos 

P ~^lU ~ 2 


C P AT 0S 

ris 





Pressure ratio, p 02 /p 01 
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Figure 7.10 Compressor stage performance characteris¬ 
tics in nondimensional parameters. 


to a decrease of mass flow rate, say, the first-stage flow decreases from (p ( i to <p\ as 
shown above. It will result in an increase of pressure and density at its discharge. Both 
factors combined (decrease of mass flow rate and increase of density) cause a further 
decrease of axial-flow velocity at the inlet of the next stage, cp 2 , from m\ = m 2 - 
PiValM. This effect is propagated downstream. Eventually, some stage will stall at <p n . 
A similar process occurs when the mass flow rate increases from the design condition 
and causes some stage downstream to choke. 

A typical performance chart of an axial-flow compressor can be plotted in terms 
of the nondimensional parameters as that for the centrifugal compressor shown in 
Figure 6.19. Or it can be plotted for different rotating speeds as shown in Figure 7.11. 4 
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The constant efficiency curves are also plotted. It is shown that for a constant operating 
speed the flow rate is limited to an even more narrow range by surging and choking. 

However, the axial-flow compressor is normally operated as a variable-speed 
machine. In designing a gas turbine power plant, the compressor must be matched 
with the turbine and other components to assure that the operating line is sufficiently 
far away from the potential surging and choking, even if its efficiency has to be sacri¬ 
ficed slightly. This will be discussed in more detail in the next chapter when dealing 
with a procedure matching compressor and turbine. 

Example 7.6 

An axial-flow compressor stage operating at design condition has the following param¬ 
eters: i ft = 0.40, R = 0.65 at cp = 0.55. If the work done factor k = 0.9 and the exit 
flow angles from both rotor and stator are unchanged when the flow rate is reduced by 
10%, determine the loading coefficient and reaction at this low flow condition. Also 
draw the velocity diagrams at rotor inlet and outlet for both conditions. 

SOLUTION Since the exit flow angle of the stator is the absolute flow angle at the 
inlet of next stage, we have constant ci\ and /? 2 as shown in the velocity diagrams for 
both conditions. 

From Equations (7.5) and (7.2B), xj/ — k [ 1 — ^(tanaj + tan/J 2 )], R = 1/2 + 
(cpI 2)(tan/3 2 — tanai), we have tanai + tan/? 2 = (1 - xj//k)/<p = 1.01 and tanai — 
tan/J 2 = (1 — 2 R)/(p ~ — 0.545, or ^ = k (1 — l.Oli p) and R — 0.5 + 0.272 cp. Hence 
at <p' — 0.495, assuming constant k, we have 

x//r = A[1 — <pr( tanai + tan/? 2 )] = 0.9[1 — 0.495 x 1.01] = 0.45, 

Rf = ^ + ( \(pf ) (tan/? 2 — tanai) = 0.5 + 0.272<p/ = 0.635. 



7.7 SURGE AND STALL IN COMPRESSOR AND REMEDIES 

Surge and stall are phenomena which occur when the flow angle of attack at the leading 
edge of the blades reaches a value such that boundary layer separation occurs. It is 
aerodynamically similar to the stall of an aircraft wing. At stall, a wing loses much of 
its lift, while a compressor suffers noise, vibration, flow fluctuation, and a sharp loss 
in pressure rise, similar to the flow recirculation encountered in pumps. The onset of 
this phenomenon is difficult to predict analytically. The surge lines on the performance 
maps are typically determined from laboratory tests. 
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Surge and stall can occur in either the rotor or stator blades or both. Typically, 
they start from the stator in a low-pressure-ratio compressor and from the rotor in 
a high-pressure-ratio compressor. The stall can start from one blade and propagates 
around the annulus, causing a high-frequency noise and vibration. It is called a “rotating 
stall.” This phenomenon can be explained intuitively as shown in Figure 7.12. For 
example, at a certain low flow rate, the stall (or boundary layer separation called a 
patch) starts from a blade B with a certain incidence /, as shown in the velocity 
diagram. This patch will cause a partial obstruction to the flow and deflects the flow 
on both sides of this blade. The incidence of the flow on the right of the stall cell is 
reduced, with an increased axial-flow velocity. But the incidence of flow on the left 
is increased, with a decreased axial-flow velocity. As these blades are already close 
to stalling, the net effect is for the stall patch to move to the left (blade C). And the 
process is repeated to the next left blade. The vibration frequency caused by the rotating 
stall is related to the rotor rotating speed and blade number. Hence it may be close to 
the natural frequency of the rotor and cause a vibration resonance and sever damage 
to the compressor system. 

Stalling and choking can occur at either the front stages or the rear stages, depend¬ 
ing on the change of flow rate or change of rotating speed from the design condition. 
This can be explained from the negative slope performance curve of a compressor stage. 



Flow rate, Q 


A sudden decrease of rotating speed, as shown in Figure 7.13a, will cause a 
decrease in pressure/density and an increase of axial-flow velocity progressively flow 
rate, Q into the rear stages, and hence choking will start at a certain rear stage. Also 
the mass flow rate generally falls off more rapidly than the rotating speed, so the 
first stage may stall. Since the relative flow angle decreases from the design value, as 
indicated by dashed lines. Reversibly, increase of rotating speed will causes an increase 
in pressure/density and a decrease of axial-flow velocity, so the stall will occur at the 
rear stages and the first stage may be choked. 



Figure 7.12 Rotating stall in axial-flow compressor. 
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A 




(a) Rotating speed decreases ( b) Mass flow rate decreases 

Figure 7.13 Velocity diagrams for changing operation. 


Under a constant rotating speed, if the flow rate is reduced, the axial-flow velocity 
decreases progressively to the rear stages, as shown in Figure 7.13 b, and stall may 
occur as explained in the last section. 

7.7.1 Twin-Spool Compressor 

To avoid the rear-stage choking, air can be bled off at the intermediate stage, but it 
is a wasteful operation. Another approach is to use a twin-spool arrangement. The 
compressor is split into two sections, the LP (low-pressure) section in the front and 
the HP (high-pressure) section in the rear, which are driven by two separate turbines 
at different speeds. Two shafts are mechanically independent. Under the off-design 
condition, when the mass flow rate has to be reduced, the LP section will be running 
at lower speed, with the HP section running at higher speed, as shown in Figure 7.14a. 
So the incidence angles of all stages can be maintained relatively close to the design 
angles. When the mass flow rate has to be increased, the LP section will be running at 
higher speed than the HP section, as shown in Figure 7.14b. 


7.7.2 Variable-Geometry Compressor 

An alternative approach to improve the off-design performance is to use several rows 
of variable stators and IGVs (inlet guide vanes) at the front of the compressor stages 
to change the flow angle or i, which is the a 3 of the upstream stage. When the flow 
rate decreases, a\ increases to a\ as, shown in Figure 7.15a, so f5\ can be maintained 
constant. A typical stage characteristic is shifted as shown, where the straight lines are 
for the ideal case yj/ = 1 — kcp as mentioned earlier. And the surge point is moved to 
the left, as shown in Figure 7.15b. 



Figure 7.14 Changes of velocity diagram for twin-spool compressor. 
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(a) (b) 

Figure 7.15 Effects of stator blade angle change on compressor performance. 
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PROBLEMS 


7.1 Each stage of an axial-flow compressor with 0.5 reaction has the same mean blade speed 
and the same flow outlet angle of 30° with respect to the axial direction. The mean flow coefficient 
is constant for all stages at 0.5. At entry to the first stage, the stagnation temperature is 70°F, 
the stagnation pressure is 14.7 psia, the static pressure is 12.5 psia, and the flow area is 3.5 ft 2 . 
Determine the axial-flow velocity and the mass flow rate as well as the shaft power needed to 
drive the compressor if there are six stages and the mechanical efficiency is 95%. 

7.2 An axial-flow compressor operating at design condition has a reaction of 0.6, a flow 
coefficient of 0.5, and a stage loading defined as A hJU 2 of 0.35. If the flow exit angles for 
each blade row may be assumed to remain unchanged when the mass flow rate is reduced as 
shown in the velocity diagrams, determine the reaction and the stage loading factor of the stage 
when the air flow is reduced by 10% at constant blade speed. 

7.3 A 16-stage axial-flow compressor is to have a total pressure ratio of 6.3. Tests have shown 
that a stage efficiency of 90% can be obtained for each of the first 6 stages and 87% for each of 
the remaining 10 stages. Determine the compressor overall efficiency assuming constant work 
is done in each stage. For a mass flow rate of 80 lb m / s, determine the power required by the 
compressor. Assume an inlet total temperature of 75°F. 




Problems 


213 


7.4 Determine the air flow angles at the mean radius and the blade length for the first stage 
of an axial-flow multistage compressor. The performance conditions are N = 9000 rpm, A T a 
= 36 °F/stage, m = 441bm/s, V a = 492 ft/s, p Q \ = 14.7 psia, and T 0 \ =518 R, and at the mean 
radius, U = 590 ft/s, X = 0.96, and reaction R = 0.5. 



7.5 A multistage axial-flow compressor is required to compress air at 20° C through a pressure 
ratio of 5:1. Each stage is to be 50% reaction with mean blade speed 275 m/s, flow coefficient 
0.5, and actual stage loading factor 0.3 assumed to be held constant for all stages. Determine 
the flow angles and number of stages required if stage efficiency is 89%. 

7.6 A five-stage axial-flow compressor without inlet guide vane rotating at 12,000 rpm takes 
ambient air of 101 kPa, 20° C, at 150 m/s. The compressor stages are tapered such that the mean 
radius of each stage is the same at 20 cm and the axial-flow velocity A T os and pressure ratio are 
constant. Also the flow is turned by 20° through the rotor of each stage, and the stage efficiency 
is estimated to be 92%. If the first-stage blade height is 50 cm, determine (a) the total shaft 
power required, (b) the overall pressure ratio, and (c) the blade height at the last stage. 

7.7 A multistage axial-flow compressor draws 3.0 kg/s of air from ambient atmosphere at 
101 kPa, 20°C and produces a total pressure ratio of 5. The total temperature rise per stage is to 
be 23° C when the rotating speed is 20,000 rpm. Select a constant mean radius of 15 cm and flow 
coefficient of 0.45 and the polytropic efficiency is estimated to be 87%. Calculate (a) number 
of stages required, (b) first-stage rotor blade height, and (c) last-stage rotor blade height. 

7.8 Determine the relative air flow angles at the hub and tip of the first and last stages of the 
compressor in Example 7-5. Also check their degrees of reaction there. 

7.9 A 50% reaction compressor stage is designed for a stagnation temperature rise of 25 K 
with mean blade velocity of 220 m/s, axial flow velocity of 150 m/s, and estimated work done 
factor of 0.92. Determine the air flow angles at mean radius. 

7.10 A nine-stage axial-flow compressor rotating at 7000 rpm is used to compress the ambient 
air of 14.7 psia and 519 R. The first-stage rotor radii are r, = 12 in., r/, = 7 in. Every stage has 
the same mean radius with the rotor blade angle changing by 12°, axial flow velocity of 500ft/s, 
and produces the same amount of power. Assuming the ideal case without friction losses and 
neglecting incidence at the inlet and flow deviation at the outlet, determine 

(a) all blade angles at mean radii for both rotor and stator. 
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(b) total pressure ratio of each stage and the complete compressor, and 

(c) total shaft power required. 

7.11 Solve problem 7.10 if an IGV is used to provide the inlet flow angle a\ = 25° and the 
degree of reaction is 50% at the mean radius for each stage. All the other data are the same (/^i 
- fib2 ^ 12 °). 
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8.1 INTRODUCTION 

Gas turbines widely used in aircraft engines and power generations are primarily 
axial-flow types except for the low-power units. From the second law of thermo¬ 
dynamics, the thermal efficiency of a heat engine is strongly affected by the inlet 
temperature of gases going to the turbine. The higher the inlet temperature to the 
turbine, the higher the efficiency is. Today, gas turbines with advanced materials and 
blade-cooling systems can operate with inlet temperatures up to about 1700°C (3000°F) 
for aircraft engines and to 1500°C (2700°F) for industrial units. However, the pressure 
is lower, typically from 1.4 to 4 MPa (200-600 psia). Hence, gas turbines are relatively 
lightweight, especially for the open-cycle systems of aircraft engines. 

The gas turbine has become more popular in the power and process industries in 
the past few decades due to its multiple-fuel application. It can run on natural gas, 
diesel fuel, methane, crude, gasified coal, and even waste. In addition to increasing the 
turbine inlet temperature, to improve the overall efficiency and power output of the 
engine, the basic gas turbine system can be modified by 

(a) adding intercooler between compressor stages, 

(b) reheating between turbine stages, and 

(c) using turbine exhaust gas to preheat the compressed gas, before entering the 
combustor, or a combination of these modifications. 

In order to satisfy some application requirements, the gas turbine can be designed 
as a closed system or be combined with a steam cycle. In a closed system, some special 
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gas is used as a working fluid medium, and heat is transferred to and rejected out of the 
working fluid with closed-type heat exchangers, similar to the steam turbine cycle. In 
the combined gas and steam turbine cycle, the high-temperature exhaust gas from the 
gas turbine is used to generate steam in a steam generator to drive the steam turbine. 
Sometimes the generated steam is used for space heating or other processes. Then the 
system is called cogeneration or combined heat and power (CHP). 

Various types of gas turbine cycles are discussed in Appendix A, along with 
some topics on thermodynamics and compressible flow. Four of them are shown in 
Figure 8.I. 1 The turbofan engine consists of a single-stage fan upstream to produce 
a stream of air bypassing the compressor, combustor, and turbine. This cold air joins 
the core stream of hot air at the nozzle inlet, resulting in some additional thrust. In a 
ramjet, the compression is accomplished through the shock waves ahead of the engine 
at supersonic speed, and hence the compressor and turbine are not needed. 



(a) Turboject with afterburner 




Flame holder 

(d) Ramject 


Figure 8.1 Aircraft engines. (Reprinted by permission from Moran, M. J. & Shapiro, H. N., 
Fundamentals of Engineering Thermodynamics , 3rd ed. John Wiley & Sons, Inc., 1995.) 
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a 2 fa 



(nozzle) (nozzle) 

(a) Impulse turbine ( b ) Reaction turbine 

Figure 8.2 Axial-flow turbine stages. 


Each stage of the turbine consists of a stator and a rotor. The stator in the front 
serves as a nozzle to convert the thermal/pressure energy (enthalpy) of the gas from 
fuel combustion into kinetic energy and direct it into the rotor. Through the rotor, 
kinetic energy or some thermal energy is transferred to mechanical energy to drive 
the compressor, fan, and other accessories. The extra thermal energy is converted 
into high-speed air jet to produce thrust. For power gas turbines, all useful output 
power is the excessive shaft power of the turbine rotor available to drive the external 
machine. Or the turbine can be divided into two parts. The upstream one is used to drive 
the compressor, and the downstream one delivers output power. They are uncoupled 
mechanically. 

Degree of reaction is also defined for the turbine. Depending on whether there is 
static enthalpy drop or not through the rotor, the turbines can be classified as impulse 
and reaction turbines. They are shown in Figure 8.2. In impulse turbines, the rotor 
passage area is constant, and hence the relative flow velocity has constant magnitude 
and only changes direction from inlet to outlet. But the absolute flow velocity decreases 
through the rotor, with the kinetic energy being converted into mechanical energy. 

In the reaction turbine rotor, the passage area decreases, and hence the relative flow 
velocity increases from inlet to outlet. In other words, both thermal energy and kinetic 
energy are converted into mechanical energy through the rotor. More detailed discussion 
of degree of reaction and other parameters will be covered in the next few sections. 
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Entropy, s 

Figure 8.3 Mollier diagram for an axial-flow turbine stage. 


8.2 THERMODYNAMICS OF AXIAL-FLOW TURBINE 

A Mollier diagram showing the thermodynamics processes of gas flow through a turbine 
stage, including the effects of irreversibility, is depicted in Figure 8.3. The subscripts 
1, 2, 3 designate the inlet/outlet of the stator and rotor, as shown in Figure 8.2. Across 
the stator, no work is done, and hence we have hpi = /* 02 - Across the rotor, the relative 
enthalpy (h + W 2 /2), sometimes called rothalpy in the literature, remains constant, that 
is, + W 2 /2 = h-i + Wj/2, similar to the axial-flow compressor. The work done on 
a rotor by the flowing fluid equals the total enthalpy drop incurred by the fluid passing 
through the stage. It can be related to the flow velocity through Euler’s equation such 
that A E = hoi ~ ho 3 = U(V U 2 + V„ 3 ), where V „2 and V „3 are opposite in direction. 
The stage efficiency of a turbine stage can be defined as 

_ ^oi — bp? ^ CpjTpi — 7q3) _ A7fo 

^oi — h ss 03 C p (Tqi — 7 ^ 03 ) 7oi(l — T ss o3/Toi) 

Hence we have 

/ p \ (k—\) /k ~ 

AT 0 , = r, s T 0 i 1 - (. (8-1) 

For a normal stage, we have V 3 = V\ and 0:3 = a\. If it is also assumed that V ss i = V 3 , 
then it can be written in the form 

hi — ho, hi — h^ 

r) s =- = --- 

hi ~ h ss 3 (hi - hi) + (hi - h s3 ) + (h s3 - h ss 3 ) 

_ (| hj — h s 3 h s 3 h ss 3 \ 

\ hi - hi hi - hi ) 


(8-1A) 








8.3 Degree of Reaction 219 


To relate these static enthalpy changes with the component losses in the stator and rotor, 
we define £, = ( h 2 — h s2 )/( V 2 2 /2) and £ r = (/z 3 - h s ^)/(W^/2) as the loss coefficients 
of the stator and rotor. They are usually available from empirical tests or have to be 
estimated in the design process. Also, from the slope of a constant-pressure line on a 
Mollier diagram, dh/ds\ p — T , we obtain h s 3 — h ss j = 73 ( 5,3 — 5 ^ 3 ) and h 2 — h s2 = 
T 2 (s 2 — s s 2 ). Noting that ^3 — $,,3 = s 2 — s s2 , these two equations can be combined 
into h s 3 — h ss 3 = (T^/T 2 )(h 2 — /z t2 ). Substituting these expressions into Equation (8.1 A), 
the stage efficiency becomes 


/, , !rW* + i; s Vi(T 3 /T 2 )\ 


(8.2) 


Again, substituting W 3 = V a sec ^ 3 , V 2 = V a seca 2 , and hi — hi, = UV a (tan £3 + 
tan y3 2 ), the above equation becomes 


_ / J <P CrSec 2 )S 3 + k (73/ r 2 )sec 2 a 2 

^ \ 2 tan /I3 + tan /1 2 



(8.3) 


Hence, the polytropic efficiency, defined as r] p = dh/dh s , is close to the stage 
efficiency, similar to that discussed in Section 6.4 for the compressor. Analysis applied 
to an ideal gas expanding through a turbine results in 


Te_ _ (peV'O-W _ 1 ~ (Pe/PiY l,( - k ~ X)lk 

Ti~\Pi) ’ ??ad ~ 1 -(PelPi) {k ~ X)/k 


(8.4) 


where pi and p e are the pressures at the inlet and exit of a multistage turbine. The 
relationship between p a( j and rj p for a turbine can also be plotted into curves similar 
to those in Figure 6-7. In contrast to a compressor, the adiabatic efficiency is always 
greater than the polytropic efficiency for a turbine. This is left as an exercise for the 
students in the problems. 

In the case of steam turbines, the vapor cannot be treated as an ideal gas, except in 
the highly superheated condition, so the polytropic efficiency is related to the adiabatic 
efficiency with a parameter called reheat factor through numerical calculation such that 
7 ad = V p Rh, where 


£ A h St i 
hi h se 


This will be discussed in more detail in the next chapter. 


8.3 DEGREE OF REACTION 

The velocity diagrams across an axial-flow turbine rotor are depicted in Figure 8.2 and 
again in Figure 8.4, where V = U + W and U\ — U 2 = U. Similar to that discussed in 
Chapter 7, the degree of reaction for a turbine is defined as the ratio of static enthalpy 
change across the rotor to that of the whole stage, that is, R = (h 2 — hf)!{h\ — hf). 
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For a normal stage, we have V 3 = V). Hence ft - ft = % - ft 3 = ft 2 - ft 3 = 
U(Vu 2 + v u3 ) and ft — ft — (1/2)(W 3 2 — W 2 2 ) across the rotor. So we have 



2 u(v u2 + v u3 y 

Assuming constant axial-flow velocity, it becomes 

R _ W3 - W u2 )(W u2 + W u2 ) W u3 - W u2 
2U(V u2 + V h3 ) 2 U ’ 

since V u2 = W u2 + U and V u2 = W u2 — U , from Figure 8.4. Hence, with the flow 
coefficient defined as (p — VJU , the degree of reaction can be expressed as 



\<t>{ tan ft - tan ft), 

(8.5A) 

R = 

| + |<£(tan ft - tan ct 2 ). 

(8.5B) 


1 + 20(tan a 3 - tan a 2 ). 

(8.5C) 

which are similar to Equation (7.2) for the compressor. Combining Equation (8.5A) 
with the expression of the loading coefficient, f = 2 C p AT 0 S /U 2 = 2<p(tan £ 3 + tan /3 2 ), 
we have 


.a„A = T( 2 * + f), 

(8-6A) 


aa>h =b(i- 2R ) 

(8-6B) 


For impulse turbines, R — 0; hence /3 2 = /? 3 , as shown in Figure 8.2a. The 
Mollier and velocity diagrams corresponding to these conditions are sketched in Figure 
8.5, which also shows that h 2 = h 2 since W 2 = W 2 . 

For 50% reaction, or simply reaction turbines, that is, R = 0.5, we have a 2 = /1 3 
as obtained with Equation (8.5B). From the symmetry of the velocity diagram shown 
in Figure 8.6, it is obvious that a 3 = ft 2 too. The definition of the reaction implies that 
the static enthalpy drop in the stator is equal to that in the rotor, that is, h\ — h 2 = 
h 2 — /z 3 and W 2 > W 2 , also shown in Figure 8.6. So, the rotor flow passage is convergent 
as shown in Figure 8.2 b. 

For given rotating speed and rotor size, impulse turbines transfer more energy per 
unit stage, but the reaction turbines have a higher adiabatic efficiency in general. These 
features will be discussed in more detail later. 




Figure 8.4 Velocity diagrams for an axial-flow turbine. 
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Figure 8.5 Mollier and velocity diagrams for an impulse turbine. 



Figure 8.6 Mollier and velocity diagrams for a reaction turbine. 


Example 8.1 

A multistage turbine consisting of all impulse stages with a stage efficiency of 85% is 
used to expand air from 1800°F and 200 psia to 14.7 psia. If the mean blade speed 
and axial-flow velocity are constant at 750 and 400 ft/s, respectively, for each stage 
and the blade angle of the rotor is symmetric at 50° with respect to the axial direction, 
determine the overall adiabatic efficiency, exit air temperature, and number of stages. 


SOLUTION 


From 


1 ~ (P0e/P0ir Ak - 1)/k 

1 - (P0e/P0i) {k ~ l)/k 


0.4695 

0.5256 


= 0.893, 


1 - (14.7/200) 0 ' 85 / 3 ' 5 
1 - (14.7/200) 0 - 2857 


7' 


To, 


( POe ) 

\ POi ) 


(*-!)/* 


14.7 \ 


200 


0.2857 


) 


0.4743, 


0.4743 x (1800 + 460) = 1072R, 


7ad = 


Tpj — Tp e 
Tpi — T soe 


= 0.893, 
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we have To e = 1199R = 739°F. Also, for impulse turbine, we have fi 2 = $ 3 . Hence, 
from 


A h 0 = U m (V u2 - V m3 ) = U m [U m + V a tan ~ (U m - V a tan fy)] 

= 2U m V a tan 0 = 2 x 750 x 400 x tan 50° = 7.15 x 10 5 (ft/s) 2 

or 0.24 x 778 x 32.2 A Tq — 7.15 x 10 5 , we have the temperature rise per stage, 
ATq = 119°F. Hence the number of stages n s = (1800 — 739)/l 19 = 8.91 « 9. 


Example 8.2 

An axial-flow turbine stage is tested with air. The result is reported as follows: 

(a) Total power developed P s — 375 hp with mass flow rate m = 3 lb m /s 

(b) Inlet condition: p 0 t = 250 psia, 7o 1 = 2860 R 

(c) Axial flow velocity V a is constant through out the stage 

(d) No whirl at inlet and outlet of the stage, that is, V\ = V 3 = V a 

(e) Condition between stator and rotor: p 2 = 180 psia, a 2 = 65° 

(f) Estimated loss coefficients: % s = 7%, = 12% 

Determine the axial-flow velocity, degree of reaction, static temperatures, and rel¬ 
ative flow angles at the rotor inlet and outlet and the stage efficiency. 


SOLUTION Referring to Figure 8.3, we have T s2 = T 0l (p 2 /p 0 i) {k ~ i)/k = 2604R. 
From = (h 2 — we have C p (T 2 — T s2 ) = % S V%H. Combining with 

C P (T 02 - T 2 ) = V*/2, where T 02 = T 0 1 , we have C P (T 0 2 - T s2 ) = (1 + £,) V 2 / 2 , or V 2 
— [ 2 C p (To 2 — T s2 )/( 1 + ^)] 0 5 = 1696 ft/s. Hence we have V „ 2 = ^2 sina 2 = 1537 ft/s, 
V Q = V 2 cos o : 2 = 716.8 ft/s and T 2 = T 02 - V?/(2C p ) = 2860 - 1696 2 /(2 x 0.24 x 
778 x 32.2) = 2621 R. Since Vj = V a , we have T r = T 01 - V?/(2C p ) = 2817 R. From 
A E = C p AT 0s = U(V U2 + V u3 ) = UV u2 , we have U = P s /(mV u2 ) = 375 x 550 x 
32.2/(3 x 1537) = 1440 ft/s. Hence cp = VJU = 0.498, tan £3 = U/V a = 2.01, £3 
= 63.5°, and R — 1 + (<p/ 2)(tana 3 — tanQ' 2 ) = 0.466, where 0:3 = 0 and 0:2 = 65°. 
Also from the velocity diagram in Figure 8.4, we have tan/3 2 = (V a tana 2 - U)/V a 
= tma 2 — Hep — 0.136, and so fi 2 = 7.8°. Similarly, we have Wj — VJcos /33 — 
1606 ft/s and W 2 — 14/cos = 723.5 ft/s. Across the rotor we have h 2 + W|/2 = h 2 + 
Wit 2. Hence T 3 = T 2 + (VF 2 - W*)/(2C p ) = 2450 R. From = C p (T 3 - T s3 )/(W%/ 2), 
we have 7^ = T 3 - ^,H/ 3 2 /(2C p ) = 2424 R, and p 3 = p 2 (T s3 /T 2 ) k ^ k ~ l) = 136.9 psia. 
From Equation (8.2), we have 


Vs 


1 + 


= 1 + 


cw* + s s yi(T 3 /T 2 ) \ 

2(h] - h 3 ) J 

0.12 x 1606 2 + 0.07 x 1696 3 (2450/2621) V 
2 x 0.24 x 778 x 32.2(2817 - 2450) ) 


= 0.898, 
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or from Equation (8.3), we have 

/, . <P Kr sec 2 ft + Zs(T 3 /T 2 ) sec 2 ce 2 

t) s = H- 

\ 2 tan ft + tan ft 


/ 0.498 0.12 sec 2 63.5°+ 0.07(2450/2621) sec 2 65° \ 

V 2 tan 63.5° + tan (7.8°) / 

Also rj s can be calculated from rj s = (7oi - 7b 3 )/(7bi - T sso3 ), where 


V 2 / Trn 

Tq 3 = T 3 + — = 2493R, p 03 = p 3 ( — 


k/(k-1 ) 


= 145.4 psia, 


fts03 = To 1 


Hence we have 


(k—\)/k 


2450 R. 


2860 - 2493 „ _ 

ri s — -= 0.895. 

2860 - 2450 


8.4 PRELIMINARY DESIGN PROCEDURE FOR TURBINE STAGE 

A brief outline for designing an axial-flow turbine will be given in this section (a 
detailed discussion is beyond the scope of this book). The design process starts with a 
clear statement of the specifications, including 

1. the fluid medium to be used, steam, air, or other gases; 

2. fluid stagnation pressure and temperature at the inlet, po\ and 7oi i 

3. fluid stagnation or static pressure at stage outlet, po 3 or p 3 ; and 

4. either the fluid mass flow rate, m or the mechanical power output P s required 
and the design rotating speed N. 

Other considerations, such as maximum efficiency, first cost, minimum weight, 
and maximum life, should also be included, depending on the applications. 

Turbine performance at off-design operating conditions is then predicted. A cooling 
mechanism is designed, heat transfer calculations performed, and then stress and vibra¬ 
tion analysis completed. Several iterations are normally expected at different points in 
this process before a final design is fixed. 

For convenience, the relevant equations are listed here: 


T 0 = T + 


p = pRT, 


P0 \Tq 


k/(k-\) 


(8-7 A) 


tn = pV a A, A = nr 2 1 - j , 
'1 I 05 

r m= ^{rf + rl) , b — r t — r h . 


(8-7B) 
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tan a 3 = tan yS 3 - 

<t> 


tan a 2 = tan y3 2 + 

<P 


(8-7C) 

(8-7D) 


A Tq s 

tan #3 

tan 

The calculations at 


= 7^01 

1 /I 


_ / P03 ~\ 

\P01J 


k/(k-\y 


= 2 ^ + 2 *) 


[Equation 

[Equation 

[Equation 


the mean radius can be summarized into the 


( 8 . 1 )] 

( 8.6 A)] 

( 8 . 6 B)]. 

following steps: 


1. Select a rotating speed N in (rpm) to match with the compressor and U m = 
r m rrN/30 to satisfy the stress limitation. 

2. Calculate A To s from Equation (8.1) with assumed r] s , then 1 // from 1 j/ = 2 C p 
A Tos/Ul 

3. Select <f> values of 0.8-1.0 and a 3 values of 0°-20°. 

4. Calculate /1 3 from Equation (8.7C), then R from Equation ( 8 . 6 A), and make 
sure R is not too small (say R > 0.40) to avoid a negative value at the root; 
otherwise repeat step 3 with different 4> and a 3 . 

5. Calculate /J 2 with Equation ( 8 . 6 B) and a 2 with (8.7D). 

6 . Calculate V a2 , assuming V a2 — V a3 = V a , with </> = V a /U m , then V 2 from the 
velocity triangles. 

7. Estimate the loss coefficient l- s , and then calculate p 2 , p 2 , T 2 , and T s2 from 
Equations (8.7A) and % s = (T 2 — T s2 )/(V / 2 C p ), making sure that p 2 > p c , 
p c is the critical pressure corresponding to the choked condition and can be 
calculated from p c = poi[(& + l)/ 2 ] - */ ( *-i) 

8 . Calculate A 2 and b 2 from Equation (8.7B). 

9. Assuming V\ — V 3 , which can be calculated from the velocity diagrams, then 
A\ and b\ from Equations (8.7A) and (8.7B). 

10. With Vj and P 03 , a similar procedure as step 9 can be employed to determine 
A 3 and b 2 . 

For a constant V a design, it is expected to result in an increasing flow passage area, 
that is, A 3 > A 2 > A\, since we have p 3 < p 2 < p\, in the expansion process. But the 
flare included angle should be limited to 25° to prevent boundary layer separation on 
the root surface, especially for impulse turbines. 

With the mean radius configuration determined, the hub and tip radii and flow 
angles can be calculated with the radial equilibrium requirement, similar to that for the 
axial-flow compressor stage design, discussed in Chapter 7. 
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Example 8.3 

A gas turbine stage is designed with the following parameters: 

(a) Mass flow rate m — 50 lb m /s, constant axial-flow velocity V a = 500 ft/s 

(b) Peripheral velocity at mean radius, U m = 1200 ft/s 

(c) Stator inlet condition: Tqi = 2000°F, pot = 200 psia 

(d) Rotating speed N — 8000 rpm 

(e) Stator exit angle 0:2 = 75° and inlet angle ai = 0-3 = 10° with respect to the 
axial direction 

(f) Stator loss coefficient = 8 % 

Determine (a) rotor blade angle of inlet and outlet at mean radius, 2 , /V, 
(b) stagnation temperature drop per stage, A7V, (c) shaft power output P s ; (d) degree 
of reaction; and (e) tip and hub radii at rotor inlet. 


SOLUTION Use the velocity diagram shown in Figure 8.2 or 8.4. We have V a 
tan/J 2 = V a tano -2 — U m , or tan £2 = tano -2 — U m /V a = tan75° — 1200/500 = 1.33, 
fi 2 = 53.1°. Also V a tan/3 3 = V a tan 0:3 + U m , or tan ^3 = tan 0:3 + U m IV a — tan 10° 
+ 1200/500 = 2.57, fa = 68 . 8 °. From 

C p A T 0s = A E = U m (V u2 + V h3 ) = U m V a (tan a 2 + tan 0 ^ 3 ) 

= 1200 x 500(tan 75° + tan 10°) = 2.34 x 10 6 (ft/s) 2 , 


we have 


AToi — 


2.34 x 10 6 
0.24 x 778 x 32.2 


= 390 R. 


Hence neglecting leakage and mechanical losses, we have the shaft power output, 
Ps = mC p A Tos = 50 x 2.34 x 10 6 /(32.2 x 550) = 6607 hp. The degree of reaction 
at mean radius can be determined from Equation (8.5A), R — [Vy(2C/ m )](tan /? 3 — 
tan ^ 2 ) = [500/(2 x 1200)](tan68.8° — tan 53.1°) = 0.259. To determine the radii, the 
flow area A 2 can be determined from m = P 2 A 2 V a . The density p 2 can be determined 
from p 2 and T 2 , which can be calculated as follows. From C p Tq 2 = C p T 2 + V 2 2 /2 and 
V 2 = V a /cosa 2 — 500/cos 75° = 1932 ft/s, we have 


Tq 2 — 


2Cn 


= 2000 - 


1932 2 


2000-310 


2 x 0.24 x 778 x 32.2 
1690°F = 2150 R. 


From the definition of loss coefficient £. s , we have 


T s 2 = T 2 


2 C n 


1690 


0.08 x 1932 2 


2 x 0.24 x 778 x 32.2 


= 1690 - 24.8 = 1665.2°F = 2125.2 R 
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and P 2 /poi = (7; 2 /7bi)* /( * _1) = (2125.2/2460) 14 / a4 = 0.60, or P 2 = 200 x 0.60 = 
120 psia. Hence the density and area can be calculated as 


P 2 = 


P2 

RT 2 


120 x 144 
53.3 x 2150 


= 0.151 lb m /ft 3 , 



50 

0.151 x 500 


0.662 ft 2 . 


The radii can be calculated from rj - r% = A 2 /tt = 0.662/7T = 0.211ft 2 and 
r m = 30U m /(Nn) = 30 x 1200/(8000^:) = 1.43 ft, or rj + r 2 = 2r 2 = 4.09ft 2 , and 
r, = 1.466 ft, r h = 1.393 ft, b = r, - r h = 1.466 - 1.393 = 0.071 ft = 0.88 in. 


8.5 DETERMINATION OF TURBINE STAGE EFFICIENCY 

Similar to the case of the compressor discussed in Section 7.4, loss coefficients for 
cascade/airfoil tests are defined in terms of pressure loss due to friction. The turbine 
stage efficiency and its component losses in the stator and rotor are defined in terms 
of the enthalpy differences as given in Equation (8.2). The relationships between these 
parameters should be established. 

In cascade tests, the stagnation pressure drop is measured, instead of the temper¬ 
ature drop. Hence the loss coefficient is defined in terms of the stagnation pressure 
drops across the stator and rotor, that is, 

V _ P01 — P02 „ P()2,rel - P03,rel 

l s - , If - -. 

P02 - P2 P03,rel ~ P3 

They can be related to ij s and f r , respectively. 

Referring to Figure 8.3, with 

poi = m = /j^y/tf-D / 7 ^\*/(*-d _ /7^\*/<*-») 

P02 P2 P02 \T s2 ) \T 02 ) \T s2 ) 

we can express 


Y, = 


(P01/P02) ~ 1 = (T 2 /T s2 ) k /^ - 1 
1 - (P2/P02) 1 - (T 2 /T 02 ) k P k -» : 

Jl-TizLlL t t „ 

^-1 T s2 _ 1 2 ~ ls2 /p2 _ f. 7q2 ^ 

r 02 - T 2 T s2 ~ ^ T s2 ~ 


[1 + (T 2 - Tg)fT s2 ] knk ~ l) - 1 
i-[i + (T 2 -r 0 2)/7b 2 ]^-') 

702 


where Tq 2 IT 2 = 1 + (k — l)A/|/2, and the approximation is made with the Taylor 
expansion (1 + e) x = (1 + xs + ...) = 1 + xs for a small number of e. 

Similarly, we have Y r = % r Toz,rei/T 3 , where T Q3re i/T 3 - 1 + (k - l)M Xre , 2 /2. The 
stator can be a convergent or convergent-divergent nozzle. In general, the convergent 
nozzle is preferred. It is more adaptable to the off-design operation and more efficient 
when the pressure ratio is less than the critical pressure ratio. 

If no specific cascade data are available, the loss coefficients § correlated by 
Soderberg 2 can be employed. They are based on the test data of some steam turbines 
of “good design”. The good-design cascade criterion for minimum loss was given by 
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Zweifel 3 as 2 (s/c a ) cos 2 c^Ctan a i + tana^) = 0.8, where 5 is the pitch and c a is the 
axial length of the chord, c a = c cosy. 

Soderberg’s correlation can be summarized as follows: 

(a) The parameter f = 0.04 + 0.06(e/100) 2 is good for the deflection, s < 120° 
with tjc — 0.2, b/c a = 3, and Re = piViDiJn, = 10 5 , where the hydraulic 
diameter D] x = 4(throat area)/wetted perimeter = 2 sb cosa 2 /(s cos 0:2 + b), t rn 
is the maximum thickness of the blade, and e = a \ + 0:2 in degrees. 

(b) Variation with tjc is roughly proportional to [0.2/(t m /c)]°' 3 . 

(c) For b!c a i=- 3, the modified £ 1 is given as 


( (1 + £)(0.993 + 0.02lc a /b) for stators, 
1 (1 + ^)(0.975 + 0.015c a /b) for rotors. 


(d) For Re ^ 10 5 , we have = (10 5 /Re ) 025 


The flow deviation from the blade angle at the outlet is negligible for turbine 
cascades in general. These correlations can be used for the preliminary design, unless 
some specific cascade data are available. Other types of loss correlation for turbines 
are also available in the literature. 


8.6 AXIAL-FLOW TURBINE PERFORMANCE 

The basic turbine performance characteristics can be described in terms of the output 
shaft torque, power, and efficiency versus the rotating speed for a given mass flow rate 
of fluid supplied at a fixed inlet pressure and temperature to the turbine and discharged 
to a given ambient pressure. The ideal performance can be illustrated as follows. With 
the shaft rotating speed increasing from zero by reducing the load, the corresponding 
velocity diagram across the rotor can be sketched as shown in Figure 8.7. It is seen 
that the axial-flow velocity V a is kept constant as the flow rate is constant, and the 
peripheral velocity U increases as the rotating speed increases. The exit flow velocities 
from stator and rotor, that is, V 2 and W3, are relatively constant, since the directions 
of these two flow velocities are guided by the blades. And the change of tangential 
velocities, A V u — V u2 — V u3 , decreases as the rotating speed increases. Hence, from 
Euler’s equation, the torque r = mr A V u decreases linearly. Or mathematically, it can 
be expressed as 

x — mr(V u2 - V U 3 ) = mr[V a tan a 2 - (U - V a tan #3)] 

= mr[V a (tan a 2 4- tan fo) — rco] — a — bco, 

where a — mrV a ( tan 0:2 + tan ^3) and b = mr 2 are constants. The shaft power P s = 
cot = a co — bco 2 increases from zero to a maximum at the design condition, then drops 
to zero again at the so-called runaway speed. With the mass flow rate and inlet condi¬ 
tions kept constant, the efficiency will have a curve similar to that for the shaft power. 
They are shown in Figure 8 . 8 . The runaway speed and maximum power/efficiency 
point can be calculated by setting r = 0 and dPJdco = 0, that is, co r / a = V 0 (tan «2 + 
tan 3 )/r and co m — co r / a l 2 . 

The actual performance curves in terms of the normalized parameters for the gas 
turbines are similar to the ideal curves, as shown in Figure 8.9a. 
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Figure 8.7 Velocity diagrams across turbine rotor with increasing rotating speed. 


Figure 8.8 
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Theoretical shaft torque, power, and efficiency of a turbine versus rotating speed. 


In order to match the turbine with a compressor, another form of the turbine 
performance curve is plotted in terms of the mass flow rate, shaft power and efficiency 
versus the inlet/outlet total pressure or temperature ratio with the rotating speed as 
the parameter. Typical curves are shown in Figure 8.9 b, where the horizontal axis is 
plotted in the reverse direction. The mass flow rate and rotating speed are normally 
expressed in terms of m vTo 7 / Poi and N/y/Toi, similar to those for the compressor 
discussed in Chapter 7. The mass flow rate may reach a constant choking condition at 
a low pressure ratio. 

For direct coupling of the compressor and turbine, the following conditions should 
be satisfied: 

(a) Compressor rpm = turbine rpm 

(b) Gas mass flow rate through turbine = air mass flow rate through compressor + 
fuel mass flow rate 

(c) Turbine output power = compressor input power + load 

A more detailed analysis on performance matching will be discussed in the next section. 


! 
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Total pressure ratio, P 02^01 


(b) Efficiency, shaft power, and mass flow rate versus pressure ratio 

Figure 8.9 Typical performance curves of a reaction gas turbine with constant inlet condition 
of pressure and temperature ( N: rpm, r : ft-lbf, P s : hp, m: lbm/s, Tq\ \ R, po\, P 02 - psia). 


The performance characteristics of a turbine can also be illustrated with the uti¬ 
lization factor, defined as 

A E _ A E 
A£ av i A E + floss’ 

where A E is the energy transfer per unit mass of fluid defined in the Euler equation and 
£*ioss is part of the available energy in the fluid which is lost with the flow discharged 
from the turbine stage, that is, E \ oss = V^/2. Thus from Equation (3.8), we have 

q/2)[(y 2 2 - v 3 2 ) + (wf - wf)] 

(1/2)[V 2 + (W 2 - W 2 )] 
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since U 2 — C/3. With the degree of reaction expressed in the form 

R = h 2~h 3 = (1/2)(W 3 2 - W 2 ) 

hi ~ h 3 (1/2)[(V 2 2 - V 2 ) + (W 2 - W 2 )] ’ 

the utilization factor can be written as 

r _ (V? - Vj) + [R/q - R)](Vi - Vj) _ V 2 2 - V 3 2 

V 2 2 + [R/{ 1 - /?)](V 2 - V 3 2 ) V 2 - /?V 2 ' 


This expression is valid for any degree of reaction except R = 1, which requires 
special analysis. Since V 3 2 /2 represents the loss or part of available energy not utilized 
by the rotor, for maximum utilization factor, V 3 should be a minimum. From the 
velocity diagram, it is apparent that V 3 is a minimum when it is in the pure axial 
direction. Thus a general velocity diagram for maximum e would appear as that shown 
in Figure 8.10, and Equation ( 8 . 8 ) becomes 


V 2 — v 2 2 cos 2 CK 2 _ sin 2 0:2 
V 2 — /?V 2 COS 2 £*2 1 — R COS 2 «2 


(8.9) 


From this equation, it may be seen that for any degree of reaction s is an absolute 
maximum and has a value of unity if a 2 = 90°. Since V 3 = V 2 cosa 2 , V 3 is zero 
and the flow enters the rotor in a pure tangential direction. However, this is practically 
impossible. Normally, a 2 values of 65°-78° are used. 

For an impulse turbine, R = 0, the velocity diagram under the maximum-utilization- 
factor condition is shown in Figure 8.11. It is seen that W 2 = Wi and yS 2 = £ 3 , and 
hence 2U = V 2 sin 012 or UIV 2 — sma 2 !2 and s max = sin 2 a 2 . For a 50% reaction 
turbine, the velocity diagram under the maximum-utilization-factor condition is shown 
in Figure 8.12. It is seen that a 2 — fii and f} 2 = a 2 = 0, and hence U = V 2 sina 2 or 
UIV 2 = sino :2 and e max — sin 2 a^AT — cos 2 a 2 H). 

The utilization factor versus U/V 2 for these two types of turbines are plotted in 
Figure 8.13 for a typical stator exit angle a 2 = 70°. 

The energy transfer per unit mass flow rate under the maximum-utilization-factor 
condition for these two types of turbines are compared as AE, = UV 2 sin 0:2 = 2 U 2 



Figure 8.10 General velocity diagrams under maximum 
utilization factor condition. 



U 


Figure 8.11 Velocity diagrams for impulse turbine. 
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Figure 8.13 Variation of utilization factor with U /\2 for impulse turbine (R = 0) and reaction 
turbine (R = 0.5). 


and A E r = U \2 sin 0:2 = U 2 from Figures 8.11 and 8.12. In other words, with all other 
conditions the same, the amount of energy transfer with an impulse turbine is double 
that with a 50% reaction turbine. But in general, the reaction turbine is more efficient 
than the impulse turbine because the flow in a reaction turbine rotor is accelerating and 
less likely to suffer from boundary layer separation, hence less loss. 

In designing multistage axial-flow turbines, normally the impulse turbine stages 
are placed upstream to reduce the fluid pressure and temperature quickly. The reac¬ 
tion turbine stages are placed downstream to take advantage of their higher adiabatic 
efficiency. 

Example 8.4 

Convert the data for N/^/Tqi = 40 in Figure 8.9a into the format of Figure 8.9 b. Use 
the values C p = 0.24 Btu/(lb m R) and k = 1.40 for air. 

SOLUTION For N = 40, the following data of p„ 2 lpo\, r/poi, and rj can be 
obtained from Figure 8.9a: 


PollpQl 

0.70 

r/poi 

8.7 

n 

0.81 

Ps 

P01 vTo 7 

0.066 

POl 

2.48 


0.75 

0.8 

5.3 

2.2 

0.64 

0.41 

0.040 

0.017 

2.34 

2.0 
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The power and mass flow rate have to be obtained with the following manipula¬ 
tions. From P s — xco, we obtain 

P s _ xNn x N n 

PoiVWi - 30 X 550p 0l ^ ~ rn X 7Wi X 30 X 550' 


Also from PJm = t}C p Tq\ [1 — (p 0 2 lpo\) {k we obtain 


m-VTm _ Ps/(po\\fW\) _ P s /(PoiVTqi) 

Poi Ps!(mTo\) T]C p 

where (k - 1 )/k = 0.40/1.4 = 0.2857 and C p = 0.24 Btu/(lb m R) = 0.24 x 778/550 
= 0.339 hp-s/(lb m R). 

Example 8.5 

A multistage axial-flow gas turbine is to be designed for the inlet air condition of 
60 psia and 1400 R and to be exhausted to the ambient pressure of 14.7 psia. The rotating 
speed is selected to be 8000 rpm, blade velocity at mean radius is 850 ft/s, and blade 
length is 4 in. Determine (a) the blade radii at tip and hub and (b) number of stages 
required if all stages selected are impulse or reaction type, assuming no friction loss. 

SOLUTION From JJ m = r m co = r m Nn/30, we have r,„ — 30U m /(Nn) = 30 x 
850/(80007r) = 1.01 ft = 12.1 in. = [(r 2 + rj 2 )/2 ] 0 5 , or rj + r% = 293.8 in. Combined 
with b = r, — rf, = 4in., we have r ; 2 — 4r, — 138.9 = 0, so r t — 13.95 in. and 
rh — 9.95 in. To find the number of stages required, the exhaust air temperature can be 
estimated as T 0e = T 0i (po e l P Oi) (k ~ l)/k = 1400(14.7/60) a2857 = 936.7 R. The maximum 
energy available per unit mass of air is A H s = C p (T 0 i - T 0e ) = 0.24(1400 - 936.7) = 
111.2 Btu/lb m . The maximum energy transfer per stage with impulse turbine is A£) 
= 2C / 2 = 2 x (850) 2 /(32.2 x 778) = 57.68 Btu/lb m . Hence the required number of 
stages is n S j = 111.2/57.68 = 1.93 ~ 2. With the reaction turbine stages, it will be 
A E r = Ul = 850 2 /(32.2 x 778) = 28.84 Btu/lb m and n sr = 3.85 ^ 4. 


l_,m\ 
Po\ / 


(k—\)/k 


8.7 COMPRESSOR AND TURBINE MATCHING 

The design point performance of a complete gas turbine engine is obtained from cycle 
analysis. Each component, such as compressor, combustor, and turbine, is then designed 
based on the conditions specified for the design point. Their off-design performances 
are obtained from calculations with empirical formulas or laboratory tests. When the 
components are combined into a complete engine, the off-design performance range 
for the system will be reduced. 

To find the system’s off-design point is to find the corresponding operating points 
on the characteristics of each component, when the engine is running at a steady 
speed, or in the equilibrium condition. The equilibrium running points for several 
speeds are plotted on the compressor characteristic diagram and joined to form an 
equilibrium line. Then the power output or thrust curves can be obtained from the 
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turbine or nozzle characteristics. All of these establish an equilibrium diagram, which 
shows the proximity of the operating line or zone to the compressor surge line and the 
compressor’s corresponding efficiency. If the operating line intersects with the surge 
line, the complete gas turbine engine becomes unstable. 

8.7.1 Component Characteristics 

The performance characteristics in terms of the nondimensional parameters for individ¬ 
ual compressor and turbine are discussed in the previous sections. For the compressor, 
it is normal to express the efficiency and pressure ratio versus mass flow rate at a con¬ 
stant rotating speed. A sample map is shown in Figure 8.14a. At high rotating speed, 
the flow could be choked, and both the efficiency and pressure ratio result in the vertical 
lines on the mass flow base. Hence it is convenient to plot the efficiency curves versus 
the pressure ratio. For the impulse turbine, the nondimensional mass flow is choked at 
the high pressure ratio, and its variation with respect to the nondimensional rotational 
speed is small even for the nonchoking condition. Hence a single mass flow curve is 
approximated in the preliminary calculations. 

Fine tuning with the rotating speed effect under the nonchoking condition can be 
considered later if needed. A simplified diagram is shown in Figure 8.14 b. It should 
be noted that the subscripts 3 and 4 are the turbine inlet and outlet in this figure. The 
load characteristics for a shaft power engine should also be available. A typical cuvve 
for general machinery is shown in Figure 8.14c. 


8.7.2 Off-Design Operation of Single-Shaft Gas Turbine 

The following steps describe the procedure to establish the equilibrium running lines 
of the complete single-shaft gas turbine driving a typical mechanical load which varies 
with the rotating speed, with Tq\, po\ given. 

1. Select a constant-speed line on the compressor characteristic diagram and choose 
any point on this line. The values of m«jToi/pouP 02 /PouVc> and N/^/Toi are 
then set for this particular point. 

2. Since the compressor and turbine are directly coupled, their rotational speeds 
should be the same, that is, N, = N c = N. Assume the same mass flow rate, 
that is, m, = m c — m, since the fuel flow rate is much less than the air flow 
rate, and also neglect inlet and exhaust pressure losses, that is, po 4 = po\ = p a - 
With the pressure loss in the combustor A pb given, we have P 03 /P 02 = 1 — 
&Pblpo 2 , and hence /Wtm = (P03/P02)(P02^PQ\)- 

3. From the turbine characteristics, we can obtain the approximate value nty/Tvs/poi, 
which mainly depends on the pressure ratio only, as shown in Figure 8.14&. Since 
it also can be related to mV^oi/poi in the form 

m*Jl 03 _ / mV7o[ \ / poi \ / po 2 

P03 \ P0 1 / V P02 J \P03 

the turbine inlet temperature 7o3 can be determined. Then the parameter N/ -,/7o3 
and » 7 , can be determined. Or the more accurate values mV^WAB and 7o3 can 
be obtained by iteration for the nonchoking condition. 



( 8 . 10 ) 







Efficiency, i) c (%) 
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4. The corresponding temperature changes and the net power output of the turbine 
can then be obtained from 


and 


A7q34 = T]t 7(33 1 



A7oi2 = — 
Vc 



[Equation (8.1)], 
[Equation (7.4)], 


Po — mCpg A7o34 fnCpa A7o]2, 

rim 


( 8 . 11 ) 


where rj m is the mechanical efficiency of the compressor-turbine combination, 
C pa and Cpg are the specific heat for air and combustion gas, respectively, and 
m can be obtained from the value of m ~JTq\/ Pot • 

5. The net output power Pq is compared with the required load Pi at the chosen 
speed. Iteration is needed until they match closely. 

Calculations are repeated for several rotating speeds. The equilibrium points for 
these speeds are located on the compressor characteristic diagram and connected into 
an equilibrium running line. Its proximity to the surge line can then be investigated. 
The other parameters, such as 7 o 2 , 7 o 3 , and m, at each point can also be evaluated. If 
the load is a constant-speed device, such as a generator or variable-pitch propeller, the 
calculations can proceed along a constant-speed curve on the compressor characteristics. 
Each point corresponds to an output power for the load. The no-load conditions, that 
is, Pq = 0, can also be evaluated. More detailed discussion can be found in Ref. 5. 


Example 8.6 

A shaft power gas turbine engine of which the compressor and turbine characteristics 
shown in Figures 8.14 a and b is used to drive a machine of which the load character¬ 
istics are shown in Figure 8.14c. If the engine is operated at the ambient condition p a 
= 14.7 psia, T a = 70°F, locate its running point on the compressor when the machine 
is operated at a rotating speed of 18,400 rpm. Assume the following data: 

(a) Mechanical efficiency for the compressor-turbine combination is t] m = 95%. 

(b) Air and gas properties are k a = 1.4, k g — 1.33, C pa = 0.24 Btu/lb m R, C pg = 
0.28 Btu/lb m R. 

(c) Pressure drop in the combustor is A pb = 2psi. 

SOLUTION From Figure 8.14c we have P L = 620 hp at N = 18,400 rpm. Pick a 
point on the curve of N/y/To[ = 18,400/V530 = 800 in Figure 8.14a, say P 02 /P 01 = 5. 
So we have 


m-jTm/pm r\ c p 02 (psia) m (lb m /s) p 0 3 (psia) P 03 /P 04 
5.7 0.85 73.5 3.64 71.5 4.86 
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where P 02 = 5 x 14.7, m = 5.7 x 14.7/V530, po 3 = (73.5 — 2 ) = 71.5 psia, P 03 /P 04 
= 71.5/14.7 = 4.86. Then from Figure 8.146, with pq^Pqa, = 4.86 and m 3 = m 2 , 
we have 


mVTm/Pm T 03 (R) m 

2.56 2528 366 0.87 


where To 3 = (2.56 x 71.5/3.64) 2 , N/y/T^, = 18, 400/V2528. So from Equations (8.1), 
(7.4), and (8.11), we have 


A7q34 = r], Tq 3 


1 - 


P03 ) 


= 0.87 x 2528[1 - (4.86) -024S ) = 713 R, 


AT012 = 



Poi) 


(H) [(5)0 ' 2857 - 'J= 364 R ’ 


and P 0 = 3.64(0.28 x 713 - 0.24 x 364/0.95) = 392 Btu/s 
= 554 hp, which is less than Pi. So we pick another point on 
the same curve, say po^Pox = 5.2, and repeat the calculations: 


|Ol 3 



m-s/Tox/pox rjc poi (psia) m (lb m /s) p Q 3 (psia) pm/pw m^Tm/poi Tq 3 (R) N/*/Tn rj, 
5.6 0.88 76.4 3.57 74.4 5.06 2.55 2824 346 0.85 


[(5.2 ) 0 ' 2857 - 1] 

0.88/ 

= 362 R, 

and net power output P 0 = 3.57(0.28 x 794 - 0.24 x 362/0.95) = 467 Btu/s = 660 
hp, which is too much greater than Pi. Pick another point, say P 02 /P 01 — 5.15. Then 
we have 


Ar 034 = 0.85 x 2824[1 - (5.06)-° 248 ] = 794 R, A7 0 i 2 = 


poi T] c p 02 (psia) m (lb m /s) p 0 3 (psia) po 3 /p 04 m^/T^/p 03 T 03 (R) N/^/f^ rj, 
5.65 0.87 75 .7 3.61 73.7 5.01 2.55 2710 353 0.86 


Ar 034 = 0.86 x 2710[1 - (5.01)- 0248 ] = 768 R, 


AToi 2 =(^) [(5.15)° 2857 — 1] 


= 364 R, 


and P 0 = 3.61(0.28 x 768 - 0.24 x 364/0.95) = 444.3 Btu/s = 628 hp, which is 
close to P L . So the running point is around poi/poi = 5.15, m ■>/%[/Pox = 5.65 , and 
A/ y/Tox — 800 on the compressor characteristics. It is not too close to the surge line 
and hence is safe. 
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Figure 8.15 Typical radial-inflow turbine. 



(a) Cantilever impeller ( b ) Centripetal impeller 

Figure 8.16 Types of radial-inflow turbine impellers. 


8.8 RADIAL-INFLOW GAS TURBINE 

The radial- or mixed-flow impeller can also be used in a gas turbine. It is primarily 
employed in the lower power units (up to a few hundred horsepower). The impeller 
is similar to that for a centrifugal pump or compressor, except the direction of flow 
is just opposite. This can be understood from the energy transfer equations discussed 
in Chapter 3. Equation (3.6), under design condition, becomes A E, — U 2 V u2 , where 
— 0. The subscripts 2, 3 designate the impeller inlet and outlet, respectively. 
Since U 2 is proportional to inlet diameter D 2 , to maximize the energy transfer A E t , 
the flow inlet should be at the impeller outer diameter. Since the outlet area at the 
inner diameter is always smaller than the inlet, Wj is greater than W 2 , and hence 
the radial-inflow turbine normally has a degree of reaction greater than zero. Also to 
maximize the V u2 value, a nozzle close to the tangential direction at the inlet is always 
employed. Sometimes a diffuser is added downstream of the impeller to bring the 
pressure up to match the ambient pressure. Thus the kinetic energy loss to discharge is 
minimized. The nozzle/impeller/diffuser arrangement shown in Figure 8.15 is typical 
for a radial-inflow turbine. 

Two extreme cases of impeller type are shown in Figure 8.16. Case (a), called a 
cantilever type, has short pure radial blades. The inlet and outlet radii ratio is close to 1, 
and hence the blades can be approximated by the airfoils. Case ( b ), called a centripetal 
type, has blades extended from the pure radial to the pure axial direction. Sometimes, 
the exit region is called an exducer, similar to the inducer at the inlet of a centrifugal 
pump or compressor. 

Compared with the axial-flow type, the radial-inflow turbine has the advantages of 
ruggedness, simplicity (hence lower cost), and higher efficiency in general. The disad¬ 
vantage is its limit to a single stage (hence lower total pressure ratio and low power). 
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Flue gas 



Figure 8.17 Energy recovery system in process plant. 




Backward curved 


Figure 8.18 





Blade profiles and velocity diagrams for radial-inflow turbine. 


The multistage arrangement is mechanically complicated, except the radial-outflow 
Ljungstrom turbine, which will be discussed later for the steam turbine. 

Typical applications of radial-inflow turbines are found in auxiliary power units, 
turbochargers for internal combustion engine, stand-alone ground vehicle power plants, 
low-power units of air motors driven with compressed air, and expanders for energy 
recovery in large refrigeration and cryogenic systems. A sample arrangement of the 
expander/steam turbine to recover energy in a process plant is shown in Figure 8.17. 
Some energy in the flue gas is extracted. 

The performance characteristics of a radial-inflow turbine is mainly related to its 
inlet configuration. The blade profile at the inlet can be backward curved, radial, or 
forward curved. The schematic and flow velocity diagrams are shown in Figure 8.18. 

From the velocity diagrams, it is clear that the backward-curved impeller has the 
highest energy transfer per unit mass of fluid (A E t ) for a given size and rotating speed 
(or t/ 2 )- In other words, to transfer a fixed amount of energy, its size or rotating speed 
can be lower. However, the radial blade is preferred in some cases due to its better 
structure integrity. 

The nozzle at the inlet can be either a vaned type or a volute (this is basically 
a vaneless nozzle). They are similar to the diffusers in a centrifugal compressor. A 
vaned nozzle is more efficient at the design point but less efficient under the off-design 
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condition due to flow mismatch. The volute type is better adapted for a wider range of 
operation but is less efficient at the design condition. 


8.9 THERMODYNAMIC PROCESSES IN RADIAL-INFLOW GAS 
TURBINE 

As mentioned, the radial-inflow turbine is more compact and can be integrated with 
the compressor similar to the one shown in Figure 8.19. 6 The schematic and velocity 
diagrams at both the inlet and outlet of the rotor for the design condition are shown in 
Figure 8.20 for the case of pure radial blades at the inlet. A ring of nozzles is designed 
to produce a high tangential velocity of gas flow. It flows inward and leaves the rotor 
with a negligible whirl velocity. A diffuser is used to reduce the velocity and increase 
the exhaust pressure to match the ambient condition. Under the design condition, the 
relative flow velocity at the inlet is pure radial and the absolute flow velocity at the 
outlet is pure axial, and hence the specific work output is expressed as W = P s /m = 
Cp(T 0 , - T 03 ) = U 2 V u2 = U 2 2 . 

Thermodynamic processes through a radial-inflow turbine are similar to those for 
the axial-flow turbine discussed earlier. They are depicted in a T - s diagram, as shown 
in Figure 8.21, where p a is the ambient pressure. Hence the diffuser outlet pressure is 
P 4 = p a . In the ideal process without any loss and zero outlet velocity, the maximum 
possible specific work output will be W' = C p (Tq\ — 7V) = V 2 /2. Or in terms of the 
turbine pressure ratio, Vo is given by V 0 2 /2 = C p T 0 i[l - (p a /Poi) k ~ l/k ]- The overall 
adiabatic efficiency of the turbine and diffuser is r/o/« = (Toi — 7 o3)/(7oi — Ty), where 
T03 = To 4 - For the turbine alone, it is rj, — (7oi — Tqj,)I{Tq\ — Ty). 

The turbine efficiency can also be expressed in terms of the nozzle and rotor loss 
coefficients, similar to the axial-flow turbine. They are defined as 



Turbine Compressor 

impeller impeller 

Figure 8.19 Integrated radial-inflow turbine and compressor impellers. (Courtesy of Garrett 
Turbine Engine Co., Honeywell Aerospace, Phoenix, AZ.) 
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Figure 8.20 Radial-inflow turbine components and velocity diagram (with pure radial blades 
at inlet). 



Figure 8.21 T-s diagram for a radial-inflow turbine. 


where Ty As ~ C P (T 2 — Tv), Ty As ~ C p(Ty — T 3 '), or T2 — Ty ^ (Ty — 
Ty)(Ty/Ty). With 


7oi — Ty = (7oi — ^ 03 ) + (703 — 73 ) + (^3 — Ty) + (Ty — Ty) 

/2 / i /2 


V , 2 £*Wj| 

(7bi - 7 o 3 ) + ^ 


2C n 


2 C, 


V2C.J \Ty)' 


and V 2 = U 2 cosec ^3 = C /3 cosec p 3l V 3 = U 3 cot j3 3 ,C p (Tq 2 — To 3 ) = £/|, the tur¬ 


bine efficiency r) t can be written as 

1-1 


*7r 


Toi — Ty 


L Toi — 7 q3 J 


1 + 


1 


2c p (r 01 - t 03 ) 


vi + HrwI + HnV, 


2 fy 

Ty 


-1 


- J 1 + \ 


2 

(^) ( cot2 & + Hr cosec 2 /3 3 ) + ^ 7^7 cosec 2 a 2 


t r -1 


( 8 . 12 ) 
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where 

Ty ^ Ty_ 
Ty T 2 


Uj 

2 C p T 2 




cosec 2 ^ — l] — cot 2 (*2 


(8.13) 


and T 2 = Tq\ — (f/|/2C p ) cosec 2 a 2 . Equation (8.13) is obtained from the following 
manipulation: From 


Ty = T 2 - (r 3 - Ty) - (T 2 - T 3 ), 

Uj = C p (T 02 - 7 o 3 ) = C p (T 2 - 73) + ±(V 2 - V 3 2 ) 
= C p (T 2 - 73) + \{U\ + W 2 ) - i(W 2 - f/ 2 ), 


or 


we have 


72 - 73 = 


(f / 2 - u 3 2 ) + (w 2 - w 2 ) 
2C P 


Ty 

~Ti 


1 

1 


73 - Ty _ {Uj - Uf) + (W 3 2 - W|) 

7i 2C p T 2 




1 


2C p T 2 


1 - 


2C p T 2 


£/? cosec 2 & + 1 - cosec 2 /3 3 - 

1 + [(1 + ft R ) cosec 2 ft 3 - l] - cot 2 a 2 1 • 


V? - ^ 

U Z 2 


Under the off-design condition, additional loss due to incidence or shock loss can 
be incurred at the rotor inlet. The process is depicted in Figure 8.22, where some 
additional increase in entropy is shown. The corresponding stagnation pressure drop 
can be accounted for by the expression A p 0 = (p 02 — P 2 ) cos 2 /? 2 (tan ^2 + 0.1) 2 , if 
ft 2 is between — 65° and + 65°, where ft 2 is equal to the incidence for the pure radial 
inlet vanes. 7 



Figure 8.22 Effect of incidence loss. 
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Example 8.7 

A radial-inflow gas turbine with the dimensions shown is operated with the following 
parameters: 7oi = 2000R, poi = 50 psia, and N = 15,000rpm. If the estimated noz¬ 
zle and rotor loss coefficients are = 0.08 and = 0.45, determine the expected 
(a) mass flow rate, (b) output shaft power, (c) turbine efficiency, and (d) exhaust 
pressure/temperature under the design condition. (Neglect the leakage and mechanical 
losses and the flow incidence and deviation at the blade leading and trailing edges.) 


r 2 = 5 in. 
b 2 = 2 in. 
a 2 = 85° 

r mi = 2.06 in. 

0*3 = 30 ° 


SOLUTION 

Velocity diagrams at the rotor inlet and outlet are given as . 

shown. 

Velocities at the rotor inlet can be calculated as 

„ r 2 Nn (5/12) x 15,000 tt ^ eA| 

U2 = ~W =- 35 -= 6545 ft/s ’ 

U 2 654.5 v 3 ' 

V 2 = -^ = -—^=657 ft/s, i 

sin a 2 sin 85 

U 2 654.5 

V r2 = W 2 = -— =-- = 57.3 ft/s. 

tan a 2 tan 85 

Hence from C p {Tq 2 — T 2 ) = V 2 2 /2, where Tq 2 = 7qi, we have 


Ti = 7b2 


2000 - 


2 x 0.24 x 778 x 32.2 


= 1964.1 R. 


From $ N = (T 2 - T 2 -)/[V^/(2C p )], we have 


T v = T 2 - = 1964.1 - 


0.08 x 657 2 
2 x 0.24 x 778 x 32.2 


= 1961.2 R, 


P 2 = P0\ 


k/(k-l) 


1961.2 


46.7 psia, 


p 2 46.7 x 144 , 

p 2 - =-= 0.064 lbm/ft 3 . 

RT 2 53.3 x 1964.1 ' 

So the mass flow rate m = p 2 V r2 A 2 = 0.064 x 57.3 x (2 tt x 5 x 2/144) = 1.601b m /s. 
Assuming whirl-free flow at the rotor outlet under the design condition, we have 
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A E = U 2 V U2 = U\ = 654.5 2 = 428,370(ft/s) 2 = 428,370/(32.2 x 550) = 24.2hp/ 
(lb m /s), or P s — m A E = 1.60 x 24.2 = 38.7 hp. Velocities at the rotor outlet are 
determined as 


Um3 = 


(2.06/12) x 15,000 x n 
30 


269.6 ft/s, 


V 3 = 


Um3 
tan #3 


269.6 
tan 30° 


467 ft/s, 


and W 3 = U m3 / sinfo = 269.6/sin 30° = 539.2 ft/s. 

The turbine efficiency can be determined from Equations (8.12) and (8.13). Without 
detailed calculations, the result is given as r), = 0.691. 

The exhaust pressure/temperature can be determined from the following calcula¬ 
tions with the help of Figure 8.21: From C p (7bi - r 03 ) = A E = 428,370/(32.2 x 
778) = 17.1 Btu/lb m and (7oi - 7b 3 )/(7oi - Ty) = r), = 0.691, we have T 03 = 2000 
- 17.1/0.24 = 1929 R and Ty = T 0 1 - (T 0 \ - T 03 )/r], = 2000 - (2000 - 1929)/0.691 
= 1897R. Hence p 3 = p 0l (Ty/T 0l ) k M-» = 50(1897/2000) 35 = 41.6 psia, and Ty = 
T 2 (p 3 /p 2 ) {k ~ l)/k = 1964.1 (41.6/46.7) 0 ' 2857 = 1900.3R and T 3 = Ty + £* W 3 2 /(2C P ) 
= 1900.3 + 0.45 x 539.2 2 /(2 x 0.24 x 32.2 x 778) = 1911.2 R. 


8.10 OTHER TOPICS RELATED TO GAS TURBINE ENGINE 
8.10.1 T\irbine Blade Cooling 

Since the thermal efficiency of a gas turbine is strongly related to the gas temperature 
at the turbine inlet, it is common practice to cool the turbine blades for the high-power 
units. So the gas temperature at the turbine inlet can be raised. It can be either air cooling 
or liquid cooling. Liquid or steam cooling is used for the ground-based industrial gas 
turbine. Air cooling with 1.5-2% of flow rate from the compressor can reduce the 
turbine blade temperature by 300-500°F. Hence the gas temperature at the turbine 
inlet can be increased significantly or a less expensive material can be employed. The 
maximum temperature of 2600°F was reached by GE’s 9H industrial gas turbine in 
September 2003. 

Two types of air cooling are possible, as shown in Figure 8.23. It can be either 
(a) internal cooling with coolant flowing through the internal channel from blade root 
to tip or (b) external cooling by either injecting coolant onto the blade surface to form 
a film or forcing the coolant from the inside through blade porous wall to the outside 
of the blade. Or a combination of both types can be employed. 

A simplified one-dimensional heat transfer model for air internal cooling will be 
illustrated. Temperature distributions along the blade height from root to tip for the 
coolant, blade, and gas around the blade ( T c , Tb, and T g ) are shown in Figure 8.24. 
Here, Tg is assumed to be constant. A parameter (T^ — T Ci ) / (Tg — T n ), called 
the blade relative temperature coefficient, is used to indicate the cooling effectiveness, 
where T ci is the inlet coolant temperature at the blade root. The heat balance for an 
elemental length dl can be written as 


h g S g (T g - T h ) = h c S e (T b - T c ), 


( 8 . 14 ) 
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(a) Internal cooling (with fins to enhance heat transfer) 



( b) External cooling (film cooling) 

Figure 8.23 Turbine blade cooling. 


where h g and h c are the heat transfer coefficients and S g and S c are the wetted perimeters 
of the gas side and coolant side, respectively. For the coolant flow m c , we also have 


fit c C 'pc dT c 
~dl 


h c S c (T b - T c ). 


Equation (8.14) can be rewritten as 

/i p S p 

Tc = T b --*-f(T g - T b ) 
or 

dT c _ / h g S g \dT b 
dl ~ \ + h c S c ) dl ’ 


(8.15) 


(8.16) 


(8.17) 


since T g is constant. Combining Equations (8.14), (8.15), and (8.17) to eliminate T c , 
we have 


hpS„ 

1 + 

h c S c 

Integrating with T b = T br at l 


I diT ‘ Tb) + 4^ ( r, - 

dl m c C pc 

— 0, assuming constant h g , 


■T b ) = 0 

h c , S g , and S c , results in 


T g — T b — (Tg - T br )e~ kl/L , 


( 8 . 18 ) 
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Figure 8.24 Simplified internal cooling model. 


where 


_ 

L m c C pc [\ + (h g S g /h c S c )] 

Also Equation (8.16) can be written as 


r - - = (r < - r »> { l + h i I) = (T * ~ r *> (■ + H) e ~ u/L (8 - 19 > 

or 

T g - T ci = (T g - T br ) (l + . (8.20) 

Combining Equations (8.19) and (8.20) we have 

T g -T c = ( T g - T ci )e~ kl/L . (8.21) 

Subtracting Equation (8.18) from (8.20), we have 

n - T d = (7> - r,,) (l + . 

And dividing this by Equation (8.20), we have the blade relative temperature coefficient, 


T b ~ T c , = 
T g ~ Ta ~ 


e-kl/L 

1 + ( hgSg / h c S c ) 


( 8 . 22 ) 


With the heat transfer coefficients h c and h g available from the empirical correla¬ 
tion, the one-dimensional blade temperature distribution T b along the spanwise direction 
can be evaluated, as shown in Figure 8.24 qualitatively. Then, two-dimensional heat 
transfer and thermal stress analysis including the rotational effect can be performed 
at the critical blade section to locate the maximum temperature and stress with the 
finite-element method. 

In the more sophisticated design, the cooling air can be extracted from a single 
stage or two stages of compressor; the flow can be single pass or multipass to provide 
film cooling in addition to internal cooling. More detailed discussion on this topic can 
be found elsewhere. 8 - 9 

Other techniques to increase the allowable turbine inlet temperature involve using 
special material such as ceramic or TBC (thermal barrier coating) for the turbine blades. 
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8.10.2 Combustion Chamber (Combustor) 

The combustor is an important component in the gas turbine engine. Its design is a 
complicated task involving knowledge of fluid dynamics, combustion, and mechanical 
design. A detailed discussion is beyond the scope of this book. Only a brief discussion 
will be provided here. 

The combustors can be classified according to their arrangements around the 
engine: 

1. In a can-type (or tubular) combustor, as shown in Figure 8.25a, air from the 
compressor is split into several streams entering the individual can of combustor. 
Fuel is also injected into the individual chamber from a common line. 

The advantage of this type of combustor is that development can be carried 
out for a single can with a small-scale test rig. The overall system can be 
designed by arranging the multiple cans around the axis. Its disadvantages are 
the heavy weight and larger frontal area for the overall system. 

2. The annular type shown in Figure 8.25 b is more compact and has lower pressure 
loss. Its disadvantages are (a) fuel-air ratio and temperature distributions are less 
uniform, (b) lower structural integrity, and (c) higher development cost. 

3. The cannular type is a modification of the annular combustor where the individ¬ 
ual flame tubes are uniformly spaced around an annular casing. Both annular and 
cannular designs can have a reverse-flow arrangement and result in a reduced 
overall shaft length. 

4. The silo-type combustor is a vertical cylindrical chamber, as shown in Figure 
8.25c. It is relatively large in size and hence has lower flow velocity and pressure 
loss. It is primarily used in ground-based industrial gas turbines. 


A 



Compressor f" 


a 


u 


Turbine 



Section A-A 


Combustor 


(a) Can type 



( b ) Annular/cannular 



Combustor 
(c) Silo type 

Figure 8.25 Types of combustors. 
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Figure 8.26 Combustion stability limits. 


Combustor performance is characterized by the following parameters: 

1. Pressure Loss: The stagnation pressure loss across a combustor is due to the 
flow friction and stagnation temperature rise associated with combustion. 

2. Combustion Efficiency: The combustion efficiency is defined as either r] b — 
(/7a)th/(/7a) ac or rj h = (AT) ac /(AT\h, where (/7a) th and (f/a) ac are the theoret¬ 
ical and actual fuel-air ratios required to raise a certain temperature across the 
combustor; (AT) t h and (Ar) ac are the theoretical and actual temperature rises 
for a certain fuel-air ratio. Both definitions result in approximately the same 
magnitude under the same conditions. 

3. Combustion Stability Limits: The combustion process is possible for a certain 
range of fuel-air ratio. It becomes unstable and flames out when the fuel-air 
ratio is too rich or too lean. For a given combustor, this range is a function 
of the chamber gas pressure and flow velocity. As the pressure decreases, the 
stability range will decrease. It is shown qualitatively in Figure 8.26 that the 
stability range of fuel-air ratio decreases and eventually flames out as the air 
flow velocity increases. 


8.10.3 Control of Emission Pollutants 

The air pollution from gas turbines is relatively minor compared with that from conven¬ 
tional power plants burning coal or residual fuel. The typical fuel used in a gas turbine, 
either natural gas or liquid distillate, is relatively clean because the combustion product 
gas has to flow through the turbine. However, with increasing widespread usage of gas 
turbines, their pollution problems are receiving more attention. 

The main types of pollutant emitted from a gas turbine are CO (carbon monoxide), 
UHC (unbumed hydrocarbon), and NO* (oxides of nitrogen). Carbon monoxide and 
UHC are harmful to human health, while NO* will deplete the ozone in the upper 
atmosphere. Carbon monoxide and UHC are formed due to incomplete combustion 
when the machine is operated at off-design conditions. Oxides of nitrogen are formed 
due to the high flame temperature, which is required to achieve the high efficiency at 
the design condition. 
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Stoichiometric 
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Figure 8.27 Qualitative effects of fuel-air ratio on emissions. 


The effects of fuel-air ratio on the emission of these pollutants can be plotted 
qualitatively, as shown in Figure 8.27. The residence time of combustion (related to the 
gas flow velocity or cross-sectional area of the combustor) also has some minor effects 
on the formation of these pollutants. Longer residence time will promote the formation 
of NO* but will improve combustion efficiency and hence reduce the amount of CO 
and UHC. The effect of flame temperature on NO* emission is shown in Figure 8.28. 
The NO* concentration increases exponentially with respect to the flame temperature 
in the range of 1500-2000 K as reported in Ref. 10. 

These pollutants emission can be controlled with the following approaches: 

1. Water or Steam Injection: The NO* concentration can be reduced by injecting 
some amount of water or steam into the combustor to decrease the flame tem¬ 
perature. This will decrease the thermal efficiency of the plant, although some 
additional output power can be gained from the increased mass flow rate. Also, 
this will increase CO and UHC concentration, and the water/steam required is 
significant (about 50-100% of fuel flow rate) 

2. Selective Catalytic Reduction: Further reduction of NO* concentration can be 
achieved by installing some selected catalyst and ammonia injection at the 
combustor exhaust to convert NO* to N 2 and H 2 O. But these catalysts only 
work for a gas temperature between 285 and 400°C. Hence this approach can 
only be employed conveniently for the system with a HRSG (heat recovery 
steam generator), and some additional equipment cost will be incurred. 

3. Dry Low-NO* Combustor: In recent years, some innovative combustor designs 
have been pursued. The approach is to control the combustion process in the 
combustor without water/steam injection. Typically, the fuel is supplied into 
two zones with two stages. The first (or primary) zone serves as the pilot stage 
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for starting and idling. The second zone is for the main stage of combustion. 
Different fuel-air ratios are supplied for different operating conditions. 

4. Other new clean fuels are being developed, such as syngas and hydrogen-rich 
fuel. More detailed discussion of these topics is beyond the scope of this book, 
and the interested reader should consult Refs. 10-14. 


8.11 APPLICATIONS OF GAS TURBINE ENGINES 

Gas turbine engines can be classified according to their applications and power levels. 
They can be divided into three major groups: (1) aircraft engines, (2) ground-based 
industrial power units, and (3) surface vehicle power plants, both ground and marine 
vehicles. 

Aircraft engines have received most of the attention and have been the major thrust 
for gas turbine development in the past few decades. The main concerns in their designs, 
among others, is high reliability, high thrust- weight ratio, and high efficiency. Four 
types of aircraft gas turbines have been designed for different applications according 
to flying speed and other considerations. The schematic diagrams are shown in Figure 
8.1. The turboprop is for subsonic flight, and the ramjet is for supersonic flight. In a 
turbofan, the bypass air supplied by the upstream fan is used to cool the combustor 
and turbine, in addition to maintaining the same thrust power with higher exhaust gas 
mass flow rate and lower jet velocity. Hence it is quieter than the other jet engines. 
Detailed thermodynamic cycle analyses are given in Appendix A. 

The main differences between the ground-based industrial gas turbines and aircraft 
gas turbines are as follows: 

(a) The lifetime for industrial gas turbines is around 100,000 h, while that for 
aircraft is much shorter. 

(b) The size and weight are not so important for the industrial turbines, and hence 
various accessories can be added to improve overall efficiency and perfor¬ 
mance. 

(c) The kinetic energy of exhaust gas is useful to produce thrust in aircraft gas 
turbines, but it is wasted in industrial ones. 



Figure 8.28 Qualitative effects of flame temperature on NO, emission. 
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Hence for industrial applications, other than the stand-alone gas turbine systems, 
some modifications and innovations have been developed to improve overall plant per¬ 
formance, including reheating, regenerating, combined cycle, and cogeneration. More 
discussions of combined cycle and cogeneration will be given in the next chapter on 
steam turbines. 

These modifications can be classified as follows. 

(a) Industrial heavy-duty gas turbines have output power up to 350 MW. They 
have reached a pressure ratio of 35, turbine inlet temperature of 2500°F, and 
thermal efficiency of 50%. Typical units have heavy wall casing, thick airfoil 
section blades, and large frontal area. The axial-flow compressor, turbine, and 
can-annular or silo-type combustor are mostly employed in these units. 

(b) Aero-derivative gas turbines have output power between 2.5 and 50 MW. The 
gas generator is the aircraft engine modified to burn industrial fuel, and a power 
turbine is added downstream. For the turbofan engine, the fan is replaced by 
an additional low-pressure compressor. They are used by the power and petro¬ 
chemical industries for remote-area power generation, gas transmission, and 
gas reinjection in off-shore platforms. The advantages of these units are as 
follows: (1) right size and weight for packaging and testing within the manu¬ 
facturer’s plant before shipping to job sites for installation; (2) convenience for 
maintenance and repair, gasifier that can be removed and sent back to factory, 
a power turbine section that is less likely to fail since its inlet temperature is 
lower; and (3) easy to adapt for remote control since their auxiliary systems 
are simpler and no water cooling is needed (only air or oil/air cooling). 

(c) Medium-range gas turbines have output power from 5 to 15 MW and pressure 
ratio between 5 and 15. They are split-shaft design, with the gasifier operating 
at peak efficiency and power turbine running at variable speed to match with 
the load. They are also used in petrochemical plants and off-shore platforms. 

(d) Small gas turbines have output power of less than 5 MW. They can be aero- 
derivative engines with centrifugal (or combined axial/centrifugal) compressor 
and radial-inflow turbine. With their smaller sizes, the turbine blades are not 
cooled, so turbine inlet temperature has to be lower (around 1800°F) and results 
in a lower efficiency. 

(e) Microturbines have output power between 20 and 350 kW. They employ a 
centrifugal compressor and radial-inflow turbine and normally bum diesel fuel 
or natural gas. With their compact size and relatively quiet operation, they 
are finding applications for APU (auxiliary power unit), cogeneration, and 
absorption chiller in commercial and medium-size industrial sites. One example 
is shown in Figure 8.29. 15 

Other applications of gas turbines for stationary power plants are being developed: 

1. Integrated gasification combined cycle (IGCC)— To expand the industrial appli¬ 
cations of gas turbines, low-quality coal and heavy fuel oil with high sulfur 
content can be used with coal gasification or fluidized-bed systems. The coal 
and heavy fuel oil can be converted into clean gaseous fuel through a gasifi¬ 
cation unit before being burnt in the combustor, as shown in Figure 8.30. The 
exhaust hot gas from the gas turbine is used to generate steam for the steam 
turbine and process. 
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Figure 8.29 Microturbine in an integrated system to produce electricity, hot air, and chilled water. (Reprinted by 
permission from Berry, J., & et al., “Integrated Energy System Components”, Distributed Energy Program FY04 
Accomplishments Report, Oakridge National Laboratory, Oakridge, TN, 2004.) 


2. Another gas turbine application being developed is the compressed-air energy 
storage (CAES) scheme shown in Figure 8.31. 16 It can be a stand-alone plant 
integrated with a grid system or a hybrid system integrated with wind or solar 
power. During the off-peak hours when electricity is abundant or wind/solar 
power is available, the electric generator is run reversibly as an electric motor 
(or a separate motor is installed) to drive the compressor, pumping high-pressure 
air into the empty cavern. A regenerator with pebbles of alumina or silica can 
be added to store heat. During the peak load hours or when wind/solar power 
is not available, the high-pressure hot air in the cavern is released to drive the 
turbine and electric generator (or simply to replace the compressor for regular 
gas turbine engine operation). The compressor and turbine can be separated or 
they can be connected with a common shaft and be disconnected when it is 
necessary. 

Three different modes of operation are possible: 

(a) Electricity is generated with fuel supplied to combustor as a regular gas turbine. 

(b) The compressor is driven with electricity from a grid or wind/solar power to 
store energy in the air storage (common shaft is disconnected). 

(c) Electricity is generated by releasing the high-pressure air from CAES to drive 
the turbine (common shaft is disconnected). Or some extra power can be gen¬ 
erated with fuel burnt in the combustor and the compressor replaced by CAES. 

Application of the gas turbine for automotive power plants has the potential advan¬ 
tages to improve fuel efficiency and be able to use alternative fuels. But some additional 
requirements have to be satisfied: 
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Water 

line 


Air/gas line Steam line 

Figure 8.30 Gas turbine in an integrated gasification combined cycle (S.T. = steam turbine). 



Compressor train 


Expender/generator train 



Figure 8.31 Gas turbine converted into a compressed air energy storage system 
(CAES). (Reprinted by permission from Greenblatt, J. B., “Using Gas Turbines to Enhance 
the Value of Wind Power,” Combined Cycle J., IQ/2005 , PSI Media, Las Vegas, NV.) 


(a) The fuel efficiency is required over the duty cycle, which includes a significant 
portion of operation under off-design condition for both off speed and off 
power. This may require turbomachines of variable geometry design. 

(b) Low initial manufacturing and maintenance costs are required in order to com¬ 
pete with other types of engines. This means that low-cost materials have to 
be used for a relatively simple design. 
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Figure 8.32 Automotive gas turbine configurations. (Source: O’Brien, J. P. (Ed.), Gas Turbines 
for Automotive Use , Noyes Corporation, Park Ridge, NJ, 1980.) 
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(c) Acceptable acceleration, emission, and noise level are required as well as 
engine size and weight. 

Three engine configurations are currently considered, shown in Figure 8.32. All 
employ a regenerator to improve efficiencies: 

1. Single shaft with continuously variable transmission (CVT)— The compressor 
and both gasifier and power turbines are mounted on a single shaft. So a com¬ 
plicated CVT mounted on the same shaft has to be employed to change the 
driving speed. 

2. Two shaft with the power turbine uncoupled from the gasifier mechanically— 
A conventional three-speed transmission can be coupled with the power turbine. 

3. Three shaft with two power turbines. 

The second power turbine (auxiliary turbine) is mounted on a separate shaft to 
assist driving the compressor, vehicle, and accessories. A relatively simple planetary 
gear transmission is coupled with the main power turbine. 

Automotive gas turbine development has been a long-term project pursued by 
automotive manufacturers and government agencies. More detailed information can be 
found in Ref. 17. 


REFERENCES 

1. Moran, M. J., and Shapiro, H. N., Fundamentals of Engineering Thermodynamics, 3rd ed., 
John Wiley & Sons, New York, 1995. 

2. Horlock, J. H., “Losses and Efficiencies in Axial-flow Turbines”. Int. J. Mech. Sci. Vol. 2, 
pp. 48-75, 1960 

3. Zeifel, O., “The Spacing of Turbomachine Blading, Especially with Large Angular Deflec¬ 
tion,” Brown Boveri Rev., vol. 32, No. 12. Dec. 1945. 

4. Ainley, D. G., “Performance of Axial-Flow Turbines,” Proc. Instn. Mech. Engrs. Vol. 159, 
pp. 230-240, 1948. 

5. Saravanamuttoo, H., Roger, C., and Cohen, H., Gas Turbine Theory, 5th ed., Prentice-Hall, 
New York, 2001. 

6 . Garrett/Ford AGT101 Advanced Gas Turbine Program Summary, Garrett Turbine Engine 
Co., Phoenix, AZ, 1985. 

7. Bridle, E. A., and Boulter, R. A. “A Simple Theory for the Prediction of Losses in the 
Rotors of Inwards Radial Flow Turbines,” Proc. Instn. Mech. Engrs. Vol. 182, Part 3H, 
1968. 

8 . Ainley, D. G., Internal Air-Cooling for Turbine Blades—A General Design Survey, R&M 
Aeronautical Research Council, 3013, HMSO, London, 1957. 

9. Han, J. C., Dutta, S., and Ekkad, S., Gas Turbine Heat Transfer and Cooling Technology, 
Taylor & Francis, New York, 2000. 

10. Leonard, G., and Stegmaier, J., Development of an Aero-Derivative Gas Turbine Dry Low 
Emissions Combustion System, Paper No. 93-GT-288, American Society of Mechanical 
Engineers, 1993. 

11. Lipfert, F. W., Correlation of Gas Turbine Emission Data, Paper No. 72-GT-60, American 
Society of Mechanical Engineers, 1972. 





Problems 255 


12. Davis, L. B., and Washam, R. M., Development of a Dry Low NO* Combustor, Paper No. 
89-GT-255, American Society of Mechnical Engineers, 1989. 

13. Maghon, H., Berenbrink, P., Termuehlen, H., and Gartner, G., “Progress in NO* and CO 
Emission Reduction of Gas Turbines,” Paper No. 90-1PGC/GT-4 , American Society of 
Mechnical Engineers, 1990. 

14. Sattelmeyer, T., Felchlin, M. P., Hauman, J., and Tyner, D., Second Generation 
Low-Emission Combustors for ABB Gas Turbines: Burner Development and Tests at Atmo¬ 
spheric Pressure, ASME Trans. Vol. 114, pp. 118-124, 1992. 

15. “Distributed Energy Program FY04 Accomplishments Report”, Oakridge National Labora¬ 
tory, Oakridge, TN, 2004. 

16. Greenblatt, J. B., Using Gas Turbines to Enhance the Value of Wind Power, Combined 
Cycle J., IQ/2005, PSI Media, Las Vegas, NV, 2005. 

17. O’Brien, J. P. (Ed.), Gas Turbines for Automotive Use, Noyes Corporation, Park Ridge, NJ, 
1980. 


PROBLEMS 

8.1 A 50% reaction turbine with blades as shown is used for a 10-stage gas turbine. The 
exit velocity of air from the stator blades is 480 ft/s, the rotor blade speed is 455 ft/s, and the 
axial flow velocity is constant. Determine the work done by air per stage with mass flow rate 
of 81b m /s. If the total-to-total efficiency is 80%, po\ = 1600 psia, and 7oi = 1000°F at the 
first-stage stator inlet, determine the air total temperature and pressure at the outlet of the last 
stage. 

8.2 Pressures in psia are measured at various stations of an impulse gas turbine stage, all at 
the mean blade height: pot = 60 psia, /?02 = 55 psia, pi = 27 psia and pj — 24 psia. The mean 
blade speed is 850 ft/s, 7oi = 1900 R, and the flow angle at the stator exit is 70° with respect to 
the axial direction. Determine the total-to-total efficiency of the stage. 

8.3 An axial-flow turbine stage with r, — 8.0in., 77 , = 6.5in., and ot\ = 12° is designed for 
50% degree of reaction at the mean radius while rotating at N = 8500 rpm. If the free-vortex 
condition is to be satisfied across the blade radius with a constant axial-flow velocity of 550 ft/s, 
determine the rotor blade angles at mean, hub, and tip for both leading and trailing edges. Also 
determine the degree of reaction at hub and tip. 

8.4 A multistage axial-flow gas turbine is used to produce power with air supplied from a 
combustor at po = 140 psia, 7o = 2160 R, and exhausted to atmosphere of 14.7 psia. If each 
stage is designed to produce the same amount of power with a constant mean radius of 5 in., 
rotating at 12000rpm, axial-flow velocity of 600ft/s, flow angle at the stator outlet of 70°, and 
the stage efficiency of 86%, determine the total number of stages required, the blade height of the 
first stage, and the total power produced if the mass flow rate is 301b m /s. (use room temperature 
air properties). 

8.5 Air is expanded in a multistage axial-flow turbine, and the pressure drop across each stage 
is very small. If the expansion can be assumed to be reversible, but (a) the heat loss in each 
stage is a constant fraction J of the enthalpy drop in that stage or (b) the heat loss is proportional 
to the absolute temperature, derive the corresponding pressure- temperature relationship of the 
inlet and outlet. 

8.6 Plot Equation (8.2) to show the relationship between 7? a d and t] p for a gas turbine similar 
to Figure 6.9. Set rj p = 0.6, 0.7, 0.8, 0.9 and pi/p e = 1, ..., 10. 
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8.7 A single-stage 50% reaction gas turbine with a mean blade radius of 3 in. and annular 
flow area of 20 in 2 , is tested with the following data: discharge temperature T 3 = 35°F, discharge 
pressure p 3 = 14.7 psia, rotating speed N = 45,000 rpm, constant axial flow velocity through 
the rotor V a = 185 ft/s, and V U 2 = 1100 ft/s, at the rotor inlet. Determine (a) stator outlet angle, 
(b) air mass flow rate, and (c) output horsepower. 

8.8 A turbine stage is tested with air to obtain the following data: (a) mass flow rate m = 
3.51b m /s, (b) constant axial-flow velocity through the stage, V a = 480 ft/s, (c) blade speed at 
mean radius, U m = 980 ft/s, and (d) absolute flow angles at stator and rotor exits, a 2 = 65°, 
a 3 = 10°. Determine the relative flow angles at the rotor inlet and outlet, degree of reaction, 
stage temperature drop, total shaft power output, and utilization factor. 

8.9 Based on the turbine performance curves of Figure 8.9, plot the shaft power P s and 
efficiency versus the rotational speed N for the inlet pressure/temperature of 100psia/2000R and 
the exhaust pressure of 70psia. 

8.10 Repeat the calculations given in Example 8.4 for N/ = 60. 

8.11 Repeat the calculations given in Example 8.6 to locate the other running point for N = 
13,800 rpm. 

8.12 Repeat the calculations in Example 8.5 for two identical stages of a regular impulse 
turbine with the same nozzle angle, mean radius, and rotating speed (aj, r m , and N). Determine 
the energy transfer for both rotors and the static pressures at stations 1 and 3 with the same 
steam condition at the nozzle inlet. 
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Steam Turbines 


9.1 INTRODUCTION 

Most of the basic theories for gas turbines, discussed in the last chapter, are also 
applicable to steam turbines. But the steam can only be treated as an ideal gas when 
it is highly superheated. The criteria can be expressed in terms of the compressibility 
factor Z = p/pRT. The compressibility factor is a function of pr and Tr, that is, 
Z = f(pR, Tr), where the reduced pressure and temperature are defined as pr = p/p c and 
Tr = T/T c . The critical pressure p c and critical temperature T c of steam are 3207 psia 
and 1165 R, respectively. When Z is close to unity, under low pr and high Tr, the steam 
can be treated as an ideal gas with specific heat capacity ratio k — 1.30. Otherwise the 
chart (Mollier diagram), steam table, or other empirical formula has to be used. 

Another special characteristic of the steam turbine is that the fluid flowing through 
it can be a two-phase mixture of vapor and liquid droplets, especially in low-pressure 
turbines, if it expands into the saturated region. The state of the mixture is identified 
with a parameter called the moisture content y — mi/tn, (ratio of liquid mass over 
total mixture mass per unit volume). The effects of liquid droplets on steam turbine 
performance are twofold. First, the liquid droplets move slower than the vapor and may 
impinge on the blade surface, causing additional friction loss and damaging the blades 
in the long run. Second, due to the fast expansion (pressure/temperature reduction) 
through the turbine, some vapor condensation can be delayed, even when the mixture 
drops into the saturated condition. This phenomenon is called a nonequilibrium process 
or supersaturation. Less energy in the vapor is released to do work than under the 
equilibrium process. 
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In central eletricity-generating power plants, steam turbines are predominantly 
employed. This is so because steam can be conveniently generated with different types 
of fuel. Since the water is separated from the combustion gas in the steam generator/ 
boiler, the fuel can be fossil, nuclear, solid waste, geothermal, or others. The pollutants 
from combustion can be treated separately. 

In process plants where steam is needed, the steam can be produced economi¬ 
cally at pressures and temperatures higher than needed. Sometimes steam of different 
pressure/temperature levels is needed. In these cases, steam turbines can be used to 
reduce the pressure and produce mechanical power simultaneously, instead of using 
other pressure-reducing devices. In addition to these advantages, steam turbines are 
more flexible for power and speed variations compared to the electrical motors, espe¬ 
cially for medium- and high-power applications. Also steam turbines are spark proof 
in hazardous environments, have higher starting torque, and are inherently self-limiting 
against overloading. 

The disadvantage of the steam turbine compared to the gas turbine at high power 
and the electric motor at low power is its bulky size. Since it is generally a closed-loop 
machine, a condenser and its accessories are required. Also the steam generator/boiler 
is heavier than the combustion chamber in a gas turbine. The pressure of superheated 
steam is higher than that of the air at comparable temperatures and densities, as indicated 
from the ideal gas equation p — p(R a fMW)T, where MW is the molecular weight. 

Cogeneration and combined-cycle plants have become more popular in recent years 
due to their higher overall plant efficiency. Some of them have been discussed in the 
sections related to gas turbines. A detailed schematic is shown in Figure 9.1. In this 
plant, natural gas or other fuel is burnt in the gas turbine. The residual heat in its 
exhaust gas is used to produce steam in a heat recovery steam generator (HRSG), also 
called a waste heat boiler (WHB). The steam is used to power a steam turbine. Both 
turbines drive generator sets or other machinery. Some steam is extracted for space 
heating, industrial processes, or gas turbine blade cooling. Some sample calculations 
are given in later sections and Appendix A. 


9.2 VELOCITY-COMPOUNDED STAGE 

As mentioned in Section 8.6, for the same size and rotating speed, an impulse turbine 
stage converts more energy per stage than a reaction turbine stage. Hence in multi¬ 
stage turbines, the impulse stages are placed upstream to reduce the pressure faster. 
Hence the number of stages required can be reduced. This is especially advantageous 
for the steam turbine because the steam boiler pressure is much higher. To facilitate 
the pressure drop even further, a velocity-compounded arrangement is sometimes used 
for the first stage of a multistage steam turbine. It can be either a Curtis stage or a 
reentry stage, as shown in Figure 9.2. 1 More pressure drop occurs in the nozzle (nor¬ 
mally a convergent-divergent nozzle), and hence higher velocity is obtained at the 
rotor inlet. 

In a Curtis stage, two rows of impulse rotors are used with a stator in between to 
change the flow direction. The velocity and h-s diagrams across both rotors are shown 
in Figure 9.3. 
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Stack gas 



Nozzle Nozzle 



(a) Curtis stage (b) Reentry stage 

Figure 9.2 Curtis (velocity-compounded) stages for steam turbine. (Reprinted by permission 
from Gartman, H. (Ed.), De Laval Engineering Handbook, 3rd ed., McGraw-Hill, Inc., New 
York, 1970.) 


The required conversion of enthalpy to kinetic energy takes place in the nozzle 
and the static enthalpies downstream of station 1 are constant, as shown. For the ideal 
case of flow without friction losses, the static pressure will also be constant. This can 
be shown in the h-s diagram when all points 1, 2, 3, 4 and s2, s3, s4 collapse into 
one single point s 1. 











260 Steam Turbines 



w 2 = w h v 3 =v 2 , w 4 =iv 3 ,v 4 =v a 



Figure 9.3 Curtis stage velocity and h-s diagrams. 


The energy transfer of both rotors can be written as 
AEj = U (V) sinai + V 2 sina 2 ) = U(V\ sinai + W 2 sin fi 2 — U ) 

= U[V 1 sinai + (V[ sinai — U) — U] = 2U (Vi sinaj — U), 

A E 2 = U(V 3 sina 3 ) = 2U(W 3 sin fo) = 2 U(V 3 sina 3 - U) = 2U(V 2 sina 2 - U) 
= 2U(W 2 sin P2-2U) = 2U(Vi sinai -317). 

Hence 


A E c = A£, + A£ 2 = 4J7(Vi sinaj - 2 U). 

Expressed in terms of the utilization factor, we have 

sin “' _2 (t) . ’ 

where V; 2 /2 = A E c + V^/2 is the total available energy. To find the condition of 
maximum s, we set deld{UIV\) = 0, that is, 

8 sinaj — 32 = 0 or 


U \ sinaj 


(9.1) 


s - 


A E c 


A Er 


A E c + Vr/2 Vi 12 


= 8 
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The corresponding maximum e and A E c are obtained as 

1 , 

£ max = 2 sin ai(sinai — - sinaj) = sin a\, 
AE c , max =4U(2U) = SU 2 . 


(9.2) 

(9.3) 


For the regular impulse and reaction turbines, the maximum energy transfers per 
stage are AF 1 , max = 2U 2 and AE rmix = U 2 . Hence the advantage of a Curtis stage is 
obvious. 


Example 9.1 

Referring to Figure 9.3, determine the flow velocities and energy transfer for each rotor 
of a Curtis stage under the condition of maximum utilization factor. The following data 
are given: a i = 70° with respect to the axial direction, r m = 8 in., and N = 7500rpm. 
Neglect all friction losses. What is the exit pressure if the steam is supplied to the 
nozzle at 3000 psia and 950°F? 


SOLUTION The peripheral velocity is calculated as 


r m Nn 

30 


8 x 75 007T 
12 x 30 


523.6ft/s. 


From Equation (9.1), we have UIV\ — sinaq/4 = 0.2349, and hence V\ = 523.6/ 
0.2349 = 2228.8 ft/s. From the velocity diagram, at station 1, we have V\ sinaq-Wi 
sin /I i = U, and Ficosai = W] cos^i or Wising = 2228.8sin70° — 523.6 = 
1570.8ft/s and VFicos/Si = 2228.8cos70° = 762.3ft/s. Hence tan/3] = 2.06, [i\ = 
64.1°, and Wi = 1746 ft/s. At station 2, we have W 2 sin >62 — V 2 sin 0:2 = U and V 2 cos 0:2 
= W 2 COS/I 2 , with W 2 — W\ — 1746ft/s and /3 2 = = 64.1°, or V 2 sin 0:2 = 1746 sin 

64.1° — 523.6 = 1047ft/s, V 2 COsaf 2 = 1246 cos 64.1° = 762.6ft/s. Hence tana 2 = 
1.373, 0:2 = 53.9°, and V 2 = 1295.2ft/s. At station 3, we have F 3 sin 0:3 — W 3 sin ^3 = 
U with V 3 = V 2 = 1295.2ft/s and 0:3 = 0:2 = 53.9° or Wj sin ^3 = Visina 3 — U 
= U — 523.6ft/s and VF 3 Cosy 03 = ^ 30050:3 = 1295.2 cos 53.9° = 763.1 ft/s. Hence 
tan £3 = 0.685, £3 = 34.4°, W 3 = 925.1 ft/s; also W 4 = W 3 = 925.1 ft/s, £4 = £3 = 
34.4°, and V 4 = V a Vi co s j3 4 = 763.3 ft/s, a 4 = 0°. 

From these velocities, the energy transfer of the rotors can be calculated as 


A E x = U(Vi sinc^ + V 2 sina 2 ) = 523.6(2228.8 sin 70° + 1295.2 sin 53.9°) 


= 523.6(2094.4 + 1046.5) = 1.643 x 10 6 (ft/s ) 2 = 1,643 X - — = 65.6 Btu/lb. 

32.2 x 778 

A E 2 = C/(V 3 sina 3 ) = 523.6(1295.2 sin 53.9°) = 0.547 x 10 6 (ft/s ) 2 
0.546 x 10 6 


32.2 x 778 


21.8 Btu/lb. 


Hence the total energy transfer is A E c = 65.6 + 21.8 = 87.4 Btu/lb. To compare with 
that calculated with Equation (9.3), we have 

2 19 x 10 6 

A E c = SU 2 = 8 x (523.6) 2 = 2.19 x 10 6 (ft/s ) 2 = —- = 87.5 Btu/lb. 

32.2 x 778 
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The difference is due to round-off error. The static enthalpies and pressures at stations 1, 
2, 3, and 4 are the same for the ideal case and can be calculated from h\ — h 0 i — V, 2 /2, 
where h 0 \ = h Q j — 1405 Btu/lb from the Mollier diagram for p a j = 3000 psia, T ol — 
950°F, and F 2 /2 = 2228.8 2 /(2 x 32.2 x 778) = 99 Btu/lb. Hence we have h\ = 1306 
Btu/lb and p\ = 1400 psia. 


9.3 CLASSIFICATION OF STEAM TURBINES 

Steam turbines can be classified according to several different schemes: 

(a) Based on steam flow direction, a steam turbine can be an axial-flow, radial-inflow, 

radial-outflow (also called Ljungstrom turbine), or tangential-flow machine. 

1. The construction of an axial-flow steam turbine is similar to that of gas 
turbine. The flow through the stator and rotor is substantially in the axial direc¬ 
tion. This type of design is predominantly adapted in medium- and high-power 
units. Any reasonable number of stages can be used for the expansion of 
high-pressure/temperature steam in a compact arrangement. 

2. The radial-inflow turbine, as discussed in Chapter 8 for the gas turbine, is pri¬ 
marily designed for the lower power units. As indicated in the Euler equation 
for turbines, radial inflow is a logical arrangement to maximize the energy 
transfer for radial-flow turbines. 

3. The radial-outflow turbine, also call Ljungstrom turbine, is shown in 
Figure 9.4. The steam enters the blades near the axis radially. Two rotors, 
with blades arranged alternatively, rotate in opposite directions. There is no 
stator between the rotor blades. The velocity diagrams shown are for the first 
two inner rings of blades. It is noted that the peripheral velocity U changes 
direction and the absolute velocity V 3 = V 2 . This type of turbine has high effi¬ 
ciency but is complicated and expensive to construct. Hence its development 
has not been widely received in the United States. 



Figure 9.4 Radial-outflow steam turbine (Ljungstrom turbine). 
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4. The tangential-flow turbine, as shown in Figure 9.5, is similar to the Pelton 
wheel of the hydraulic turbine, to be discussed in Chapter 10. The steam 
exiting nozzles that are arranged almost tangent to the periphery of the rotor 
impinges on a semicircular rotor blade (or bucket). It then discharges to a 
reversing chamber and reenters the rotor blades. 

(b) Based on the rotor blade type, axial-flow steam turbines can be classified as 
(1) impulse, (2) reaction (also called Parsons turbine), or (3) combined impulse 
and reaction in the multistage turbine. Most of the principles for the gas turbine 
discussed in Chapter 8 are also applicable to the steam turbine. 

(c) Based on the number of stages that the steam pressure drop is divided into from 
inlet to exhaust, steam turbines can be classified as single-stage or multistage 
machines. In a single-stage turbine, one row of nozzles is used to convert all 
pressure drop into kinetic energy. Then one or two rows of bladed rotors are 
used to convert the flow kinetic energy into mechanical energy. In a multistage 
turbine, the pressure drop is divided into two or more stages. In each stage, one 
row of nozzle is followed with sets of rotor. Schematic diagrams of these two 
types of steam turbines are shown in Figure 9.6. 

In a single-stage turbine or the first few stages of a multistage machine, typically, 
impulse-type blades are employed, since they can convert more energy than the 
reaction type for the same diameter and rotating speed, as discussed earlier. Or 
a Curtis stage with a few rows of rotors can be used. 

(d) Based on the exhausting condition, steam turbines can be classified as (1) con¬ 
densing and (2) noncondensing, or topping. In the noncondensing turbine, the 
exhausting steam is used for processing or heating, and hence it is an open-cycle 
machine. The topping turbine exhausts steam to another steam turbine. 

(e) Based on the arrangement of the first-stage nozzles, steam turbines can be classi¬ 
fied as (1) full admission and (2) partial admission. Turbines with full admission 
have nozzles arranged around the complete circle upstream of the first-stage 
rotor. 
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Figure 9.6 Typical axial-flow multistage steam turbine installation. (Reprinted by permission 
from Gartman, H. (Ed.), De Laval Engineering Handbook, 3rd ed., McGraw-Hill, Inc., New 
York, 1970.) 


(f) Steam turbines can also be classified according to (1) orientation of their shaft, 
either horizontal or vertical, and (2) connection with the load, either direct con¬ 
nected or geared. The choice will depend on the application, installation, and 
space available. 

(g) For high-power systems, more than one casing or one shaft may be needed. Based 
on the arrangement of casing and shaft, steam turbines can be classified as (1) 
tandem-compound unit or (2) cross-compound unit. The tandem-compound unit 
has all turbines driving the same shaft, while the cross-compound unit has the 
turbines driving the separate shafts, as shown in Figure 9.7. 



Figure 9.7 Arrangement of steam turbine casing and shaft. 
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In the large plants, steam turbines may be divided into three sections according to 
their pressure ranges: 

1. high-pressure (HP) turbine with pressure ranging from 400 to 4500 psia, 

2. intermediate-pressure (IP) turbine with pressure ranging from 300 to 1300 
psia, and 

3. low-pressure (LP) turbine with pressure below 300 psia. 

9.4 STEAM TURBINE PARAMETERS AND PERFORMANCE 

Similar to other types of turbomachines, the overall efficiency of a steam turbine can be 
attributed to several mechanisms of energy losses in converting input power to output 
power. The overall efficiency (also called engine efficiency or brake engine efficiency) 
is defined as ? 7 0 / a = P s /(m,AH s ), where P s is the output shaft power, m, is the steam 
mass flow rate, and A H s is the ideal total enthalpy drop per unit mass of steam from 
inlet to exhaust condition. 

The energy losses can be divided into 

1. losses due to the friction and secondary flow through the flow passages, AH/, 

2. losses due to the flow leakage over the rotors, ny; and 

3. losses due to the friction of rotor disk, bearings, seals, and transmission gear 
and the power to drive the accessory devices if there is any, AP m . 

The efficiencies associated with these losses are defined as adiabatic efficiency 
T) a , volumetric efficiency rj v , and mechanical efficiency rj m . The overall efficiency can 
therefore be related as rj 0 / a = rjaVvVm- Sometimes, the internal efficiency, defined as 
Vi = VaVv 7 is used. Detailed discussion on this topic was given in Section 4.2 for 
centrifugal pumps. 

Sometimes, a parameter called steam rate SR is used instead of efficiency. It is 
defined as the steam mass flow rate required to produce one unit of shaft power, 
expressed in units of lb m /hp-h or kg/kW-h. It is inversely proportional to the over¬ 
all efficiency for a given set of steam inlet/outlet conditions, since SR = m t /P s = 
1/(A Hsrio/a) from the definition. This is true only for the basic turbine without extrac¬ 
tion and reheating. Or the ‘heat rate’ HR can be defined as the heat supply required to 
produce a unit of work in terms of Btu/hp-h or Btu/kW-h. It is a more useful measure 
of performance, as it indicates the cost of fuel for each unit of work output. 

The average efficiencies of typical steam turbines are correlated with a parameter 
called quality factor QF. The situation is similar to the specific speeds used in other 
turbomachines, discussed earlier. The quality factor is defined as QF = ^U 2 /AH S , 
where U is the rotor tip velocity of the stages. It can be related to the other parameters 
as follows. 

Across each stage, we have A h s ~ V 2 2 /(2 g c ) = U 2 /(2g c X 2 ), or U 2 /Ah s ~ 2 g c k 2 , 
where V 2 is the absolute flow velocity at the nozzle outlet and X = UIV 2 = sin 0 : 2/2 
for impulse blading or X = sin 0:2 for reaction blading. Assuming identical stages, the 
above expression can be summed over all stages in the form ^U 2 — 2g c X 2 J2Ah s = 
2 g c k 2 R H AH s , where Rh is the reheat factor for steam mentioned in Section 8.2. Hence 
the quality factor can be related as QF = ^U 2 IAH S = 2g c k 2 R H . 
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A typical chart relating the average engine efficiency and quality factor for 
multistage steam turbines is given in Figure 9.8. Here the conversion factor is 
g c = 778 x 32.2 = 25,052 ft-lb f -lb m /(Btu-slug). 

Example 9.2 

A 10-stage steam turbine running at 3600 rpm is proposed for the steam available at 
300 psia and 1000°F and to be discharged to a condenser at 10 psia. Estimate the 
efficiency and size of the proposed turbine. 

SOLUTION To use Figure 9.8, with QF = ^]Z7 2 /A H s — 2g c X 2 Rn, the value of Rh 
can be estimated with Equation (8.4). Using k = 1.3 for steam and assuming r) p ~ 
0.90, we have r] ad = [1 — — (p e /pi)^ k ~ l ^ k ] = 0.931, and hence Rh 

= rjad/rip = 0.931/0.90 = 1.035. 

For impulse stages, the optimal efficiencies occur at X = U/V 2 = sin a 2 /2 ~ 0.47 
with a 2 70°. So QF can be calculated as QF ^ 2 x 25,052 x 0.47 2 x 1.035 = 11,455. 
From Figure 9.8, the efficiency can be estimated to be ri 83%. 

From the Mollier diagram in Figure A.l, we have hi = 1525 Btu/lb m , h se = 1150 
Btu/lb m , with S( = s es = 1.8 Btu/lb m -R, and hence A H s = 1525 - 1150 = 375 Btu/lb m . 
So we have J]f/ 2 = 11,455 x 375 = 4,295,625 (ft/s) 2 . With 10 identical stages, we 
have U 2 = 429,562 or U = 655 ft/s, and the turbine diameter D = 2U/co = 2 x 655/ 
(3600 tt/ 30) = 3.47 ft. 



3,000 4,000 5,000 6,000 7,000 8,000 10,000 12,500 15,000 17,500 20,000 

Quality factor, QF 

Figure 9.8 Typical correlation of average efficiency with quality factor for multistage steam 
turbines. (Reprinted by permission from Gartman, H. (Ed.), De Laval Engineering Handbook, 
3rd ed., McGraw-Hill, Inc., New York, 1970.) 
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9.4.1 Part-Load Operation 

Most turbines are designed at the high-power condition (but not the maximum power) 
and are required to operate at a constant speed for some variation of output power. For 
gas turbines, the output power can be changed by injecting different amounts of fuel, 
hence changing the air-fuel ratio and turbine inlet temperature. For steam turbines, the 
boiler condition and hence the steam pressure/temperature at turbine inlet are usually 
kept constant. The variation of output power must be effected by either (1) reducing 
the steam pressure with throttling or (2) partial admission, that is, admitting steam into 
only some of the nozzles, upstream of the first stage of the turbine. If the turbines 
have to be operated with overload for a short period of time, the steam can bypass the 
first or second stage with full pressure. This will cause the mass flow rate, and hence 
output power increase, since the flow passage area normally increases from upstream 
to downstream in order to accommodate the increasing specific volume of steam. Of 
course, all of these operations under off-design conditions will result in a slight decrease 
in plant efficiency. 

Throttling is a process that causes pressure reduction with flow friction, while 
enthalpy is constant and entropy increases, so the available energy in steam drops. It 
is simple but inefficient, so it is primarily used in small turbines, where cost is more 
important than efficiency. 

Partial admission is more complicated but causes less drop in efficiency. Steam 
supply following the main valve is split into two or more streams, each with its own 
control valve. Under part-load operation, the steam is admitted to only some nozzles, 
with the design pressure maintained. No extra energy loss is incurred, except that due to 
the windage and turbulence in the rotors as they pass “idle nozzles.” Partial admission 
is commonly used in large turbines. 

In both methods, however, the parameter that changes significantly with output 
power is steam mass flow rate. The efficiency and enthalpy changes are relatively 
minor. Hence under the off-design operation, shaft power and steam flow rate are 
related almost linearly. This relationship, shown in Figure 9.9, is called the Willans 
line. With this simple relationship, the complete off-design performance of a steam 
turbine can be obtained with tests at two conditions. Then a straight line is plotted 
through them. The intercept on the abscissa, (point 1) indicates the no-load loss, P\ 
while that on the ordinate (point 2) represents the flow required for no load, m D . The 
steam rate SR = m,/P s is also plotted. They can be expressed mathematically as 


/ P s \ 

_ m, i 

( 1 

1 \ 

m, = m 0 11 + —), 

SR = — = m 0 \ 

— + — 

P s ' 

\Ps 

Plj 



l 


Figure 9.9 Willans line. 
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The heat rate, (HR = m,Qh/P s ) curve is similar to the steam rate curve, since the inlet 
steam condition is kept constant and the heat required to produce one unit mass of steam 
Qh is constant. The thermal efficiency is reciprocal to the heat rate with a conversion 
factor since we have rj,f t = P s /(m,Qh). These two curves are shown in Figure 9.10 
qualitatively. 

Typical performance curves of axial-flow multistage steam turbines of both con¬ 
densing and noncondensing types are shown in Figure 9.11. The effects of steam inlet 
pressure and degrees of superheat and vacuum at the condenser on turbine performance 
are also shown. 

With a fixed exhaust pressure, the steam mass flow rate is approximately propor¬ 
tional to the turbine inlet pressure. For choked flow, as is likely in an impulse turbine 



Figure 9.10 Qualitative heat rate and thermal efficiency 
versus shaft power for part load operation (with constant 
rotating speed and steam inlet condition). 
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Figure 9.11 Typical axial-flow multistage steam turbine performance curves. (Reprinted by 
permission from Gartman, H. (Ed.), De Laval Engineering Handbook, 3 rd ed., McGraw-Hill, 
Inc., New York, 1970.) 
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stage, the mass flow rate can be calculated as 


m, = p\V\A\ = p\M\A\ ~ y/KRT\ ~ 

if the superheated steam can be treated as an ideal gas. 

For nonchoking flow, the manipulation given below also shows that linear rela¬ 
tionship. Across each stage, we have Ah ~ (V 2 — V 2 2 ) ~ V 2 (l — Ci), where C\ is a 
constant, or V, 2 ~ Ah ~ Ap/p. And from m, = pVA or across each stage, 


we have 


m 2 = (pVA) 2 = 


(PiVt ) 2 

(lMi ) 2 


(P 2 V 2) 2 

(1/A 2 )2 


(PnK ) 2 

d/A„) 2 ’ 


2 E(a-v ;-) 2 E(a a p<) 

m ' Ed/A ,) 2 _ Ed/A,-) 2 ’ 

Also from A(pp) = p Ap + p Ap and p = Cp*, or p Ap = kp Ap, we have A(pp) 
= p Ap + p Ap//: = [(k + 1 )/k]p Ap. Or substituting it back, we have 

[W + 1)]E[A(P,P,)] 

m ' Ed/A ,-) 2 

_ [k/(k + l)][(PiPi - P 2 P 2 ) + (P 2 P 2 - P3P3> H- PnPn ] 

Ed/A ,) 2 

^ [/c/d + i)](pipi) 

Ed/A ,-) 2 ’ 

or m , 2 ~ pipi = p 2 /(RTi). So we have m f ~ pj. 

Example 9.3 

A 12-stage steam turbine with impulse blades and dimensions as given is rotating at 
3600rpm. If the inlet steam condition is 1000 psia and 1100°F, determine the exhaust 
steam condition and total shaft power under design condition with a steam flow rate 
of 71b m /s (assuming the efficiencies as rj a j = 0.85, rj v = 0.92 and p m = 0.90; neglect 
all flow deviations). 


J 


r m~ 1-5 ft 


2 

3 



£, = £,= 55 ° 


SOLUTION The tangential velocity at the rotor mean radius is U m = r m N n B0 = 
1.5 x 36007r/30 = 565.5 ft/s. From the velocity diagram in Figure 8.11 for the impulse 
stage, we have 
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Ah _ A£ _ U m Vu2-U m Vu3 = UmVu2 _ 2Uj _ 2 x 565.5 2 
° ' gc gc gc 32.2 

= 19, 863 lb f -ft/lb m = 25.5 Btu/lb m . 

From the Mollier diagram in Appendix A, we have h OI - = 1565 Btu/lb m . For the stages 
with constant mean radii, we have h 0 j — h oe — n s A h 0 or h oe = h oi — n s A h 0 — 1565 — 
12 x 25.5 = 1259 Btu/lb m . Also, from r) ac t — ( h oi - h oe )/(h oi — h soe ), we have h soe = 
h 0 i — ( h 0 i ~ h oe )hj a d = 1565 — 306/0.85 = 1205 Btu/lb m . From s soe — s Q j = 1.69 Btu/ 
(lb m — R), we have p oe = 50 psia and T oe — 450°F. Also from the given efficiencies, 
we have P s = rj v r] m mn s A h 0 — 0.92 x 0.90 x 7 x 12 x 19,863/550 = 2512 hp. 


Example 9.4 

In the last example, if the steam mass flow rate is estimated to be 0.5 lb m /s for the 
no-load condition, determine the steam rate and heat rate for the full-load and 50% 
load conditions (if it requires Qh = 1750 Btu of heating to generate 1 lb m of steam). 

SOLUTION Based on Willan’s law, we have the steam mass flow rate m, — 0.5 + 
CP S , where C = (7 — 0.5)/2512 = 2.6 x 10~ 3 lb m /(hp-s). So we have SR = m,IP s = 
0.5 IP S + 2.6 x 10 -3 and HR = Qh x SR. or at full load, 

SRi - + 2.6 x 10- 3 = 2.8 x 10" 3 lb m /(hp-s) 

= 10.1 lb m /(hp-h), 

HRi = 1750 x 10.1 = 17, 675 Btu/(hp-h); 
at 50% load 

0.5 , - 

SR 2 = -- + 2.6 x 10~ 3 = 3.0 x 10“ 3 lb m /(hp-s) 

1256 

= 10.8 lb m /(hp-h), 

HR 2 = 1750 x 10.8 = 18, 900 Btu/(hp-h). 


9.5 COGENERATION AND COMBINED-CYCLE PLANTS 

Cogeneration is a system by which fuel energy is used to generate shaft power and 
steam thermal energy simultaneously. So the overall efficiency of the plant can be 
improved. 

It can be either a topping-cycle or a bottom-cycle system. In the topping cycle, 
fuel is burnt to produce high-pressure/temperature gas or steam to drive a gas/steam or 
combined-cycle turbine. Then the exhaust gas from the gas turbine is used to produce 
steam through a HRSG (also called waste heat recovery boiler in the literature). Or the 
steam is extracted from the intermediate stages of the steam turbine or from its final 
exhaust. 

In the bottom-cycle system, the fuel is burnt to produce the steam for industrial 
plant processes. Then the waste heat from the exhaust steam is used to drive a steam 
turbine for shaft power production. They are shown schematically in Figure 9.12. 
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Fuel Boiler 



Process/ 

heating 


Fuel 



(a) Topping cycle 


( b ) Combined cycle 


Fuel 



Process/heating 


(c) Bottom cycle 

Figure 9.12 Cogeneration systems. 


The high-temperature exhaust gas from a shaft power gas turbine can be used to 
generate steam to drive a steam turbine. This is a combined-cycle power plant. It can 
generally be designed so that the appropriate equipment can be selected from existing 
models (including gas turbine, steam turbine, and HRSG). Additional fuel can be burnt 
in HRSG to make up the discrepancy between the gas turbine exhaust condition and 
the design inlet condition for the steam turbine. 

The definition of thermal efficiency (also called utilization factor in the literature) 
for a cogeneration system is not straightforward, since the mechanical energy of the 
shaft is worth more than the steam heating energy from a thermodynamics point of 
view. Hence two definitions are devised, namely, 

Ps + Qth + A(h 

7th = ——- or r\ th = — - , 

C^in ''fuel 

where P s is mechanical shaft power, Q m is heating rate of fuel, A,h is availability of 
generated steam, Q th is heating rate of steam produced, A s is equivalent availability of 
shaft power (~ P s ), and Af ue] is availability of the fuel required. 
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Detailed discussions of the concept of availability and thermodynamic cycles of 
cogeneration or combined-cycle plants can be found in typical thermodynamics texts, 
such as Ref. 2. 


Example 9.5 

If the exhaust steam from the steam turbine in Example 9.4 is used for process¬ 
ing/heating, what is the thermal efficiency of the cogeneration system under full load 
Compare it with the simple shaft power system. 


SOLUTION To calculate thermal efficiency, the units have to be consistent. With 1 
hp = 0.707 Btu/s = 2545 Btu/h, we have 


9 th = 


P s + Qe 
Qin 


2512 x 0.707+ 1259 x 7 
7 x 1750 


0.864. 


For the simple shaft power system, we have rj,h = 2512 x 0.707/(7 x 1750) = 0.145, 
or from the heat rate, r) th = 2545/HR = 2545/17,675 = 0.144, 


Example 9.6 

The combined-cycle plant shown has the following parameters given: 

(a) Ambient atmospheric condition, p$ = 14.7 psia, T 5 = 80°F 

(b) Compression ratio, pdps = 15 

(c) Gas turbine inlet temperatures 7V = 2100°F, exhaust temperature Tg — 450°F 

(d) Adiabatic efficiencies for compressor and gas turbine: r} c = 82%, 77 gt = 90% 

(e) Steam maximum pressure and temperature: p 3 = 1000 psia, +3 = 900°F 

(f) Condenser pressure p\ = P 4 = 1.5 psia 

(g) Adiabatic efficiencies for pump and steam turbine: rj p = 80%, r? st = 85% 

Determine (1) the ratio of the mass flow rates for steam and combustion gas 
and ( 2 ) the thermal efficiencies of the gas turbine cycle, steam turbine cycle, and 
combined-cycle plant (neglect all friction and heat losses in the connecting pipes). 
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SOLUTION The enthalpies at various points have to be determined first. For the 
steam turbine cycle, from the Mollier diagram or steam tables, we have 

h\ = hf\ — 83.6 Btu/lb m , 

, , v Ap 0.0185(1000- 1.5) x 144 

hi « In +-- = 83.6 +- J -= 83.6 + 4.27 = 87.9 Btu/lb m , 

rj p 778 x 0.80 

hi = 1447 Btu/lb m , 

5,4 = 53 = 161 Btu/(lb m -R), h s 4 = 925 Btu/lb m . 

Hence from r] sl = (h 3 — h 4 )/(hs — h s4 ), we have 

h 4 = h 3 - (hi - /i s 4 )t?st = 1447 - (1447 - 925) x 0.85 = 1003 Btu/lb m . 

The thermal efficiency of the steam turbine cycle is then obtained as 
- Wsi ~ W P _ (^3 ~ h 4 ) - (h 2 ~ ^l) 

??th ’' 5 ” Qi “ A 3 -A 2 

(1447 - 1003)-(87.9- 83.6) 439.7 _ _ 


1447 - 87.9 


1359.1 


= 0.323 = 32.3%. 


For the gas turbine cycle, an ideal gas with constant C p is assumed for the working 
gas. With C p — 0.24 Btu/(lb m -R), and k = 1.4, we have 

^ „ , T 5 [(p 6 /p 5 )«-'V k - 1] ^ , 540(15 0 ' 2857 - 1) 

h = h H-= 540 H-——- 

ilc 0.82 

= 540 + 769 = 1309 R = 849°F, 


?l gt = 2560 - 2560(1 - 0.461) x 0.85 = 1388 R = 928°F 




(which should be greater than F 3 ). The thermal efficiency of the gas turbine cycle is 
obtained as 

W & - W c C p (T 7 - 7g) - C P (T 6 - T s ) 

’ 8 2in,g CpiTj - T 6 ) 

= g+> - 1388)-Q309-540) = = 

2560- 1309 

From the energy balance equation across the HRSG, we have m g Cp(T% — T 9 ) = m s 
(hs ~ h 2 ), or 

= C p (Ts - T 9 ) = 0,24(928 - 450) = 114.7 = Qg4 

m g hs-h 2 ~ 1447 - 87.9 “ 1359 ~ 

Hence the thermal efficiency of the combined cycle is obtained as 

_ (Wg t - W c ) + (m s /m g )(Ws t - W p ) 

Vth ' C ~ C p (T 7 - T 6 ) 

0.24(1172 -769) +0.084 x 439.7 96.7 + 36.9 

— - = - = 0.445 = 44.5%. 

0.24 x 1251 300.2 


0.084. 


= 0.445 = 44.5%. 
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PROBLEMS 


9.1 A 50% reaction turbine with blades as shown is used for a 10-stage steam turbine. The exit 
velocity of steam from the stator blades is 480 ft/s, the blade speed is 455 ft/s, and the axial flow 
velocity is constant. Determine the work done by steam per stage with mass flow rate of 8 lb m /s. 
If the total-to-total efficiency is 80%, p 0 \ = 1600 psia, and T c \ = 1000°F at the first-stage stator 
inlet, determine the steam total temperature and pressure at the outlet of the last stage. 


1 

J) Stator 
« 2 < 

Rotor 

3 a 2 = /j 3 = 70° 

9.2 A multistage high-pressure steam turbine is supplied with steam at a stagnation pressure 
of 7 MPa absolute and a stagnation temperature of 500° C. The corresponding specific enthalpy 
is 3410kJ/kg. The steam exhausts from the turbine at a stagnation pressure of 0.7 MPa absolute. 
The superheated steam is assumed to behave like an ideal gas with k = 1.3. If the small stage 
efficiency is 82%, determine (a) the temperature and density of the steam at the exit of the 
turbine and (b) the reheat factor. The ideal gas equation for this steam is represented by pip — 
0.23 (h — 1943), where p is in kPa, p is in kg/m 3 , and h is in kJ/kg. 

9.3 A cogenerating steam power plant operates with a boiler steam at 100 psia, 900°F, with a 
steam rate of 50 lb m /s. The condenser operates at 4 psia. The steam is extracted from the turbine 
at 60 psia with 20 lb m /s for process heating and returned to the feedwater as saturated liquid at 
12 psia. If the turbine efficiency is 85%, determine the total shaft power and the process heat 
rate available. If the efficiencies of both condensate and boiler feed pumps are 78%, determine 
the total plant efficiency. 

9.4 Convert the performance curve in Figure 9.11 to a Willian line (steam rate versus shaft 
power) for the condensing multistage turbine. Select the line for inlet pressure of 400 psi, 100°F 
superheat, and discharge condition of 28 in. Hg vacuum. 

9.5 A steam turbine is needed to produce 3000 hp. Use the data in Figure 9.11 to calculate 
the steam rates for the boiler condition of 600psi (consider both condensing and noncondensing 
types with 100°F superheat and 200°F superheat). 






Hydraulic Turbines 


10.1 INTRODUCTION TO HYDROPOWER 

Hydraulic turbines are used to convert hydropower stored in water at high elevation 
or in flowing rivers into mechanical power to drive an electrical generator or other 
machinery. Hydropower is a type of renewable energy derived from solar energy. 
Water is evaporated by solar radiation, then rises to the sky as cloud, is transported by 
wind, condenses as rain, and falls onto elevated ground, as shown in Figure 10.1. 

According to the U.S. National Hydropower Association (www.hydro.org), hydro- 
power accounts for approximately 7% of U.S. electricity in terms of actual gener¬ 
ation (2.75 x 10 8 MW-h). It represents about 9% in terms of generating capacity 
(7.9 x 10 4 MW). Hydropower accounts for 83% of U.S. renewable energy capacity 
and approximately 77% of actual renewable electricity generation. According to the 
Department of Energy, approximately 2.1 x 10 4 MW of new hydropower capacity 
could be developed without building new dams or impoundments. This is enough 
power for 6.9 million homes. 

In recent years, pumped storage plants have become a popular way to store energy. 
The turbine is run reversibly (or a separate pump is used) to pump water from a low 
reservoir to a high reservoir during off-peak hours. During peak hours, it is run by 
allowing the water to flow back to the low reservoir to supplement the extra demand. 
A typical plant is shown in Figure 10.2<a. The hydroelectric plant can be started and 
brought up to full capacity quickly. It can also be designed to be started without the 
use of an external power source. Advantages of pumped storage hydropower with a 
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Sun 


Could blown to higher 
elevation 




Cloud condenses to rain and 
drops to higher ground, then 
flows through river back to 
ocean 



Figure 10.1 Conversion of solar energy to hydropower. 


thermal base-load plant include (a) improved total system reliability, (b) more efficient 
use of available base-load units, and (c) ability for rapid change in load. 

In a large pumping system, energy can be saved with a small hydraulic turbine 
served as a power recovery device. As shown in Figure 10.2b, in a lower discharge 
pressure line, a power recovery turbine can be used instead of a pressure-reducing 
valve. Or a turbine can be installed in the recirculated line to keep the main pump 
operating around the best efficiency point for the lower flow requirement condition. 

Increasing energy cost in recent years, has sparked interest in using pumps as 
hydraulic turbines in small hydropower projects. A typical multistage vertical pump 
operated as a hydraulic turbine is reported in Ref. 1. It was shown that pumps of the 
similar specific speed and similar performance characteristics at pump mode may have 
completely different turbine characteristics. 


10.2 TYPES OF HYDRAULIC TURBINES 

The types of hydraulic turbines can be classified into three groups: (a) Pelton turbines 
(impulse type) for low flow, high head, (b) Francis and pump turbines (mixed-flow type) 
for medium flow and medium head, and (c) Kaplan and bulb turbines (axial-flow type) 
for high flow and low head. They can be either horizontal or vertical axis. Examples 
are shown in Figure 10.3. 

Two pelton turbine installations are shown in Figure 10.4 2 . There can be one or 
more nozzles operating simultaneously on the turbine runner. It is also possible to 
have some backward-pointing nozzles for braking. The load is changed by controlling 
the water flow with needle valves, deflector, or shutting off some valves. The Pelton 
turbine is an impulse-type turbine since all hydraulic head is converted into kinetic 
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( b ) Power recovery turbine 


Figure 10.2 Special application of hydraulic turbines. 


energy through the nozzles. The water is under constant atmospheric pressure through 
the runner buckets. 

Reaction turbine impellers can be either mixed-flow or axial-flow type. They are 
similar to centrifugal pumps in construction, except for the wicket gates at the inlet 
around the outer periphery to control the flow rate. The mixed-flow type can be a 
Francis turbine or a pump turbine, which is a pump operated as a turbine. A typical 
installation is shown in Figure 10.5. A possible variation of the mixed-flow turbine is 
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(a) Pelton wheel (impulse type) ( b ) Pump turbine 



(c) Francis turbine (mixed flow) (d) Kaplan turbine (axial flow) 

Figure 10.3 Typical types of hydraulic turbines. 


the Deriaz turbine (also called diagonal-flow turbine) shown in Figure 10.6. The blades 
are shorter like a propeller and adjustable. 

The axial-flow turbine runner can be either a fixed-blade propeller or adjustable the 
latter called a Kaplan turbine, shown in Figure 10.7. Turbines with adjustable blades, 
gates, or needles can be operated for relatively constant high efficiency as expected. 
Some variations of the axial-flow turbines are as follows: 

(a) Bulb turbine-—the generator is enclosed and submerged in the water passage. 

(b) Tubular turbine—the generator is located outside of the water passage and is 
connected to the turbine shaft either directly or through a set of angle gears. 

(c) Rim generator turbine—the generator rotor is mounted on the outer tips of 
the turbine runner blades (seals are needed to keep the water away from the 
generator). 

A schematic of these arrangements is shown in Figure 10.8. 


10.3 SELECTION OF HYDRAULIC TURBINES 

The nondimensional parameters used to describe the performance of a hydraulic turbine 
are similar to those for a pump: (a) flow coefficient cp = Q/(coD 3 ), (b) energy coeffi¬ 
cient (equivalent to head coefficient for pump) \j/ = gH/(co 2 D 2 ), (c) power coefficient 
FI = P s /(pa) 3 D 5 ), and (d) efficiency rj = PJ(pQgH) = I l/(<p\j/). The specific speed 
and specific diameter are also defined and can be nondimensional or dimensional, such 
as specific speed co s = co Q°- 5 /(gH) 0J5 and specific diameter A s = D(gH)°- 25 /Q 0 ' 5 
in nondimensional forms or N s = NQ°’ 5 /H° J5 (sometimes, the power specific speed 
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Penstock 




(£>) Vertical-axis turbine with multiple nozzles (top view) 

Figure 10.4 Pelton turbine installation. (Reprinted by permission from Wilbur, L. C 
Handbook of Energy System Engineering, John Wilev & Sons, Inc., New York, 1985.) 


. (Ed.), 
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Figure 10.5 Mixed-flow turbine installation. (Reprinted by permission from Wilbur, L. C. 
(Ed.), Handbook of Energy System Engineering , John Wiley & Sons, Inc., New York, 1985.) 


N sp = NP s °- 5 /H L25 is used) and D s = DH°- 25 IQ 0 5 in dimensional forms, where D is 
the runner diameter. 

The peak efficiency of the turbines can be correlated with the specific speed, similar 
to those for the pumps, fans, and compressors discussed earlier. They are shown in 
Figure 10.9. 

To select an appropriate type of turbine for a given hydropower site, we start with 
the head and flow capacity available. Then the possible output power can be estimated 
with P 0 = rjpQgH with approximate efficiency rj = 0.90. Charts prepared by turbine 
manufacturers (such as the one shown in Figure 10.11 5 ), can be used to select the 
type of turbine. Then the rotating speed N (rpm) can be selected such that the specific 
speed N s or co s calculated will fall in the range for the turbine type given in Table 10.1, 
based on Ref. 4, and be close to the maximum efficiency shown in Figure 10.9. 3 The 
obtained efficiency can be used to calculate the revised output power and to confirm 
or change the selected turbine type. 

If the generator is to be directly coupled with the turbine, the speed N should be 
the synchronous speed N — 120 f!n p , where/ is the electrical frequency in hertz, which 
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Supports 



(a) Bulb turbine 




(c) Rim generator turbine 

Figure 10.8 Variation of axial-flow turbine installations. 
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Figure 10.9 Efficiency versus specific speed of hydraulic turbines. (Reprinted by permission 
from Gulliver, J. S. & Arndt, R. E., Hydropower Engineering Handbook, St. Anthony Falls 
Laboratory, Minneapolis, MN, 1991.) 


is 60 in U.S., and n p is the number of generator poles, which should be multiples of 
two or four. 

Empirical data relating the specific diameter with specific speed for different types 
of hydraulic turbines are presented in Figure 10.10, also adapted from Ref. 4. They can 
be used to estimate the impeller diameter. The specific diameter used in this chart is 
nondimensional, defined as 0* = K e D(gH)°- 25 /Q 0 - 5 , and the specific speed is defined as 
a = K a nQ°- 5 /(gH) 0J5 for nondimensional forms, where Kq — tt 05 /2 015 = 1.054 and 
K a = tv 0 - 5 2 0 - 25 = 2.11, n is in revolutions per second. The other parameters are in SI 
units. On the horizontal axis, the dimensional specific speed N s in rpm(m 3 /s) 0 5 /(m 0 ' 75 ) 
is also given. 
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Table 10.1 Range of Specific Speed 


Turbine Type 

Specific Speed 

N s [rpm(m 3 /s)°' 5 /m 0 - 75 ] 

Pelton 

1-20 (with one jet) 

Pump 

25-120 

Francis 

20-140 

Kaplan 

100-300 

Bulb 

150-400 


Source: From Ref. 4. 



5 10 20 40 60 80 100 150 200 300 400 500 600 

N s (Dimensional specific speed in SI system) 

Figure 10.10 Relationship between specific diameter and specific speed of hydraulic turbines. 
(Reprinted by permission from Schweiger, F. & Gregor, J., “Developments in the Design of 
Water Turbines,” Int. Water Power & Dam Construction, May 1989, Reed Business Publishing 
Ltd., Sutton, Surrey, UK.) 


The constant energy coefficient t/r = gHl{k^n 2 D 2 ) and flow coefficient 
4> — Q!{k^nD 3 ) curves are also shown in Figure 10.10, where K^ = tt 2 /2, K$ = tt 2 /4. 

If no rotational speed is specified, the selection procedure can be summarized as 
follows: 

1. Given available head H , capacity Q, and estimated efficiency i) — 0.90, the 
output power is calculated as P 0 — rjpQgH. 
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Figure 10.11 Application range for hydraulic turbines. ( Source : Wamick, C. C., et al., 
Hydropower Engineering, Prentice-Hall, New York, 1984.) 


2. With H and P 0 , the type of turbine can be selected from Figure 10.11. 

3. Select the appropriate rotating speed N so that the specific speed co s = o>V°- 5 / 
(gH ) 0 ' 75 and N s = NQ 0 5 /H ° J5 will result in an efficiency close to the maximum 
value in Figure 10.9 and within the range specified in Table 10.1. 

4. Estimate the impeller diameter using Figure 10.10 if needed. 


Example 10.1 

If a hydropower site has a head of 85 m and flow rate of 16m 3 /s, suggest the type of 
hydraulic turbine to be used, its operating speed, and the approximate size. 


SOLUTION From H = 85 m and Q = 16 m 3 /s, the output power can be estimated as 


Po = OPQgH = 


0.90 x 998 x 9.8 x 16 x 85 
1000 


= 11,971 kW. 


From Figure 10.11, a Francis turbine is selected. Then with the selected synchronous 
speed of 16 poles generator, N = 120 x 60/16 = 450 rpm, we have N s = NQ 05 / 
H 0 - 75 = 64.3 rpm(m 3 /s) a 5 /m 0 - 75 , or a = K a nQ°- 5 /(gH ) 0J5 = 2.11 x (450/60) x 
4/(9.8 x 85) 0 ' 75 = 0.41, or 


4507r\/T6 i 
= 30(9.8 x 75) 0 - 75 = L33, 

which is appropriate for the Francis turbine based on Figures 10.9 and 10.10. From 
Figure 10.10, we also have 6 = 1.9 for n q = N s = 64.3. Hence K 0 D(gH) 0 - 25 / 
Q 05 = 1.9, or 1.054D(9.8 x 85) 025 /16 0 - 5 = 1.9, and D = 1.34m. From Figure 10.9, 
we have the efficiency p = 0.95, which is close to the original estimation. 

The flow coefficient and energy coefficient at this point can also be calculated as 
4> = 16/(2.47 x 7.5 x 1.34 3 ) = 0.359 and ^ = 9.8 x 75/(4.93 x 7.5 2 x 1.34 2 ) = 
1.47, which check with the point on Figure 10.10. 
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10.4 HYDRAULIC TURBINE PERFORMANCE CHARACTERISTICS 

The basic performance characteristics of a hydraulic turbine can be obtained from 
Euler’s equation with a procedure similar to the one described in Section 8.6 for the gas 
turbine. The typical relationships of shaft torque, power, and efficiency versus impeller 
rotating speed expressed in terms of speed ratio U/^J2gH are shown in Figures 10.12 
and 10.13 with a constant head. The effects of flow rate or gate opening are also shown 
in Figure 10.13. These nondimensional parameters were discussed in Section 2.2. 

The similarity laws (or affinity laws) applied to pumps are also applicable to 
hydraulic turbines, that is, Q ~ AD 3 , H ~ N 2 D 2 , and P s ~ A 3 D 5 . 

A more complete map of performance characteristics in terms of nondimensional 
parameters \jr, <p, n, and rj called hill curves is shown in Figure 10.14. It is developed from 
extensive laboratory tests of model turbines and can be used to predict the performance 
of a prototype machine based on similarity laws. Or for the convenience of applications, 
the efficiency can be plotted versus the percentage of full load, as shown in Figure 10.15. 


Example 10.2 

Convert the data for 80% gate opening in Figure 10.14 into a variable-speed perfor¬ 
mance characteristic for a head of 75 m and a runner diameter of 1.5 m. Show the 
variations of shaft power, flow rate, and efficiency versus rotating speed. 

SOLUTION From ^ = gH/(co 2 D 2 ), we have N = 30cv/n = 9.55[9.81 x 75/ 
(1.5 2 f)] 0 - 5 or N = 172.7/ V^(rpm). Also from <f> = Q/(coD 3 ) and n = P s /(pco 3 D 5 ), 
we have Q = (ttA/3O)D 3 0 = O.353A0 and P s = 0.998 x (ttA/30) 3 x (1.5) 5 n = 
0.0087A 3 n. Pick the points along the 80% gate opening curve, read the values for <p, 
n, and efficiency, where n — efficiency cpxj/ and calculate N , P s , and Q with the 
above equations. The calculations and plot are carried out with Excel. 
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10.5 PELTON TURBINE 


A Pelton turbine is a pure impulse machine used in a high-head, low-flow installation. 
The hydraulic energy is converted through a nozzle (stator) into kinetic energy of a 
high-speed jet. It then strikes the buckets on the wheel (rotor) to produce mechanical 
energy, as shown in Figure 10.16. It is an impulse machine since all pressure drop 
takes place in the stator, none in the rotor. 

It was shown in the last chapter that for an impulse turbine the maximum utilization 
factor occurs at U / V 2 = This can be demonstrated in a different way. From the Euler 
equation and the velocity diagram in Figure 10.16, the energy transfer per unit mass 
flow rate, A E, is 


A E = U(V u2 - V u3 ) = U[(U + W 2 ) - (U - W 3 sin ft)] = U(W 2 + W 3 sin£ 3 ). 

Since VP 3 = W 2 for an ideal flow without friction, we have A E = UW 2 {\ + sin /1 3 ) = 
U(V 2 — U)( 1 + sin y3 3 ). And in Section 3.5 we have shown that A E can also be 
expressed in the form A E = [(£/| — t/|) + (V 2 2 — V 2 ) + (W 2 — Vk|)]/2 for a turbine. 
So for the Pelton turbine without friction we have A E = (V 2 2 — V 3 2 )/2. Hence the 
utilization factor e can be written as 

A E A E (U\ 

s = -- - = —— = 2(1 + sin fa) — (1 - U/ V 2 ). 

AE+Vf/2 V 2 /2 \V 2 ) 

For the maximum s, we set de/d(U/V 2 ) = 0, and hence (JJ/V 2 ) ma x = Accordingly, 
we have e max = (1 + sin,S 3 )/2 and A E max — U 2 (l + sin>8 3 ). To compare these 
expressions with those given in the last chapter, it should be noted that we have 


U 




Top view at 
mean radius 


2 ^ 1 



Figure 10.16 Velocity diagrams for Pelton wheel turbine. 
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adopted a 2 — 90° here and assumed ft = 90° in the last chapter. The final expressions 
will be the same if both a 2 and /1 3 are set to 90° in both cases. 

When frictional losses in the nozzle and buckets are included, with the noz¬ 
zle efficiency and velocity coefficient of the bucket defined as r] n = V^/Q-gH) and 
W 3 = CV b W 2 , the hydraulic efficiency of the turbine, defined as rp, — A E/gH, becomes 


V h 


2 A Erj n 

~w~ 


= 2 1] n 




(l+CV fo sin ft). 


Or under the optimum condition, we have rjh ,max = 0 . 5 ? 7„(1 + CV b sin ft). The 


shaft power, including mechanical and leakage losses, becomes P s — rj m r] v m A E — 
r\ m r\ v mr]hgH —r\ 0 j^mgH and the flow rate can be calculated as Q = (n/A)dl 


(2 gH), where d n is the nozzle diameter. 


Example 10.3 

A Pelton turbine wheel of 3.0 m pitch diameter with a single jet of 8 cm nozzle diameter 
is installed to produce power from a water head of 350 m. If the nozzle efficiency, 
including the loss in penstock, is T) n = 0.82 and the velocity coefficient in the wheel 
bucket is CV b — 0.95 and mechanical and volumetric efficiencies are rj m = 0.90, 
r) v = 0.96, respectively, determine the optimum rotating speed, the shaft power output, 
and the corresponding specific speed. 


SOLUTION The jet flow velocity can be calculated as V 2 = (2r) n gH) 05 = 
(2 x 0.82 x 9.81 x 350)° 5 = 75 m/s. Hence the optimum wheel tangential velocity 
is U m — O. 5 V 2 = 37.5 m/s, and the rotating speed N = 60 x U m /(nD) = 238.7 rpm. 
Under the maximum-utilization-factor condition, we have ft = 90°, and 

A E max = (1 + CV b )U(V 2 -U)= 1.95 U 2 = 1.95 x 37.5 2 = 2742.2N-m/kg. 

The flow rate is calculated as Q = V 2 A n — 75.0 x n x 0.08 2 /4 = 0.377 m 3 /s, and 
hence the total shaft power output is 


VmVvtn AE = 


0.90 x 0.96 x 998 x 0.377 x 2742.2 


= 891.4 kW. 


The specific speed can be calculated as 


N s 


NQ 0 - 5 238.7 x (0.377 ) 05 

H 0J5 ~ (350) 0 - 75 


1.81 rpm(m 3 /s) a 5 /m 075 , 


or in nondimensional form, 


coQ 05 (238.7tt/30) (0.377 )° 5 
(gH ) 0 - 75 _ (9.81 x 350) 0 - 75 


0.034. 
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10.6 FRANCIS TURBINE AND KAPLAN TURBINE 

A Francis turbine is a radial-inflow turbine with either a pure radial or a mixed-flow 
impeller as shown in Figure 10.17. The flow enters the impeller radially inward and 
discharges in the axial direction, reversed to that of a typical radial or mixed-flow 
impeller pump. The inlet guide vanes enclosing the impeller circumferentially are used 
to direct the flow in the proper direction for different flow rates. 

A Kaplan (or propeller) turbine is an axial-flow type as shown in Figure 10.18, 
along with the velocity diagrams across the impeller. It can be either a fixed or 





Figure 10.17 Velocity diagrams for Francis-type turbine. 



Figure 10.18 Velocity diagrams for Kaplan turbine (propeller type). 
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Figure 10.19 Efficiency versus flow rate of a Kaplan turbine with adjustable pitch angle. 


adjustable blade type. With the adjustable blades, a fairly flat efficiency curve can 
be obtained, as shown in Figure 10.19. Each solid curve is for a certain blade setting, 
and the envelope of these curves is the overall efficiency curve. 

The basic design analysis for both Francis and Kaplan turbines also can be per¬ 
formed with the Euler equation such that A E — I / 2 V u2 — t /3 V „3 = U 2 V u2 — U 2 V 2 cosa 2 , 
assuming no whirl at the impeller exit under design condition. Hence we have the output 
shaft power P s = r] m r} v m AE, and the flow rate Q = V 2 sina 2 A 2 , where V 2 = -/Zr^gH, 
A 2 = b 2 nD 2 for the Francis turbine and A 2 = tz(D f — Z)|)/4 for the Kaplan turbine. 
Here r] n is to account for the losses through the penstock and nozzle as that for the 
Pelton turbine. 

Since the pressure decreases in the direction of flow in the turbine, there is no 
likelihood of boundary layer separation in the flow passage. Hence the turbine has 
higher efficiency compared to the pump of corresponding type. It is not unusual to 
have an efficiency of 90% or higher. So in a pumped storage system, it takes more 
energy to pump water back to a higher elevation reservoir than that to be produced by 
the turbine in the reversed process. Even so, it is still a worthwhile scheme because the 
energy stored and available during peak hours is worth more than the excess energy 
produced in off-peak hours. 

The cavitation phenomenon is also observed in reaction turbine operation because 
the water flow passage is enclosed in this type of turbine. It also causes noise, vibration, 
and erosion on the structure, similar to the situation in the pump. However, it takes 
place at the turbine discharge, where the pressure is minimum. Both NPSH and Thoma’s 
parameter a are also used for turbines, that is, NPSH = H a - Zj + V 2 /2g + H L - H v 
and a — NPSH///. The heads are defined in Figure 10.20, where H a is the atmospheric 
pressure head, Z\ is the height of the turbine center above the tail water level, V e is 
the flow velocity at the draft tube exit, Hi is the head loss in the draft tube, and H v 
is the water vapor pressure head. The typical minimum required values of a related 
to the specific speed for Francis and propeller turbines are given in Figure 10.21 6 , 
where the power specific speed is defined as N sp = NPf 5 /H L25 and N is in rpm, P s 
in horsepowers and H in feet. These curves can also be expressed analytically as a 
= 0.006+ OASfA/jp/lOO ) 18 for Francis turbines and a — 0.10 + 0.30(/V sp /100) 2 ' 5 for 
propeller turbines. 
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Figure 10.20 Definitions of heads in hydraulic turbine installation. (Reprinted by permission 
from Gulliver, J. S. & Arndt, R. E., Hydropower Engineering Handbook, St. Anthony Falls 
Laboratory, Minneapolis, MN, 1991.) 

Example 10.4 

A Francis-type impeller turbine is designed for a hydropower site with a head of 80 ft, 
flow capacity of 63 ft 3 /s, and estimated stator efficiency of 97%. If the impeller rotating 
speed is set as 400 rpm, discharge flow velocity is limited to 25 ft/s for cavitation 
reasons, and outlet hub diameter is picked as 2 in. to accommodate the shaft size, 
determine the other impeller dimensions and the blade angles at the mean radius. 

SOLUTION 

From Figure 10.10, with a = K a nQ°- 5 /(gH) 015 = 2.11 x 
(400/60)(63°- 5 )/(32.2 x 80) 075 = 0.31, we have 9 = 

2.4 = K e D 2 (gH)°- 25 /Q 0 - 5 , or 1.054D 2 (32.2 x 80)° 25 / 

63° 5 = 2.4 or the inlet diameter D 2 = 2.5 ft. Hence U 2 = 

D 2 Ntt/60 = 2.5 x 40071/60 = 52.3 ft/s. Also the inlet 
flow velocity V 2 can be calculated as V 2 = (2 gHr) s ) 0 - 5 = 

(2 x 32.2 x 80 x 0.97 ) 05 = 70.6 ft/s. With the inlet 
velocity diagram and a 2 = 20° selected, we have V r2 = 

V 2 sino ;2 = 70.6 sin 20° = 24.1 ft/s. Therefore tan P 2 = 

V r2 /(V 2 cosa 2 - U 2 ) = 24.1/(70.6cos20° - 52.3) = 1.72 
and p 2 = 59.8°. Selecting the incidence i = 2.2°, 
we have p b2 = 62°. From A 2 = Q/V r2 = 63/24.1 = 

2.61 ft 2 = TzD 2 b 2 , we have b 2 — 2.6\/(2.5 tt) = 0.33 ft = 

4.0 in. At the outlet, with r h2 = 1 in., setting y = 15° 
and V 3 = 25 ft/s, we have A 3 = (r 2 3 - r / 2 3 ) 7 r/cos y — 63/ 

25 = 2.52 ft 2 . Hence r, 3 = [2.52 cos 15 °/tt' + (1/12 ) 2 ] 0 5 = 

0.88 ft = 10.6 in. At the mean radius, we have r m3 = 

[(10.6 2 + l)/2]° 5 /12) = 0.627ft, U m3 = 26.3ft/s, and 
hence tan fi m2 = V 3 /U, n3 — 25/26.3 = 0.95, or fi hm3 = 

Pm 3 = 43.6°, assuming no deviation. 


H- °2 -H 



U,ni 
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Specific speed N sp at rated capacity 


\ Figure 10.21 Required minimum Thoma’s cavitation parameter versus power specific speed 

* N sp [rpm(hp) 0 5 /(ft) 12 '] for Francis and Kaplan turbines. (Reprinted by permission from Moody, 

| L. F., “Hydraulic Machinery,” in Handbook of Applied Hydraulics, McGraw-Hill, Inc., New 

| York, 1969.) 
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Example 10.5 

Estimate the maximum height Z\ shown in Figure 10.20 for the turbine in Example 
10.4 to be cavitation free. Use the curve in Figure 10.21 assuming V e = 5 ft/s, Hi = 
0.7 ft, and water temperature is 70°F. 

SOLUTION To use Figure 10.21, we need the dimensional power specific speed 
Nsp = NP®: 5 /H 1 - 25 . So the shaft power/efficiency has to be estimated from Figure 10.9, 
where the nondimensional specific speed co s is needed. 

From o s = coQ 05 l(gH) 015 = (4007r/30)(63)°' 5 /(32.2 x 80) a75 = 0.92, we have 
r) = 0.95, or P s = ripgQH = 0.95 x 62.4 x 63 x 80/550 = 543.2 hp, or N sp = 
400(543.2)°- 5 /80 1 25 = SS.Orpmfhp^/ft 1 - 25 . From Figure 10.21, we obtain cr = 0.1, 
or NPSH avai i///>0.1, where NPSH avai , = H a - Z + H L + V 2 /(2 g) - H v , and 
NPSH a vaii > 8 ft. At sea level and T = 70°F, we have H a = 14.7 x 144/62.4 = 
33.9ft, H v = 0.363 x 144/62.4 = 0.84ft, and V 2 /(2 g) = 5 2 /(2 x 32.2) = 0.39ft. So 
the maximum height should be 26.1 ft. 
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PROBLEMS 


10.1 A Pelton wheel turbine is designed for a water head H of 100 ft. The jet diameter d is 
6 in., nozzle efficiency rj„ is 0.94, maximum overall efficiency rj 0 / a is 0.9, with a rotating speed 
N of 120 rpm. If the relative flow exiting from the bucket is such that /U = 90°, CV& = 0.95, 
determine the design flow rate, shaft power, torque, wheel diameter, and hydraulic efficiency. 

10.2 A hydraulic turbine is to be designed to produce 36,000 hp at 95 rpm under 54 ft water 
head. A model of the turbine is to be designed to produce 50 hp at 550 rpm. If the overall 
efficiency is estimated to be 88%, determine (a) the diameter of the model, (b) the diameter of 
the prototype, and (c) the type of turbine. 

10.3 The mixed-flow hydraulic turbine shown is used to convert hydraulic energy of water 
at 25 m high to mechanical energy. The stator velocity coefficient is estimated to be 70% and 
the overall efficiency of the turbine is 65%. If the impeller is operating at 120 rpm to obtain the 
best efficiency condition with pure axial flow at discharge, determine the flow rate in (in m 3 /s) 
and the output shaft power (in kW) (draw the velocity diagram at impeller inlet). 
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6 = 0.3 


m 





1 

10.4 In problem 10.3, determine the hydraulic efficiency, maximum utilization factor e m , and 
required impeller blade angle at discharge. 

10.5 A hydraulic turbine is designed to produce 25,000 hp at 90rpm under 150ft of head. 
Laboratory facilities are available to provide 25 ft of head and to absorb 50 hp from the model 
turbine. The peak efficiency of both model and prototype turbines is estimated to be 85%. 
Determine the appropriate model test speed, scale ratio, and volumetric flow rate. 

10.6 Preliminary calculations for a hydraulic power generation site show a net head of 2350 ft 
and a water flow rate of 75 ft 3 /s are available. Select an appropriate turbine type and its size to 
run at (a) 450 rpm and (b) 600 rpm. 

10.7 Conditions at the inlet to the nozzle of a Pelton wheel are p = 4.81 MPa (gage) and V = 
6.10 m/s. The jet diameter d = 20 cm and the nozzle efficiency rj n = 0.96. The wheel diameter 
D = 2.45 m. If the turbine efficiency is 86% at this condition, calculate (a) the power output, 
(b) the normal operating speed, (c) the approximate runaway speed, (d) the torque at normal 
operating speed, and (e) the approximate torque at zero speed. 

10.8 In English units, the common definition of specific speed for a hydraulic turbine is 
N s — NP s °' 5 /H 125 (rpm hp° 5 /ft 1-25 ). Develop a conversion value between this definition and a 
truly nondimensional one. Evaluate the specific speed of an impulse turbine operating at 400 rpm 
under a net head of 1190 ft with 86% efficiency when supplied by a single jet of 6 in. diameter. 
Also estimate the wheel diameter. 

10.9 Study on a hydropower site indicates that an effective net head of 24 m with a flow rate 
of 95 m 3 /s are available. Determine the type of turbine to be installed and its rated output power, 
rotating speed, and possible size. 

10.10 A Francis turbine of 2 m diameter rotating at 120 rpm has been tested to produce a shaft 
power of 235 MW under a head of 72 m and a flow rate of 320m 3 /s. If a larger turbine is to be 
scaled up for a higher head of 120 m while rotating at the same speed, determine the diameter 
of this new turbine and its corresponding flow rate, shaft power, and efficiency. 






Wind Turbines 


11.1 INTRODUCTION TO WIND POWER 


The use of wind as a source of energy can be traced back some 2000 years to Persian 
windmills. Until the industrial revolution and the advent of steam engine, wind mills 
ranked second only to wood as an energy source. Wind power is also a form of 
renewable energy, derived from solar energy. As portions of the earth are heated by 
the sun, air will rise due to buoyancy force. The air in the cool regions with higher 
pressure then rushes to fill this low-pressure area, creating wind power. 

The wind resource in the United States is vast. Using today’s technology, there 
is theoretically enough wind power to supply all the electricity needs in the United 
States. North Dakota alone could supply over 40% of the nation’s need. According 
to the AWEA (American Wind Energy Association, www.awea.org), the electricity 
generated by wind power in the United States is less than 1% of the total electricity 
currently produced from all sources. The costs (based on 1993 dollars) of major energy 
sources in the year of 1996 are shown in Figure 11.1 1 . The cost of wind energy is 
strongly affected by average wind speed and the size of a wind farm. Larger wind 
farms are more economical. Hence it is expected, that wind energy cost will decline 
continuously as the reliable large wind turbines become available for the large sizes of 
wind farms. Further more, if environmental costs were included, wind energy will be 
even more competitive. 

The annual average available wind power in the United States and the world is 
shown in Figure 11.2 2 . The wind power density is related to the mean wind speed as 


296 




11.1 Introduction to Wind Power 


297 



Figure 11.1 Predicted energy cost. 1 


P/A ~ pV 3 . In reality, the wind speed at any location varies, its variation over time is 
idealized with a frequency function called the Rayleigh speed distribution. 

Wind availability varies according to season and geographical location. Public 
acceptance of wind energy conversion schemes is necessary in the design of any 
widespread usage of wind energy. The environmental impact of wind energy conver¬ 
sion systems is small compared with those from conventional electric power generating 
plants. One problem frequently brought up is noise, including the acoustic noise to 
human hearing and the interference with communication electromagnetic signals. The 
concern that migrating birds might fly into a wind turbine or tower should also be 
considered. These problems can be mitigated by proper sitting of wind turbines using 
cable transmission, directing antennas, and nonmetallic materials for turbine blades. 

The National Climatic Center in Asheville, North Carolina, is responsible for col¬ 
lecting and organizing the wind speed distribution data in the continental United States. 

In general, there are two possible siting locations for wind energy conversion sys¬ 
tems, on hills or offshore, as shown in Figure 11.3 3 . The ultimate selection of a wind 
energy conversion system is a lengthy procedure that is more or less based on intuition 
and good judgment rather than on an exact set of guidelines. Extensive analysis of mete¬ 
orological data and wind characteristics is necessary. It includes the variation of wind 
velocity magnitude, direction with respect to time, and elevation from ground level. 

The most economical application of wind turbines to generate electricity is in groups 
of large machines (660 kW and up), called wind power plants or wind farms. Each plant can 
range in size from a few megawatts to hundreds of megawatts. Small wind turbines (from 
250 Wa to 50 kW) are the ideal power source for remote sites without a utility system. But 
due to their variability, these wind turbines should be used in the hybrid or with storage 
systems, such as wind/photovoltaic/diesel or wind/compressed air/hydro pumped storage. 
Successful application of wind turbines to harness wind energy depends on knowledge 
of several disciplines, including atmospheric fluid mechanics, aerodynamics, structure 
analysis, and electrical and control engineering. 








U.S Wind power capacity 


Windpower monthly h©wS; ; ; -. ; ; ; I { Source: American wind eriergrassociaatiorv 
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Figure 11.3 Wind farms on the hill and off-shore. (Reprinted by permission from EPRI J 
Dec. 1992, Electric Power Research Institute, Palo Alto, CA.) 


11.2 ACTUATOR THEORY 

To extract energy from a wind stream with a wind turbine, the first question to ask 
is, how much wind power is available? Or, what is the maximum power that can be 
extracted with a best wind turbine of a certain size? This question can be answered 
with actuator theory. 

As shown in Figure 11.4. the wind turbine is replaced with an actuator (disk) of 
the same size in the wind stream. The actuator causes a divergence of streamlines and a 
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deceleration of the flow from an upstream speed of V to a downstream speed of V — u. 
The extreme case of zero (V — u) is impossible because that implies stagnant air 
downstream. Around the actuator, the flow speed is V — v. Hence the mass flow rate of 
the stream is m — p(V — v)A. The magnitudes of u and v are related and will be shown. 

The drag force on the actuator by the stream can be related to the axial momentum 
change from far upstream to far downstream where the static pressures are the same, 
that is, 

Fd — m[V — (V — u )] = mu = p(V — v)Au. (11.1) 

It can also be expressed in terms of the static pressure difference immediately upstream 
and downstream of the actuator, that is, Fd = ip — p')A , since the axial-flow velocity 
across the actuator is constant. Hence we have 

p — p' = p{V — v)u. (11.2) 

Also from the definition of stagnation pressure, assuming incompressible fluid, we have 

Pol = Pa + \pv 2 = P + \p{V- v) 2 , p o2 = Pa + \p{V ~ U) 2 = p' + \p{V ~ V) 2 . 

Hence the static pressure difference can also be expressed as 

p — p' — pVu — \pu 2 — pu (V — |m) . (11.3) 

Comparing Equations (11.2) and (11.3), it is concluded that u = 2v. Substituting this 
back into Equation (11.1) results in Fd = 2pAv(V — v). The wind turbine efficiency 
rj is defined as rj = PJ(FdV), where P s is the shaft power of the actuator (ideal wind 
turbine) and FdV is the thrust power available from the stream. The shaft power is 
equal to the rate of kinetic energy change of flow through the turbine if the flow friction 
is negligible. Hence we have 

P s — m [^V 2 — |(V — m) 2 ] = mu (V — = Fd(V — v). 

The efficiency can then be expressed as rj — 1 — v/V and the shaft power can be 
related to the efficiency as 

Ps = pFdV = 2 pAv(V — v)r]V — 2 pAV 3 ^1 - — j rj = 2pAV 3 i] 2 (l — rj). 
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To determine the maximum shaft power for a set of given p, A, and V, the above 
expression can be differentiated with respect to r) and be set to zero such that 

~ = 2pAV\2-q - 3r) 2 ) = 0, r, max = §. 
dr\ J 

Hence the corresponding maximum shaft power is 

Psw = fjpAV 3 . (11.4) 

Or we can express P s = F^V — v) = p(V — v)Au(V — v) = 2pAv(V — v) 2 and set 
dP s /d = 0 for the maximum power condition. Then we also obtain u max — V13 and 
/\max = 2 pA(V /3)(2V /3) 2 = (8/27 )pAV 3 . This result is frequently used to estimate 
the upper limit of the power attainable from a wind turbine with a cross-sectional area 
A in a wind stream of flow velocity V and air density p. 


11.3 TYPES OF WIND TURBINES 

Many types of wind turbines have been devised. They can be classified according to 
the orientation of their axis of rotation with respect to the wind stream. 

Horizontal-axis rotors can be either upwind or downwind, as shown in Figure 11.5. 
The rotor can be designed with different numbers of blades, ranging from the one-blade 
rotor with a counterweight up to a rotor of 50 or more blades such as the bicycle design, 
which is more rigid in structure. The ratio of the projected area of the rotor blades (on 
a plane perpendicular to its axis of rotation) to the swept area of the rotor is known 
as solidity : 


blade area x number of blades 

Solidity =-. 

area swept by the rotor 

It can range from 0.01 to 0.7. This is related to the design rotating speed to be discussed 
in the next section. 

The down-wind design can naturally align the axis with the wind direction. And 
during a strong or gusty wind, the blades can be easily furled or coned downstream, as 
shown in Figure 11.6, to protect the blades from excessive stresses. This is not practical 



Upwind rotor Downwind rotor Single-blade rotor Double-bladed rotor Triple-bladed rotor 
Figure 11.5 Horizontal-axis wind turbine rotors. 
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Figure 11.6 Coning and tower shadow for down¬ 
wind design of a horizontal-axis wind turbine. 



Figure 11.7 Components inside a horizontal-axis wind turbine. 


for upwind design. So for medium and large units, the downwind design is preferred. 
But there is a problem called “tower shadow” for the downwind design. The tower will 
obstruct the lower part of the wind, causing the blades to be subjected to an unsteady 
force when they pass the tower. Hence a special tower design is needed to minimize its 
obstruction to the wind. For the small units, the upwind design is employed. A tail vane 
is used to align with the wind direction. Slight coning is acceptable during gusty wind. 

In the field, the rotor speed is variable because of the changing wind velocity. But 
the electrical generator requires a constant speed in order to generate electricity with 
constant frequency. Hence a transmission or speed regulator is required between the 
rotor and generator, as shown in Figure 11.7. 

Vertical-axis rotors, for which the axis of rotation is perpendicular to both the earth 
surface and the wind stream, are shown in Figure 11.8. These types of rotors have a 
major advantage over horizontal-axis rotors. They do not have to be turned into the 
wind stream as the wind changes direction. This reduces the system design complexity 
and decreases the gyro forces on the rotor. But they are generally lower in rotational 
speeds, starting torque, and shaft power output. Also the system is dynamically unstable 
and sensitive to the off-design condition. 
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Figure 11.8 Vertical-axis wind turbines. ( a ) Savonius turbines (drag type). ( b) Darrieus turbine 
(lift type). 



(a) (b) 


Figure 11.9 Variation of vertical-axis wind turbines, (a) Anemometer-type turbine. ( b ) H-rotor 
turbine installed on top of abandoned industrial chimney. (Courtesy of Mechanical Engineer¬ 
ing magazine, Vol.l26/No. 6, June 2004, pp. 28-31; © the American Society of Mechanical 
Engineers, New York.) 


The Savonius (or S) rotor is a drag-type device. The drag force on one blade is 
greater than the other, and hence the rotor will rotate. Its rotor tip speed is slower than 
the wind speed. The lower rotating speed and lower power output make it impractical for 
generating electricity. But its simplicity and self-starting characteristics with relatively 
high torque at low speed make it ideal for starting the other machines or driving 
irrigation water pumps. 

The Darrieus is a lift type with airfoil-shaped blades. But it has low torque at 
low wind speed and is not self-staring. So it requires an external power to start, either 
an electrical motor or a Savonius turbine. Some variations of the vertical-axis wind 
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turbines have been envisioned recently; two examples are shown in Figure 11.9 4 . The 
H-rotor turbine is installed on an abandoned industrial chimney. 

Detailed operating principles of lift-type machines, both horizontal and vertical 
axes, will be discussed in the next section. 


11.4 WIND TURBINE CHARACTERISTICS AND PRELIMINARY 
DESIGN ANALYSIS 

It was shown in Section 2.2 that wind turbine performance can be expressed in terms of 
two nondimensional parameters, that is, power coefficient defined as C p = PJ(pV 3 A/2) 
and rotor tip speed ratio X = Rco/V . The characteristic curves for various types of wind 
turbines are shown in Figure 11.10. They are similar to the basic performance curves 
for the gas/steam and hydraulic turbines, discussed in previous chapters. The peak 
power coefficient occurs at different tip speed/wind velocity ratio for the different 
types of turbine, as shown. The numbers of blades Z b and the rotor tip speed ratio 
Rco/V at the maximum power coefficient for the horizontal-axis turbines can be related 
approximately as Z b 12 /(Rco/V), based on the test data given in Ref. 12. Hence the 
impeller with less blades will be used for the higher rotating speed machine. 

Velocity diagrams upstream and downstream of a horizontal-axis propeller type 
turbine can be drawn as shown in Figure 11.11 for a radial position r along the blades. 
Since the air flow is not confined, its effective velocity throughout the blades is reduced 
by a factor a, called the axial interference factor (it was obtained to be 2 under the 
maximum-efficiency condition from actuator theory, discussed in Section 11.2). Its 
actual magnitude and the deviation of relative flow velocity from the blade trailing 
edge have to be determined from empirical correlation. A theoretical treatment based 
on the combined actuator theory and airfoil aerodynamics results in the relationship 
shown in Figure 11.12 5 , where s — Q/C^ and 4> = 90° — /3 m . The interference relative 
flow angle can also be expressed in the form tan = rco{ 1 + a')l[V {\ — a )], where 
a' is the tangential interference factor. 

From airfoil data, such as those shown in Figure 5.3 or Appendix B, the lift and 
drag coefficients can be utilized to compute the forces exerted on the rotor. Hence, the 
axial and tangential components of the force per unit length are given as 

c- pW*c(C L sin p m + C d cos fi m ) pW 2 c(C L cos - C d sin £,„) 

2 gc 2 g c 

where c is the blade chord and j3 m is the average relative flow angle, defined as tan /3 m — 
(tan ftp + tan fifi)/2. The second term of F u is subtractive, contrary to that of Equation 
(5.6) for the axial-flow fan. Then the torque on the rotor is computed by integrating 
F u r from hub to tip, that is, r = Z b jF u r dr, which can be evaluated numerically. 
The turbine shaft power follows from P s — rw. For a preliminary design, the chord 
c is suggested as c = 4 nr cos 1 fi m /{Z b Ci sin/3 m ) by Ref. 9. An iteration process is 
generally needed for the optimum design. Expressed in terms of the power coefficient 
C p = P s /(nR 2 pV 3 /2) versus the tip speed ratio X = Rco/V , the optimum design of the 
propeller wind turbines are shown in Figure 11.13 5 . It is shown that the maximum C pm 
is equal to 16/27 — 0.592 for e — 0 as predicted from the actuator theory in Section 11.2. 








Figure 11.10 Typical performance curves for 
to Wind Engineering, Butterworth Publishers, \ 
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>-wind speed ratio 

is types of wind turbines. ( Source: Wortman, A., Introduction 
MA, 1983.) 
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Upstream 





Downstream 


Figure 11.11 Velocity diagrams for a horizontal-axis wind turbine at mean radius r m . 
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Figure 11.12 Variation of axial interference factor and relative flow angle with tangential tip 
speed ratio. ( Source: Wortman, A., Introduction to Wind Engineering , Butterworth Publishers, 
Woburn, MA, 1983.) 
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Tip speed ratio, X = real V 


Figure 11.13 Variation of power coefficient versus tip speed ratio for propeller wind turbines 
with different drag/lift ratio of blades. ( Source : Wortman, A., Introduction to Wind Engineering, 
Butterworth Publishers, Ann Arbor, MI, 1983.) 


For the Darrieus-type vertical-axis rotor, the airfoil-shaped blades move along 
a circular path, as indicated in Figure 11.14. This motion results in a continually 
changing angle of attack. However, the force on each blade always has a component 
in the direction of its motion. It can be explained from the velocity diagrams shown. It 
should be realized that the absolute flow velocity (1 — a)V is assumed to be constant in 
both magnitude and direction and the peripheral velocity U is constant at any angular 
position. A lift vector is sketched to be perpendicular to the relative velocity vector, W 
in each diagram. It can be shown that a tangential component of the lift vector exists 
in any position except when the blade is at the 3 and 9 o’clock positions, where all 
three velocities are lined up and the angle of attack is zero. Otherwise a net torque is 
always produced regardless of the blade’s position. 

In reality, the flow pattern is extremely complicated. It is different in each of the 
four quadrants. No rigorous analysis is available. Except, some simplified analyses are 
given in Refs. 7-9. 
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Top view of a horizontal section 

Figure 11.14 


Detail diagram of airfoil parameters 
Velocity diagrams for a vertical-axis turbine. 


In designing a wind turbine, serious consideration should be placed on structure 
integrity. The blade materials and construction techniques include laminated wood, 
riveted stainless steel, and aluminum. Solid laminated wood can be used for small 
blades, whereas large blades can be built with a laminated wood spar and plywood ribs. 
Construction with composite materials and filament wound techniques are generally 
favored due to the absence of welded or riveted joints and their resistance to fatigue 
and corrosion. Composite blades also can better resist the damage from foreign objects, 
are easier to repair, and have less impact to electromagnetic (EM) wave signals. 

The detailed setup and procedure for field performance test of wind turbines are 
specified in Ref. 6 . It includes the measurements of wind speed, direction, and ambient 
air temperature and pressure on a meteorological tower, in addition to the wind turbine 
power output during a given period of time. 

Example 11.1 

A double-blade wind turbine is to be designed to generate electrical power of 1.5 MW 
under wind speed of 13 m/s. The estimated generator and transmission efficiencies are 
96 and 94%, respectively. Determine the rotor diameter and rotating speed under the 
rated condition. 


SOLUTION From Figure 11.10, the maximum C p is read as 0.47, corresponding 
X = Rco/V = 5.3 on curve for modem rotor. Hence we have 


P = 


1.5 


VgVn 


0.96 x 0.94 


= 1.662 MW = 1.662 x 10 6 W 


= C p ( \pAV 3 ) = 0.47 (| x 1.222 x A x 13 3 ) = 630.9A, 

or A = 2634.7 m 2 = R 2 n, or R = 28.9m, or D = 57.8 m. Also, from co = 5.3 x V/R 
= 5.3 x 13/57.8 =1.19 rad/s = N7r/30, we have N = 11.4rpm. 
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Example 11.2 

A horizontal wind turbine is designed to produce power from a wind stream of 40 mph. 
The preliminary specifications are given as N = 80rpm, r, = 15 ft, r/, = 1ft; the 
selected airfoil data at the mean radius are Cl — 0.28, Q = 0.015, chord c = 1.2 ft, 
and exit blade angle fij = 65° with respect to the axial direction. Neglecting the air flow 
velocity reduction, that is, a — 0 , and the relative air flow deviation at exit, determine 
the optimal number of blades, the shaft power based on the mean radius calculations, 
and the maximum possible shaft power based on actuator theory. 

SOLUTION From V = 40 x 5280/3600 = 58.67 ft/s, a> = Nn/30 = 80tt/ 30 = 8.38 
rad/s. Hence the tip velocity ratio r,co/V = 15 x 8.38/58.67 = 2.14, and the optimal 
number of blades is obtained from Z& = 12/2.14 = 5. 




The mean radius can be obtained as r m = [(r, 2 + r/, 2 )/2] 0 5 = [(15 2 + 1.0 2 )/2]° 5 
= 10.63 ft, and hence the blade peripheral velocity at the mean radius is U m = r m a> 
= 10.63 x 8.38 = 89.1 ft/s. Assuming V\ = V, the relative flow angle at the inlet is 
fix = tan _1 (C/ m /Vi) = tan -1 (89.1/58.67) = 56.6°. Hence the mean relative flow angle 
can be obtained from tan fi m = 0.5(tan^i + tan fifi) — 1.831, or fi m — 61.36°. Also 
the relative flow velocity can be obtained as W m = V]/cos fi„, — 58.67/cos 61.36° = 
122.4 ft/s. 



The tangential force is calculated from 
r _ pW} n c(C L cos fi m - C d sin fi m ) 

**um ~ n 

2 gc 

0.0763 x 122.4 2 x 1.2 x (0.28 cos 61.36° - 0.015 sin 61.36°) 


= 2.58 lbf/ft. 


2 x 32.2 
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J 


Hence P K ~ r m F um A r coZb = 10.63 x 2.58 x 14 x 8.38 x 5/550 = 29.2 hp. A more 
accurate calculation can be obtained by dividing the blades into more sections. From 
actuator theory, the maximum possible shaft power should be 


8 \ ( p \ a f/3 (8/27)(0.0763/32.2) x n 15 2 x (58.67) 3 

2l)\ S c) “ 550 


182.3 hp. 


Example 11.3 

Determine the tangential force acting on a unit section of the blade of a vertical 
wind turbine when it is at the angular position shown. The relevant data are given as 
follows: 

(a) Wind velocity V = 40 mph, interference factor a = 0.27 

(b) Turbine diameter D = 50 ft, rotating speed N = 60 rpm 

(c) Airfoil section NACA 4312 with C L , Cj given in Figure 5.3 

(d) Chord length c = 1.2 ft, setting angle with respect to the radius, <p = 85° 



B 



A 

U 


SOLUTION Here, V = 40 mph = 58.9 ft/s, so Vj = V(1 — a) — 42.8 ft/s, U = 
(Nn/30)(D/2) = 6.283 x 25 = 157.1 ft/s. From the velocity triangle, we have A = 
90 + 45 = 135°, and from the law of cosine, we have W = (U 2 + Vf — 2UV\ cos 
A) 0 ' 5 = 189.8 ft/s, and from the law of sine, we have sinB = V\ (sin A)/W = 0.159 
or B — 9.2°, and hence the angle of attack a = B — (90° — <p) = 9.2 — (90 — 85) 
= 4.2°. From Figure 5.3, we obtain C L = 0.58 and Q = 0.027. Hence the tangential 
force is obtained as F u = pW 2 c(C L sinB - C d cosB)/2g c — 0.0763 x 189.8 2 x 1.2 
x 0.066/(2 x 32.2) = 3.38 lbf/ft. 
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11.5 VARIABLE-SPEED PERFORMANCE OF WIND TURBINES 


Constant-speed operation of a wind turbine results in a simple system design and will 
be able to avoid the critical speeds which may destroy the turbine. But constant-speed 
operation means that the maximum power coefficient is achievable only at one wind 
velocity. A lower value has to be accepted at the other wind velocities. 

The effects of wind velocity on turbine output power can be illustrated better by 
plotting the performance curves in terms of the dimensional parameters. The propeller 
curve in Figure 11.10a can be replotted for the rotor diameter of 20 m into curves of 
shaft power P s versus rotating speed N for a few different wind velocities, as shown 
in Figure 11.15. It is clear that a wind turbine can be operated at the maximum output 
power only at one rotating speed for one wind velocity. For example, the maximum 
power for V — 14 m/s is more than five times that for V = 8 m/s but at different 
rotating speeds. 

The maximum C p conditions for different V can be related by eliminating V from 
P m — (1 /2)C pm pAV 3 and X m V = Rco m . Or we have 


P — -C 

1 m — ^ 


2 ^P m 


pA ( 


( Ra)„, \ 

i^ C pm pAR* t 

( N,„7t\ 

V *<» ) 

' ~ 2X 3 ' 

l 30 ) 


kNl 


where k is a constant. In other words, the constant C p contours on a P s — N diagram 
are in cubical functions. The load curve passing through the maximum C p is also shown 
in Figure 11.15. This type of characteristic is actually achievable if the load is a pump 
or blower, as discussed in earlier chapters. But the shaft power required to drive an 
electrical generator connected to a fixed resistance varies as the square of the rotational 
speed. And other types of load characteristics are also possible for some machinery. 
Hence a transmission and/or some control system will generally be required in wind 
turbine applications. 



- P 1 (8 m/s) 

. P 2 ( 10 m/s) 

-P 3 (12 m/s) 

_ P 4 (14m/s) 

. Load 


N ( rpm) 

Figure 11.15 Variable-speed operation of wind turbine. 
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T1 (6 m/s) 
T2 (8 m/s) 
T3 (10 m/s) 


(a) Darrieus type 


(b) Propeller type 



N (rpm) 

(c) Savonius type 


T1 (6 m/s) 
T2 (8 m/s) 
T3 (10 m/s) 





Savonius wind turbine 


Figure 11.16 Torque characteristics curves of wind turbines. 


The torque characteristics of wind turbines are also important, especially at low 
rotating speeds. The torque produced by a wind turbine has to be greater than the 
opposing or tare torque due to friction of the load in order for the turbine to accel¬ 
erate from stationary to some steady-state speed. Otherwise an external power source 
will be needed. Typical torque curves of three types of wind turbines are shown in 
Figure 11.16. The Darrieus type of vertical-axis turbine has minimum starting torque 
as mentioned earlier. The Savonius type with drag elements as shown has the maxi¬ 
mum torque at zero speed and drops quickly as the rotating speed picks up. Hence it 
can be used to start the other turbines.The propeller type can start by itself with low 
torque. 


11.6 WIND TURBINE APPLICATIONS 

Commercially available wind turbines range from a few kilowatts to megawatts. The 
rotor diameters range from around 10 to 200 ft. 10 In general, large units of 100 kW and 
greater are for wind farms, while small units under 100 kW are for irrigation, isolated 
communities, or individual home or farm usage. 
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The main problems in wind power application are its dispersion and variability. 
A key issue for utility-scale wind plants that must be resolved is transmission line 
capacity. The electricity generated from vast and sparsely populated areas must be 
transmitted to large cities where demand for electricity is high. The wind velocity at 
a given location changes direction and magnitude constantly, resulting in variation of 
power level and the output frequency of an AC generator. A mechanism is needed to 
align the horizontal-axis wind turbines to the direction of wind. And some low starting 
torque machines, especially the vertical-axis Darrius turbines, require auxiliary power 
to accelerate them to a minimum speed. Hence most wind turbines require some other 
devices, which increases total cost. However, a few applications to be illustrated are 
currently economically feasible in some situations. 


11.6.1 Grid-Intertie System 

Electricity is generated from a direct-drive, low-speed, permanent-magnet alternator. 
The output power varying in both voltage and frequency with wind speed is converted 
with a synchronous inverter into grid-quality 240-V AC, single-phase, 60-Hz power. 


11.6.2 Hybrid Power System 

In remote areas without grid systems, wind turbines can be used in combination with 
a back-up diesel generator and optional photovoltaic (PV). The DC power generated 
is charged and stored in a battery string. Or an inverter is used to convert it to the AC 
power of required voltage and frequency, while DC power is used for communication 
and other purposes. 


11.6.3 Pumping and Irrigation Systems 

The three-phase AC power with variable voltage and frequency produced by wind 
turbines can be used to drive a standard three-phase induction motor directly. The 
system works like a conventional variable-speed drive pump. If a certain flow rate or 
head is needed, some control valves and multiple-pump systems can be employed, as 
discussed in Chapter 4. 


11.6.4 Other Systems 

Wind turbines may be used to power the hydrogen-making process, to drive air condi¬ 
tioners, or to compress air in some heat engines or the compressed-air energy storage 
(CAES) with a modified gas turbine as mentioned in Chapter 8 and the small unit 
shown in Figure 11.17 11 . The power from wind turbines is used to drive a compressor 
to compress the air. The compressed air is stored in the air cylinders to be used when 
wind power is low. The thermal storage can also serve as a combustion chamber to 
supplement the power output with fuel if needed. A control mechanism is required 
to manipulate the system for matching the variable wind power and load. Although 
the overall efficiencies of the systems may be low, they provide some alternatives for 
special situations. 
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Figure 11.17 Small-scale energy storage with compressed air and flywheel for wind tur¬ 
bines. (Reprinted by permission from Cogeneration and Distributed Generation Journal, Vol. 
20, No. 2, Spring 2003, The Fairmont Press, Lilbum, GA.) 
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PROBLEMS 


11.1 A horizontal-axis wind turbine has a blade diameter of 20 ft and delivers power of 150 
kW when rotating at 180 rpm under a wind speed of 30 mph. What is its power coefficient and 
its probable number of blades? What is the maximum power that can be extracted at this site 
with the same size wind turbine? 

11.2 A four-blade horizontal-axis wind turbine of 30 ft diameter is to be installed at a location 
with an average wind velocity of 40 mph. Determine the maximum power deliverable and the 
probable rotating speed for maximum efficiency. 

11.3 A multiblade farm windmill with D = 2 ft is to develop full power at wind velocity of 
22 mph. Calculate the rotating speed for optimum power generation. Estimate the power output. 

11.4 Determine the tangential forces on the blade of the vertical wind turbine in Example 11.3 
when its angular position is at the other three quadrants as shown. 



11.5 Repeat the calculations of Example 11.3 to include the axial and tangential interference 
factor. 

11.6 A propeller wind turbine with radius of 50 ft is needed to produce 780 hp in a wind 
velocity of 30 mph while rotating at 40 rpm. A model is to be designed and tested with the 
air velocity of 40 ft/s and rotating speed of 200 rpm. What is the model radius and its expected 
power output? 

11.7 Determine the maximum possible axial force acting on the prototype turbine described in 
problem 11.6. 
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11.8 A vertical-axis wind turbine with the dimensions shown is rotating at 40rpm under a 
wind speed of 3.5 m/s. If it generates a shaft power of 3 kW, estimate the downstream average 
wake flow angle with respect to the mean wind direction. 










Review On Thermodynamics 
and Compressible Flow 


A.l THERMODYNAMIC PROPERTIES 

In a compressible fluid medium of pure substance, such as gas, vapor, or steam, a 
thermodynamic state can be defined with any two thermodynamic properties, such 
as temperature and pressure. The other properties, such as density, specific enthalpy, 
internal energy, and entropy, can be determined from these two chosen properties in a 
function, so that 

h = f\ (p, T), u = f 2 {p, T), v=- = Mp,T), s = f 4 (p,T). 

P 

These are the so-called equations of state. In the simplest case of an ideal gas, when the 
density is relatively low and the intermolecular interaction force is weak, the equation 
of state can be expressed in the simple form p — pRT. The gas constant is R = 
53.3 ft-lbf/(R-lb m ) for air. Also, some other properties can be defined, such as the 
specific heats with constant volume or constant pressure, C v = Sq/8T) V = duldT, 
C p = 8q/8T) p = dh/dT, and k = C p /C v , where the derivative is taken with v or p 
kept as constant. With p = pRT and h — u + pv, we obtain C v = R/(k — 1) and C p 
= kR/(k — 1). The entropy change defined as As = f 8q/T) rev . where the integration 
is earned out along a reversible process. The energy equation for a closed system in 
the differential form can be written as T ds — 8q — du + p dv = dh — dp/p, since h 
— u + pv. 
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When a fluid medium cannot be treated as an ideal gas, empirical formulas, charts, 
or tables (e.g., the steam Mollier diagrams shown in Figure A-l 1 ) have to be employed 
to relate or to determine these thermodynamic properties. More details can be found 
in textbooks on thermodynamics or other engineering handbooks. 


A.2 THERMODYNAMIC PROCESSES 

A thermodynamic process is defined as a sequence of thermodynamic states. Two 
processes important to the study of turbomachinery are compression and expansion 
processes, corresponding to the processes taking place in the blower or compressor and 
the gas or steam turbine. To study the thermodynamic process, it is convenient to use 
thermodynamic diagrams, such as the T-s or p-v diagrams shown in Figure A-2. A 

Entropy, Btu//lb. R 

1.5 1.6 1.7 1.8 1.9 2.0 2.1 2.2 



Entropy, Btu/ib. R 
(rr) English units 

Figure A.l Mollier diagrams for steam. (Reprinted by permission from Jones, J. B. & Hawkins, 
G. A., Engineering Thermodynamics , 2nd ed., John Wiley & Sons, Inc., New York, 1986.) 
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Figure A.l ( continued ) 


state is represented by a point and a process is represented by a line or curve on these 
diagrams. According to the second law of thermodynamics, the entropy will always 
increase in an actual adiabatic process (without heat transfer), as shown in the process 
1-2 in the T-s diagram. For convenience of analysis, an ideal process with constant 
entropy, called an isentropic process, is defined. This process can be realized if there is 
no heat transfer, no friction, and no other dissipative mechanism in the process. Under 
this ideal condition, 


T ds = dh — v dp = 0. 

Assuming an ideal gas, pv = RT, we have C p dTIT 
specific heats, the isentropic equations result in 


R dplp = 0. With constant 
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This expression can also be derived from the general energy equation (first law 
of thermodynamics) for an open system, that is, 

q V, 2 V 2 w 

-F + — + gZ x = h s 2 + ~ir- + gZ 2 H • 

m2 2 m 

For an adiabatic process, q = 0, and neglecting the difference of the kinetic 
energy and gravitational potential energy at the inlet and outlet, we have 

~ = h s2 -/t, = C p (T s2 - T\) = C p T\ - l) . 


With the isentropic relationship in Equation (A.l), the above expression can 
be written as — w/m = C l ,Ti[(p S 2 /pi) l - k ~ i) ^ k — 1]> which is identical to Equ¬ 
ation (A.3). 

Another process occasionally encountered for turbomachines is the isothermal pro¬ 
cess, where temperature is kept constant with heat transfer. For an ideal gas, pv = 
const, and the work can be expressed as 


w 

m 



pdv = —c 




- p\v x In 



= P i«i In 



This expression is valid for either closed or open systems, since the flow work at the 
inlet and outlet is equal. The corresponding entropy change will be 


and the amount of heat to be removed or added will be 8q = T ds, depending whether 
it is a compression or expansion process. 

In the actual processes, where some degree of heat transfer and friction occurs, a 
general formula pv' 1 = c, or a so-called polytropic process can apply, when an ideal 
gas is assumed. With the test data of the actual process available, the exponent n can 
be determined with curve fitting such that n = \r\{p\lp 2 )l[\n{v 2 lv[)]. For air at room 
temperature, we have 1 < n < 1.394. The extreme case of n = 1.394 is the isentropic 
process, and n = 1.0 is the isothermal process just mentioned. 


A.3 OTHER THERMOFLOW PROPERTIES 

In dealing with a flowing system, sometimes it is more convenient to use the so-called 
stagnation state, defined by stagnation properties (sometimes called total properties in 
the literature). The stagnation state is defined for a point in a flowing system as the 
thermodynamic state when the flow at that point is brought to rest through an isentropic 
process. The stagnation state is related with the flowing state (defined in terms of the 
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Figure A.3 Relationship between stagnation and 
static properties of fluid. 


static properties) through the adiabatic energy equation and the isentropic equation. For 
an ideal gas, the equations can be expressed as 

/zoi = hi + \ V, 2 or C p Toi = C p T\ + ± V 2 , 

T / n \ (*— 1)/* /„ / \k- 1 

Z&L _ PQL) — I POL) — {1L\ 

T l V Pi ) V ) \«01 / 

where the subscript 0 designates the stagnation properties. The stagnation and flowing 
states of a point in a flowing system can also be represented with two points in the 
h-s or T-s diagram, as shown in Figure A-3. It is important to emphasize that the 
points 1 and 01 in this diagram refer to the same points in a flowing system, while the 
points 1 and s 2 in Figure A-2 refer to two end states of an ideal process or two points 
in an ideal steady-state flowing system. 

In a compressible fluid medium, a disturbance propagates with a finite speed, that 
is, the speed of sound (or acoustic speed). Its magnitude is a function of local thermo¬ 
dynamic properties. Hence the speed of sound is also considered as a thermodynamic 
property and can be expressed in the form a = yj{dp/dp) s , with the subscript s mean¬ 
ing the derivative is taken with the entropy being kept constant. For an ideal gas, using 
the isentropic equations of (A.l), it can also be expressed as a = kp/p = VkRT. 

In high-speed compressible flow, the local flow velocity can be expressed in a 
nondimensional parameter, the Mach number, defined as M = V la . If the flow velocity 
is less than the speed of sound, V < a (or M < 1), it is subsonic flow. Otherwise, it 
is supersonic flow. In supersonic flow, it is always likely that the flow will change to 
subsonic through a shock wave, which incurs significant energy loss. These topics will 
be discussed in later sections. The compressors rotating at high speed always encounter 
this problem, similar to the cavitation problems in liquid pumps. 


A.4 ADIABATIC EFFICIENCIES OF FLOW COMPONENTS 

Due to friction and other irreversible processes in the flow, fluid entropy always 
increases from inlet to outlet in the flow components, such as a nozzle, diffuser, com¬ 
pressor, and turbine. The adiabatic efficiencies, assuming no heat transfer, of these 
components are defined according to their functions. 






A.4 
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A.4.1 Diffuser 

A diffuser is used to convert the kinetic energy at the inlet to pressure (a form of 
thermal energy) at the outlet, as shown in Figure A-4a. The diffuser adiabatic efficiency 
is defined as the fraction of available kinetic energy at the inlet being converted to the 
pressure rise, or 

_ h s 02 — h\ _ h s 02 — h i 
Vd ~ V, 2 /2 _ /tot - hi ' 

From the energy equation, we have fy)i = h\ + V 2 /2, and hence the maximum attainable 
outlet pressure is poi with zero velocity, while the actual outlet static pressure is p 2 
and stagnation pressure is po 2 - 


A.4.2 Nozzle 

A nozzle is used to convert fluid thermal/pressure energy (static enthalpy) into kinetic 
energy with a given set of inlet and outlet pressures. Nozzle efficiency is defined as the 
actual kinetic energy at the outlet divided by the maximum attainable kinetic energy 
under an isentropic process, as shown in Figure A-5 a, that is, 


hp\ — h2 
hoi — h s 2 


Yl- — CV 2 

V* 


where CV is the velocity coefficient of a nozzle. From the energy equation, we have 
/? 0 ] = h ()2 = I 12 + V 2 2 /2 = h s 2 + V 2 j/ 2, where V 2 < V S 2 and CV < 1 since hj > h S 2 - 


A.4.3 Compressor and Tfirbine 

For a compressor or turbine, the energy equation of flow is given as hp\ = /202 + 
w/m, where the flow velocities at the inlet and outlet are approximately the same and 




(a) Diffuser (b) Compressor 

Figure A.4 Processes through diffuser and compressor. 
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Then 

~ = C P T , - l) = 1.004 x 298 ^ - l) = 205.8kJ/kg. 

Example A.2 

In a processing plant, carbon dioxide is being compressed from 14.7 psia and 30°F to 
40 psia through a compressor with flow rate 150 cfm measured at the inlet. Determine 
the input power required if the compressor is well insulated and its efficiency is 87%. 
Also determine the minimum power required if the compressor is being cooled to keep 
the gas temperature constant during the compression process. 


SOLUTION The gas density at the inlet can be calculated as 


Pi 


Pi 

RTi 


14.7 x 144 
35.11 x (30 + 460) 


= 0.123 lb m /ft 3 . 


Hence we have mass flow rate m = 0.123 x 150/60 = 0.307 lb m /s. Neglecting the 
mechanical and leakage losses, from h 2 = h\ + (h s2 — h\)lr) c and assuming ideal gas 
with constant C p , we obtain 


T 2 


(P2/Pl) ik ~ l)/k ~ 1 


= r '( 

/ (40/14.7) (L29 - I)/L29 — 1\ 

= 490 1 + —--- = 632 R. 

V 0.87 ) 


Hence we have 


Wr 

-- = CJT 2 - T { ) = 0.2007(632 - 490) = 28.5Btu/lb m , 

m 


— Wr 


0.307 x 28.5 x 778 
550 


12.4 hp. 


For an isothermal process, we have 


w c 

-= pivi 

m 



= 17,227 lb f -ft/lb m . 


^14.7 x 


144 \ 
0.123 / 


In 



Hence - w c = 0.307 x 17,227/550 = 9.6 hp. 


Example A.3 

Steam of 250 psia and 1000°F enters a steam turbine at a flow rate of 1.21b m /s and 
discharges to the condenser at 10 psia. If the adiabatic efficiency is estimated to be 
85%, determine the possible output horsepower. 
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SOLUTION From the steam Mollier diagram, we have h\ = 1528 Btu/lb m , si = 
1.82 Btu/(lb m -R) at 250 psia and 1000°F. Hence at p 2 = 10 psia, we have h ,2 = 1165 
Btu/lb m , where s s2 = Sj. From ij, = (h\ — h 2 )l(h\ — h s2 ), we have 

h 2 = 1528 - 0.85(1528 - 1165) = 1219.5 Btu/lb m , 

370 3 x 778 

w, = m(h\ - h 2 ) = 1.2(1528 - 1219.5) = 370.3Btu/s =-—- = 523.7hp. 


A.5 THERMODYNAMIC CYCLES 

A working fluid medium may undergo a series of processes and return to its initial 
state, such as those in a power-producing system or a refrigeration system. These series 
of processes make a complete thermodynamic cycle. The basic ideal cycle is called 
a Carnot cycle and consists of isothermal heat addition, isothermal heat rejection, 
isentropic expansion, and isentropic compression processes, as shown in Figure A-6. 
In power-producing systems, the processes proceed in the direction of 1 —2—3—4— 1; in 
refrigeration systems, they proceed in the direction of 1-4-3-2-1. The heat addition 
and rejection processes take place in a heat exchanger or combustion chamber or 
simply through exhausting and intaking between the engine and the ambient atmosphere 
(for open systems). Expansion and compression processes take place in the turbine, 
compressor, or simple expansion valve, nozzle, and diffuser. In an internal combustion 
engine, all of these processes take place in a cylinder. 

The thermal efficiency of a heat engine cycle is defined as the ratio of the net power 
produced to the heat addition from a high-temperature reservoir or from combustion, 
that is, 


w 

7th ,c = 

<Ih 


<lh - qL _ Y - — - \ — 

7/j Qh Th 


where q h is the heat addition from the high-temperature reservoir of Th, qL is the 
heat rejection to the low-temperature reservoir of Tl, and qjqh — TJTh for a Carnot 
cycle. 

Typical values are as follows: for an aircraft gas turbine engine, Th = 2300 K, Tl — 
217 K, and rj ihc = 0.90; for an automotive or stationary gas turbine engine, Th = 1700 
K, Tl = 300 K, and c — 0.82; in a steam turbine power plant, q^ c ~ 0.70. 

In practice, however, the Carnot cycle cannot be achieved due to irreversibility 
and other difficulties, such as heat transfer in the components and pumping or expand¬ 
ing two-phase mixtures. Instead, the Brayton cycle and Rankine cycle, as shown in 
Figure A-7, are used in gas turbine engines and steam power plants or as a refrigeration 
system in the reversed processes. 


T 


2 3 



> 


s 


Figure A.6 Carnot cycle. 
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1-2-3-4-1 Power producing 
4-3'-2'-1'-4 Refrigeration 


(a) Brayton cycle with air or gas 


( b ) Rankine cycle with vapor 


Figure A.7 Thermodynamic cycles for gas turbine, steam power plant, and refrigeration plant. 


A.6 THERMODYNAMIC CYCLES OF GAS TURBINE ENGINES 

Gas turbine engines are extensively used in modem high-speed aircraft propulsion 
systems and are becoming more common in shaft power-producing systems to generate 
electricity and to drive some ground or marine vehicles and other machinery. The 
detailed construction and performance characteristics of the compressor and turbine 
components are discussed in Chapters 6, 7, and 8. The different systems and related 
thermodynamics cycles will be elaborated in this section. 

The gas turbine is a heat engine that converts the chemical energy of fuel to 
mechanical energy in either shaft power or thrust force power form. Comparing with 
reciprocating engines, the gas turbine is better in balancing and has less rubbing and 
seal problems. Comparing with the steam turbine, it is more compact, especially for the 
open-cycle engine. Since the combustion product gas is used as the working medium 
and expands through the turbine directly, no bulky boiler is required. And the gas is 
exhausted into the ambient atmosphere without a condenser, hence no cooling water is 
required. Basic open-cycle gas turbines consisting of three main components and the 
T-s diagram are shown in Figure A-8. Air is drawn from the ambient into the com¬ 
pressor and compressed to a higher pressure. Then it enters the combustion chamber, 
where the fuel, either in liquid or gaseous form, is introduced and burnt. The resulting 
high-temperature, high-pressure product gas is then expanded through the turbine and 
mechanical shaft power is produced. Part of this power is used to drive the compressor. 
The useful output power is the shaft power produced by either the same turbine or a 
separate turbine (A-8 a and b). In a jet engine, it will be the thrust produced by a 
propelling nozzle, expanding the product gas into a high-speed jet (A-8c). 

The primary parameters affecting gas turbine performance in terms of power output 
and efficiency are 

(a) component efficiencies of compressor, r} c , combustor, rjj y , turbine, r ] r , and 
nozzle, r) n . 
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Combustor Combustor 



s 


(c) (d) 

Figure A.8 Gas turbines with basic open cycles. 

(b) maximum temperature at the turbine inlet, 7o 3 ; and 

(c) compression ratio across the compressor, r = po 2 /poi • 

The steady-state energy equation or the first law of thermodynamics applied to the 
unit mass flow in an open-system component can be written as q = {h 2 —h\) + |(V 2 2 — 
V] 2 ) + w, where positive q is heat transfer into the flow, positive w is power output 
from the impeller, and h, V are enthalpy and flow velocity at the inlet and outlet of 
the component. Neglecting the change of kinetic energy and the mechanical losses in 
the component as illustrated in the T-s diagram of A- 8 d, it can be written as w 12 = 
- (h 2 - hi) = — C P (T 2 - T]) for a compressor, <723 = (h - h 2 ) = C P (T 3 - T 2 ) 
for a combustor, and W 34 = (/z 3 — h 4 ) = C P (T 3 — T4) for a turbine. So, with the friction 
losses and gas properties change neglected, that is, assuming isentropic compression 
and expansion, the cycle efficiency and specific work can be expressed as 

_ 1 U 34 + w \ 2 ^ C p (T 3 — T 4 ) — C p (T 2 — T\) _ ^ T 4 — T\ 

?23 c p (t 2 — t 2 ) r 3 — t 2 

= J _ T\(T 4 /Ti — 1) = 2 _ T\ 

T 2 (T 3 /T 2 ~i) t 2 

= '-(-) . (A.5) 

where k = C p /C v , r = p 2 /p\ — p 3 /p 4 , and T 2 !T\ — T 3 /T 4 — r {k ~ l ^ k , and so T 4 IT 1 = 
T 3 /T 2 , and 

w = C p (T 3 - 74 ) - C p (T 2 - T\), 
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or 

w 1 7*3 / T 4 \ (T 2 A 

_ = - [m - r 4 > - m - r.n = - -) -(* ~ >) 

=' (> - Aw?) “ </ *" l>/ ‘ “ l) - (A ' 6) 

where t = Tj/T\. So, in general, we have r] =f(r, k ) and wl{C p T\) — fit, r, k). The 
specific work output w is a measure of the plant size for a given output power and t 
is an indication of the turbine metallurgical limit, which is around 5 or 6 for a typical 
air-cooled turbine. 

As mentioned earlier, to produce a net useful power, both compression and combus¬ 
tion are needed, that is, r > 1 and Tj > TV This can be illustrated from the T-s diagram 
in Figure A-8 d. As r or T 2 /T 2 approaches 1, the cycle becomes that shown with the 
heavy dashed lines, and the net output power, which is represented by the net enclosed 
area of the T-s diagram, approaches zero. Also from Equation (A.6), for w = 0, 
we have ?(1 — l/x) = (x — 1), where x — A* -1 */*, or (x — l)(x — t) = 0. Hence we 
have x = 1 and x = t, or r — t k A k ~V and r = 1, that is, Tj = T 2 and p 2 = p\- 

To find the condition of maximum w under constant t, we can differentiate Equation 
(A.6) with respect to r (k ~ l)lk or x, and set it to zero, that is, 

±(J!L.) = L 1= 0 . 

dx \C p T\) x 2 

So we have x — yft or = -J~t. Since r < - k ~ i ^ k — T 2 IT\ — T^IT 4 , it is equivalent 

to have 

T i T i = t = Ti 
Ti T 4 { Tx 

or T 2 = T 4 for the maximum output power with a given T 3 /T 1 value. 

To improve the overall efficiency and power output, the basic gas turbine system 
can be modified by 

(a) adding an intercooler between compressor stages, 

(b) reheating between turbine stages, and/or 

(c) using turbine exhaust gas to preheat the compressed gas before it enters the 
combustor. 

A heat exchanger can be used to extract heat from the exhaust gas to preheat the 
compressed air, as shown in Figure A-9 a. If dirty fuel is used, the combustor can be 
located downstream of the turbine, as shown in Figure A-9 b. A more complex cycle 
with intercooling between compressor stages, reheating between turbine stages, and 
heat exchanger between exhaust gas and compressed air is shown in Figure A-10. The 
overall efficiency is higher, but the advantage of compactness is lost. 

In order to satisfy some application requirements, the gas turbine can be designed 
as a closed system or be combined with a steam cycle. In a closed system, some special 
gas can be used as the working fluid medium, and heat is transferred to and rejected out 
of the working fluid with the closed-type heat exchangers, as shown in Figure A-ll. It 
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Heat 

exchanger 



Heat 

exchanger 



(a) Upstream of combustor ( b) Downstream of combustor 

Figure A.9 Open-cycle gas turbines with heat exchanger. 



Figure A.10 Complex plant with intercooling, heat exchange and reheat. 


Combustor 



Figure A.ll Basic closed cycle. 


is similar to the steam turbine cycle, except no condenser is needed since gas instead 
of vapor is used as the working medium. 

In the combined gas and steam turbine cycle, as shown in Figure A-12 2 , the 
high-temperature exhaust gas from the gas turbine is used to generate steam in a boiler 
or steam generator to drive the steam turbine. Sometimes, the generated steam or part of 
it is used for space heating or other processes. Then the system is called cogeneration 
or combined heat and power (CHP). With improved, gas turbine technology more 
advantages of this combined cycle compared with the conventional steam power plant 
can be realized, especially when using gasified coal as the fuel source, as mentioned 
in Chapter 8. 

In another application, a closed cycle is designed as shown in Figure A-13. Fuel 
is burnt in the combustor or boiler of an auxiliary cycle, then heat is transferred to the 
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Air inlet 
Exhaust 



Figure A.12 Combined gas and steam turbine cycles. (Reprinted by permission from Moran, 
M. J. & Shapiro, H. N., Fundamentals of Engineering Thermodynamics, 3rd ed., John Wiley & 
Sons, Inc., New York, 1995.) 


.t 




T-S diagram for closed cycle 


Figure A. 13 Closed cycle with an auxiliary cycle. 


gas heater of the closed cycle. Its advantages are that higher system pressure can be 
employed to reduce the plant size and the power output can be adjusted by changing 
the system pressure. Also, no filter is needed to prevent erosion in the main closed 
loop and any gas can be used as the working fluid medium. The disadvantage is that 
it needs an external heating system and a precooler, hence the system becomes more 
bulky. 
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A.6.1 Aircraft Propulsion 

Applications of gas turbine to aircraft propulsion are primarily to produce the thrust 
with a high-speed jet or with a combination of jet and propeller driven by a turbine. 
The main part of the gas turbine can be considered as a high-temperature, high-pressure 
gas generator. The gas exhausted from turbine is expanded through a propelling nozzle, 
resulting in a high-speed jet to produce the thrust force. The process through the nozzle 
is designated from 4' to 5 in the T-s diagram of Figure A-8. The thrust force and 
propulsive efficiency are important parameters. Three basic types of aircraft gas turbine 
engines are shown in Figure 8.1. In a turbojet, all the thrust is produced by the jet issued 
from a propelling nozzle. In a turbofan, the jet is formed by mixing the core flow from 
the nozzle and the bypass flow through the outer annulus from the fan upstream. The 
noise level is lower in a turbofan since the jet velocity is lower while the mass flow 
rate is higher for the same amount of thrust. In a turboprop, the thrust is produced from 
the propeller and jet. Its propulsive efficiency is higher, but it is limited to subsonic 
flight. 

The T-s diagram for a turbojet with frictional effects is shown in Figure A-14a; 
the dashed lines are for the ideal processes. Since the power produced by the turbine is 
equal to that required by the compressor, we have 7o3 — Tq 4 = T 02 — 7oi• The thrust 
force produced by the jet in flight can be written as 


F = m(Vj - V a ) + Aj(pj - p a ). 


(A-7) 



Ideal processes 
without friction 


Actual processes 
with friction 



VjlV a 


F/mV a 

n 


(b) 

Figure A.14 T-s diagram for basic turbojet. 
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where m is air mass flow rate, V a is forward speed, and Vj is the jet flow velocity 
relative to the engine. The first term is called momentum thrust and the second term 
is pressure thrust. Velocity Vj can be calculated as Vj = [ 2 C p ( 7<)4 — T 5)] 0 5 if the 
expansion through the nozzle is unchoked, and the pressure at the nozzle exit plane 
is equal to the ambient pressure. If the expansion is choked, we have pj > p a and Vj 
has to be calculated for the condition of unit Mach number, that is, Mj = 1. From 
Vj = a 5 = ( kRT 5 ) 05 and Vf/2 = C p (T 04 - T 5 ), we have T 5 = 2T M l(,k + 1). Then 
from t] n - (T 04 - T 5 )/(T Q4 - T s5 ), we have T s5 = T (n - (T 04 - T 5 )/??„ and p 5 = 
P04(Ts5/T04) k/(k ~ l) . 

For the unchoked condition, the propulsive efficiency can be expressed as 

= mVg(Vj - Va) = 2 = 2 

11P m[V a {Vj - V a ) + (Vj - V fl ) 2 /2] 2 + (Vj - V a )/ V a 1 + Vj/V a 

From Equations (A.7) and (A. 8 ) neglecting the pressure thrust, it is shown that F 
is maximum but rj p — 0 with V a — 0 and rj p is maximum but F — 0 with Vj/V a = 
1. The optimum operation will be obtained when Vj is moderately greater than V a . In 
terms of the nondimensional parameters, they can be plotted as shown below. Since the 
optimum range of Vj/V a is relatively narrow, the choice of engine type for application 
is mainly determined by the flight speed. In other words, the turbojet is for the highest 
speed, the turbofan for the medium speed, and the turboprop for the lower speed. 

Example A.4 

A basic open-cycle gas turbine operates with air entering the compressor at 14.7 psia 
and 80°F. The pressure ratio is 6 , and air exits the combustor at 1650°F. Determine 
the specific work output per unit mass of air and the thermal efficiency of the cycle if 
the compressor and turbine adiabatic efficiencies are 82 and 87%, respectively. 

SOLUTION 

From T s 2 /T\ = TiIT s4 — (p 2 /pi) (k ~ l)/k , we have T s2 = 901 R, 3 

T s4 = 1264.6 R. From r] c = (T s2 - Ti )/(72 - 7j), we 
have T 2 = 980.2 R, and hence w c = C p (T 2 - 7j) = 149.4 
hp/(lb m /s). From t], = (T 3 — T 4 )/(T^ — T s 4 ), we have T 4 
= 1374.5 R, and hence w, = 249.7 hp/(lb m /s). So we have 
w = w, - w c = 100.2 hp/(lb m /s), q in - C P (T 3 - T 2 ) = 

383.5 hp/(lb m /s), and rj lh = w/q in = 0.26 = 26%. 

S 

Example A.5 

A heat exchanger of 70% effectiveness is added in the gas turbine cycle in the above 
example as shown in Figure A-9 a. Determine the improved thermal efficiency. 

SOLUTION From i lhx = (7V - T 2 )/(T 4 - 7>), where 7> = T 2 , we have T r = T 2 
+ rj hx (T 4 - T 2 ) = 980.2 + 0.7(1374.5 - 980.2) = 1256.2 R. Hence q in = C p (T 3 - 
T r ) = 0.339(2110 - 1256.2) = 289.4 hp/(lb m /s) and rj th = 99.8/289.4 = 0.346 = 
34.6%. 
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Example A. 6 

A turbojet aircraft flies at 650 mph in the atmosphere of 10.5 psia and 50°F. The 
compressor pressure ratio is 5, and the turbine inlet temperature is 1350°F. Assume the 
adiabatic efficiencies of intake, compressor, turbine, and nozzle are rp = 0.90, rj c = 
0.80, 7 ], = 0.87, and rj n = 0.92, respectively, and the pressure drop in the combustor 
is negligible. Determine the jet velocity and thrust if the air mass flow rate is 601b m /s. 

SOLUTION Referring to Figure A-14 a, with V a — 650 mph = 953 ft/s, we have 
7oi = Toa =T a + Vg/2C p = 510 + 953 2 /(2 x 0.24 x 778 x 32.2) = 585.5R. From 
m = (T s0 \ - T a )/(TQ i - T a ), we have T s0 \ = T a + /?,( 7oi - T a ) = 577.9 R and p 01 
= Pa(Tsoi/T a ) k /«-» — 10.5(577.9/510) 3 - 5 = 16.3 psia. Hence we have po 3 = P 02 = 
5 x 16.3 = 81.5 psia and T s02 = Tbi(5) 02857 = 927.3 R. From r) c = (T s0 2 - T 0 1 )/ 
(7o 2 — 7oi), we have Tq 2 = Toi + (T s cn — T 0i )/r] c = 1012.7R. For the turbojet, if 
w c = w, is assumed, we have — Toi — (Tq 2 — Toi) = 1810 — (1012.7 — 585.5) 
= 1382.8 R. From rj t = (T 03 - T M )/(T m - T m ), we have T s04 = T m - (T 03 - Im)/ 
V, = 1318.9 R, and p M = Po^Tsoa/To^) 3 5 = 26.9 psia. 

To check whether the flow is choked at the nozzle exit, we calculate the choking 
condition from T c = 2T 04 /(k + 1) = 2 x 1382.8/(1.4 + 1) = 1152.3 R, T sc = T M - 
(7o4 - T e )/ri n = 1382.8 - (1382.8 - 1152.3)/0.92 = 1132.3 R, and p c = p M {T sc IT w ) 

— 26.9(1132.3/1382.8) 3 - 5 = 13.36 psia. Since p c > p a , the flow is choked at the nozzle 
exit plane, and hence we have T 5 = T c = 1152.3 R, p 5 = p c = 13.36 psia, and V) 
= (kRT 5 ) 0 - 5 = (1.4 x 53.33 x 32.2 x 1152.3)° 5 = 1664.4 ft/s. From p 5 = p 5 /RT 5 
= 13.36 x 144/(53.33 x 1152.3) = 0.0313 lb m /ft 3 , and m = pVA, we have A 5 = 
60/(0.0313 x 1664.4) = 1.15 ft 2 , and hence 

F = m{Vj - V a ) + A 5 (p 5 - Pa ) = 60(166 ^ 2 ~ 953) + 1.15(13.36 - 10.5) x 144 

= 1325.6 + 473.6= 1799.2 lb f . 

Example A. 7 

A steam power plant operating on a Rankine cycle is combined with the gas turbine of 
Example A.4. The exhaust gas from the gas turbine is used to generate steam as shown 
in Figure A-12. The boiler efficiency is 75% with water/gas mass flow ratio of 0.10. 
The steam turbine and pump efficiencies are 84 and 80%, respectively. The condenser 
pressure and pump discharge pressure are 2 psia and 100 psia, respectively. Determine 
the thermal efficiency of the combined cycle. 

SOLUTION Referring to Figure A-12 and assuming pure saturated liquid at the 
condenser outlet, we have hg = hf = 93 Btu/lb ra from the steam table. With p% = 
P 9 — 2 psia and p& — 100 psia, we have /z 6 = hg + A p/r} p p = 93 + (100 — 2) x 
144/[0.8(62.4 x 778)] = 93.4 Btu/lb m . Assuming T^ = Tg = 585 R with the definition 
of boiler efficiency, rp, — (h 7 — h(,)m w /[C p (T 4 — Ts)m g ], we have hj — 0.75 x 
0.24(1374.5 — 585)/0.10 + 93.4 = 1514.5 Btu/lb m . Assuming p^'Ap-j — 100 psia, we 
obtain s% s = s 7 = 1.908 Btu/lb m R and h$ s — 1120 Btu/lb m from the steam table. From 
the definition of turbine efficiency, rp = (fi 7 — h^)/(h 7 - h% s ), we have Ag = 1514.5 

- 0.84 x (1514.5 - 1120) = 1183 Btu/lb m , or w t = hr, - fa = 331.4 Btu/lb m , w p = 
0.4 Btu/lb m . 
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Hence the additional power output from the steam power plant per unit mass flow 
rate of gas through the gas turbine is Aw = (w, — w p )m w /m g = 331 x 0.1 = 33.1 
Btu/lb m = 46.8 hp/(lb m /s) and the new thermal efficiency q t h = (99.8 + 46.8)/382.6 = 
38.3%. 


A.7 RANKINE CYCLES WITH VAPOR 

The Rankine cycle with vapor as the working medium for power producing or refriger¬ 
ation is shown in Figure A-7 b. The power-producing cycle proceeds as 1-2-3-4-1, 
with steam as a common medium. Other media are used for some special applications. 
The process from 1 to 2 is through a pump requiring power input w p . The process 
from 2 to 3 is through the boiler or steam generator, requiring heat transfer in, q t , The 
process from 3 to 4 is through the steam turbine producing power output w t . while that 
from 4 to 1 is through the condenser rejecting heat out, qo. 

Hence the thermal efficiency is defined as = (w, — w p )/«j, = 1 — qo/qi , where 
w, — w p — qi — q 0 from the conservation of energy. 

A detailed schematic of the more sophisticated system as shown in Figure A-15 2 is 
designed to improve overall efficiency. Both steam reheating and feedwater regeneration 
are implemented. Detailed discussions are available in thermodynamics texts. 

The refrigeration cycle in Figure A-7 b proceeds as 4-3 / -2'-l / -4. The process 
from 4 to 2' is through a vapor compressor, requiring power input w,-. The process 
from 3' to 2' is through a condenser rejecting heat out, qo- The process from 2’ to 1' 
can be a simple throttle valve to produce pressure drop (hence hy = hy) or it can be 
a small turbine to produce some power output wo with pressure drop (then hy < hy). 
The process from V to 4 is through an evaporator to absorb heat in, q,, to cool the 



Figure A.15 Schematic diagram of Rankine cycle with reheating and regeneration. (Reprinted 
by permission from Moran, M. J. & Shapiro. H. N., Fundamentals of Engineering Thermody¬ 
namics, 3rd ed., John Wiley & Sons, Inc., New York, 1995.) 
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enclosed space air or chilled water. For a refrigeration system, the parameter concerned 
is called the coefficient of performance, defined as /J = 

Since the medium in the condenser and evaporator is a two-phase saturated mixture, 
the processes are constant pressure, and the enthalpy through a throttle valve is constant, 
the Mollier diagram for the refrigerants is commonly drawn as a p-h diagram. A 
detailed schematic of the HVAC system is shown in Figure 1.5 . 

Example A.8 

A basic refrigeration system is operated with R-134A refrigerant with the following 
conditions: 

1. Evaporator temperature is kept at 0°F. 

2. Condenser pressure is kept at 200 psia. 

3. Refrigerant mass flow rate is 101b m /s. 

Determine the coefficient of performance /?, compressor power required P c , and refrig¬ 
eration capacity Q assuming no superheat in the evaporator outlet, no subcooling in 
the condenser outlet, and the compressor efficiency is 75%. 

SOLUTION The T-s and p-h diagrams are shown below for convenience, where 
4-,v3 is the isentropic process to be used for the definition of compressor efficiency. 


p 


s h 

From th & p-h diagram for R134A from a thermodynamics text, we have h 4 = 104 
Btu/lb m , hz = hi = 53 Btu/lb m , p 4 — p } = 20 psia, $4 = s s j, = 0.226 Btu/lb m -R, and 
h s 3 = 122 Btu/lb m . 

Hence from q c = (h s 3 — h 4 )/(hy — h 4 ), we have hy = h 4 + (/z^ — h 4 )lr\ c — 104 
+ (122 — 104)/0.75 = 128 Btu/lb m , or the compressor work required per unit mass is 
Wj = hy — h 4 = 128 — 104 = 24 Btu/lb m , the heat absorbed by the evaporator per 
unit mass is q\ = h 4 — h\ = 104 — 53 = 51 Btu/lb m , the coefficient of performance 
is — q l /w l = 51/24 = 2.1, total compressor power required is P c = mw, = 10 x 
24 = 240 Btu/s = 340 hp, and refrigeration capacity is Q r = mq, = 10 x 51 = 510 
Btu/s = 153 tons (1 refrigeration ton = 12,000 Btu/h). 


A.8 COMPRESSIBLE FLOW THROUGH A CHANNEL 

The compressible flow through a channel is governed by 
(a) conservation equation of mass, 
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(b) conservation equation of momentum, 

(c) conservation equation of energy, and 

(d) equation of state. 


In general, there are three momentum equations since momentum is a vector param¬ 
eter. Hence there are total of six equations to solve for six unknowns, p, p, T, V x , V y , 
and V z . If the flow is turbulent or a two-phase mixture, there will be more unknowns 
and equations. These equations can be solved numerically with a computer. This is 
so-called CFD (computational fluid dynamics), which is beyond the scope of this text. 
Its application to turbomachine design and analysis is briefly discussed in Appendix C. 

Some basic physics will be presented in terms of quasi-one-dimensional flow 
through a channel with variable cross-sectional area. It is applicable to the flow analysis 
in a nozzle, diffuser, or radial-flow impeller channel. The governing equations based 
on the assumptions of adiabatic and inviscid (hence isentropic) flow are as follows: 


Mass: pVA = const., 


Jp 

P 



dV 

~V 


- 0 . 


(A.9) 


Energy: C P T + V 2 /2 = const., 
State: p — pRT, 




CpdT + VdV = 0. 

(A. 10) 

dp dp dT 

P P + T 

(A.ll) 

: const., 

dp dp 

P P ' 

(A. 12) 

Via , a 2 = kRT, 


dM dV da dV 1 dT 

~ ~ ~ ~a ~ ~V ~ 2~T' 

(A. 13) 


Notice that the momentum equation is not included, since it is redundant for isen¬ 
tropic flow, and the differential forms are obtained from the algebraic forms by taking 
the logarithm on both sides of the equations and then taking the differential on each 
term. Equation A. 10 can be rewritten as, or 


or 


dT _ V 2 dV _ 
p ~T ~ TV ~ 


kRV 2 dV 
kRT ~V 


- kRM 2 


dV_ 

~V' 


dT 

~T 


-(* 


I )M 2 


dV 

~v~' 


From (A.ll) and (A.12) we obtain 


(*- 1 ) 


dp 

P 


dT 

~T' 
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Hence 


dp 

P 



Combined with (A.9), we finally have 


dA 

~A 


= (M 2 - 


D- 


dV 

V 


Cy 


dV 

V 


Also, from (A. 13), we have 


(A.14) 


(A. 15) 


dM 

~M 




dV 

~v 


and 


dA M 2 - 1 dM 

~A ~ ! + [(*- 1)/2]M 2 ~M~ 



(A. 16) 


Equations (A. 15) and (A. 16) have some important and interesting implications. 

The effects of cross-sectional area change on flow are different 
for subsonic and supersonic flow: 

For M < 1 (subsonic flow, Cj < 0, C 2 < 0), in the divergent 
channel, that is, dA > 0, both V and M decrease in the flow 
direction, and in the convergent channel, that is, dA < 0, both V and M increase. 
The trend is the same as that in incompressible flow. 

For M > 1 (supersonic flow, C 1 > 0, C 2 > 0), in the divergent channel, both V 
and M increase, and in the convergent channel, they decrease, just opposite to 
subsonic or incompressible flow. 

When dA = 0, that is, at the throat of a convergent-divergent channel or at the 
maximum cross-sectional area, the Mach number can be either unity or the extreme 







M - 

V - 




Figure A.16 Variations of Mach number and flow velocity in a channel with variable 
cross-sectional area 
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(maximum or minimum), as shown from Equation (A. 16). The velocity has to be 
extreme from Equation (A. 15) and is shown in Figure A-16. 

Detailed flow characteristics will be analyzed for two types of flow passages: 
convergent nozzle and convergent-divergent nozzle. 


A.8.1 Convergent Nozzle 


If the reservoir condition is fixed at po and 7o and the 
back pressure pb decreases, the pressure through the chan¬ 
nel will change as shown until pb — p*, where p* = 
Po[2/(k + l)]*/(*-b is the critical pressure. The Mach num¬ 
ber at the exit will be unity. But the flow inside the nozzle 
is always subsonic. Further decrease in pb will not affect the 
flow upstream, and the flow is choked. But the expansion 
waves develop near the exit. Hence in the range of po > pb 
flow velocity at the exit can be calculated from the isentropic 



i-► 

X 

> p*, p e = Pt, and the 
flow equations, 



and the mass flow rate is given as 


ttl — Pb^e^e — P§A e 



Ve — PoAg 



V e . 


When p b < p\ Pe = p* = p 0 [2/(k + I)]*/'*" 1 ), and V e = a* = /(k + T)a 0 = 

j2kRT 0 /(k + 1) = y/[2k/(k + l)]po/po, m = p* V e A e = const. The variations of 
p e and m with respect to pb are shown qualitatively in the diagram. 



If the back pressure is fixed and reservoir pressure increases, the flow will be 
isentropic and subsonic all the way until po = p*[(k + l)/2]*^* -1 , where p* = p b . 
Beyond that, flow at the exit will be at Mach 1, that is, M e = 1, and p e = p*, a e = a*. 
But the mass flow rate will keep increasing since we have 


m = p e V e A e — p*o*A e = p 0 a 0 ( — ) ( — ) A e ~ p 0 aoA e -^=, 

\Po/ \aoJ VTq 

where po increases with po- In other words, the mass flow rate will be directly propor¬ 
tional to the reservoir pressure po, as illustrated in the following diagram. 
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Pbp * Po 


A.8.2 Convergent-Divergent Nozzle 

There are four possible flow regimes in the convergent-divergent nozzle when the back 
pressure decreases relative to the reservoir pressure, as shown in Figure A-17 2 . 

1. In the flow regime a to d, we have po > Pb > Pb, crit > the flow is isentropic 
and subsonic all the way. Hence pb and p t can be related with the isentropic flow 
equation, 



where p t , is the pressure at the throat. 

And p bcrt is defined as the value of pb when M, just reaches 1, or p, = p*. It can 
be evaluated by setting p t /po = p*/po = [2 !{k + l)]^* -1 in the above equation, that is, 



Figure A.17 Flow regimes in convergent-divergent channel (Reprinted by permission from 
Moran, M. J. & Shapiro, H. N., Fundamentals of Engineering Thermodynamics, 3rd ed., John 
Wiley & Sons, Inc., New York, 1995.) 
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(A. 18) 


2. If pt, keeps decreasing, the supersonic flow will expand from the throat into 
the divergent section with decreasing pressure and a shock wave occurs somewhere to 
bring the pressure up to match the back pressure at the exit plane. This is the flow 
regime d to g until the shock wave reaches the exit plane as shown in Figure A-17. 
The shock wave will be discussed in the next two sections. 

At this point, the pressure p e upstream of the shock wave can be related to A e /A* 
through the isentropic flow equation, which is the second solution of Equation (A. 18) 
in the form 


El 

Po 


2/k 


Ei\ 

Po) 


(k+ D/A- 


k+ 1 


(k+i)/k-\ 



(A. 19) 


And the Mach number M e upstream of the shock wave can be determined as 


1 

~M~e 


! + [(*- D/2]M g 2 
(* + l)/2 


(k+\)/[2{k—\)\ 

_ 

~ A*' 


(A.20) 


This means that for each AJA* there are two Mach numbers, one for subsonic, the 
other for supersonic, depending on the magnitude of back pressure. The back pressure, 
designated as pb 3 , is related to p e , through the normal shock wave equation, to be 
discussed in the next section. 

3. As pb keeps decreasing from pb g , the shock wave moves downstream of the 
exit plane and the flow becomes “overexpanded.” It is called overexpanded because 
p e < pb and a series of oblique shock waves and expansion waves are required to 
recover pressure back to pb- 

When pb = Pi , the “design point” is reached and there is no shock wave anywhere. 
This pressure, designated as pb = p ; = p e , can be determined from Equation (A. 19). 

4. If pb keeps decreasing, the flow becomes “underexpanded” and expansion waves 
occur at the exit plane to reduce the pressure from p\ to pb- 


A.9 NORMAL SHOCK WAVES 

A shock wave is a finite discontinuity in compressible flow and can be either stationary 
or moving with respect to the observer’s reference frame. Its formation is due to the 
accumulation of a series of weak waves (small disturbances), either compression or 
expansion waves, as explained below: 

(a) If the piston has a sudden motion to the right with a finite velocity V , which can 
be approximated as a series of small steps of increase of velocity, AV. These 
small steps of increase of velocity will create a series of compression weak 
waves propagating to the right, as shown in Figure A-18a. The first wave will 
travel at speed ci\ related to the temperature T\ of the gas medium undisturbed. 
But the second wave behind will travel at speed a 2 , which is greater than a\, 
since the gas ahead the second wave has been compressed by the first wave. 
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The same process will happen to the third, fourth waves, and so on (.. .<24 > a 3 
> 02 > < 2 i). The waves behind will catch up to the wave ahead and accumulate 
into a strong wave, that is, a shock wave. 

(b) If the gas in the channel is initially stationary and the back pressure pb starts to 
decrease, it will create a series of expansion waves propagating upstream and 
causing the gas flow velocity to increase, as shown in Figure A-18&. After the 
flow velocity at the throat reaches Mach 1, the expansion waves due to further 
decrease of the back pressure cannot propagate upstream beyond the throat be¬ 
cause the flow will carry the waves back downstream. The flow downstream of 
the throat becomes supersonic. In other words, the expansion waves can propa¬ 
gate upstream only in the subsonic flow region, not in the supersonic flow region, 
and will be accumulated between these two regions to form a shock wave. 

Shock waves can be normal, oblique, or curved with respect to the flow direc¬ 
tion due to interference with other shock waves or expansion waves in the two- or 
three-dimensional. 


A.9.1 Stationary Normal Shock Waves 

Since a shock wave is a discontinuity in an otherwise continuous gas medium, the 
flow properties across the shock wave have to be derived from the finite forms of 
mass, momentum, and energy equations (differential forms are not applicable and the 
detailed process inside the shock wave has to be studied with a statistical method). 

To relate the flow properties upstream and downstream of a stationary normal 
shock wave, we apply the conservation equations to the control volume enclosing the 
shock wave: 


Pi^i = P2V2. 


Pi ~ P2 = 


P 1VKV2- Vi), 
P 2 V 2 (V 2 - Vi). 



(A.21) 

(A.22) 

(A.23) 


Since the control volume is very thin, the friction effect on the side surface is 
neglected in the above momentum equation. 



(a) (b) 

Figure A.18 Formation of normal shock waves. 
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Neglecting the heat transfer into or out of the control volume, the energy equation 
can be written as 

\ V, 2 + C p T x = \ V 2 + C p T 2 = C p T 0 . (A.24) 

Or Equations (A-22) and (A-23) can be combined into 

Vi - Vi = ( Px - p 2 ) (- + - V (A.25) 

\Pi Pi) 

It is interesting to compare this equation with the Bernoulli equation for constant p. 
With P = pRT, Equation (A.24) becomes 



Combining Equations (A.25) and (A.26) and using (A-21), we obtain 


(A.26) 


Yi __ p 2 _ (rtp f, + 1 

VW,- (f±}) + a ' 

Also with P = pRT, we have 

Z 2 _ ElEl - + pf 

2 "(f±*) + £‘ 


(A.27) 


(A.28) 


These relations, called Rankine-Hugoniot relations, show the velocities, densities, 
and temperature ratio across the shock wave, as a function of the shock wave strength 
(p 2 lp\), which can also be related to the upstream Mach number M\, to be discussed 
next. 

The fact that p 2 lpi should be greater than 1 across a shock wave can be ascer¬ 
tained from the entropy consideration. From s 2 — si = C p \vt(T 2 IT\) — R \n(p 2 /pi) and 
Equation (A.28), A s/R — (s 2 — s x )/R can be expressed in terms of p 2 /p i and plotted 
as shown. Since entropy always increases in the adiabatic process, that is, A s/R > 0, 
it is only possible that P 2 /P\ > 1 across a shock wave. 



Also, across a shock wave, we have 7ol = To 2 since it is an adiabatic process, but 
Poi 7 ^ P 02 because it is a nonisentropic process. Or, from the entropy equation, 


SQ 2 — ■'>01 = C p In 



-R In 
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If the flow is set up with two reservoirs as shown, it is also clear from intuition that 
P 02 < Po\ for a flow to be possible. 


Pol 
To i 



Pol 

T„i 


In engineering analysis, it is more convenient to express the flow properties ratio 
across a shock wave in terms of the upstream Mach number M\ . From the same set 
of mass, momentum, energy, and state equations, the following expressions can be 
obtained: 


El = 2kM i ~ (* ~ !) 

Pi k +1 

P2 _ (k + 1 )Mf 
Pi ~ 2 + (k- \)M\' 

Ti = Pi P\_ = 

Ti pi P2 (Jk + 1 ) 2 M] 

M 2 (k-\)M* + 2 

2 2kM\ — (jfc— 1)' 


(A.29) 
(A.30) 
(A.31) 
(A.32) 


Since the stagnation and static pressure ratios can be related with isentropic equations, 
Po 2 lpo\ can also be expressed in terms of M \, 


P02 

Poi 


P02/P2 P2 

-X — 

POI/Pi Pi 


= /(Mi) 


So Mi is the only parameter required to determine the properties ratios across a shock 
wave. 

Again the entropy change (^ 2 — $ 1 ), if expressed in terms of M 1 and plotted as 
shown, demonstrates that the Mach number upstream of a shock wave has to be greater 
than 1 (Mi >1). 



1 M, 


Also, by rearranging Equation (A-32) into 

2 M] + 2/{k-\) 

1 -x-, 

[2k/(k - 1 )}M\ - 1 
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it can be shown that the denominator is greater than the numerator for M\ > 1. Hence 
it is concluded that M 2 is always less than 1. This means that across a shock wave 
flow changes from supersonic to subsonic (it cannot be the other way around). 

At the limiting case, when M\ approaches 1 (say 1 < M\ < 1.1), the flow across a 
shock wave will become isentropic, and the weak shock wave will become an acoustic 
wave. 


A.9.2 Moving Shock Waves 

Assume the shock wave (s.w.) is moving to the 
right at U s into a stationary gas medium at p\, T\ 
and induces the gas to move at V and compresses 
it to P 2 , T 2 . Converting the flow into a frame with 
a stationary shock wave, the gas will flow from 


Moving s.w. 


U, 


stationary s.w. 


right to left as shown. So with respect to the stationary shock wave, the parameters 
should be 


V, = u s , v 2 = u s - V, 


or 


Mi 



a 1 


M 2 = 


Us-V 

«2 



M s a\ 

ai 



Substituting Mi, M 2 into the stationary shock wave equations derived in the previous 
section, we obtain the equations for a moving shock wave in terms of M s and M 2 as 
follows: 



p 2 2k Mj -(k- 1) p 2 (k + 1)M; 

~ k- 1 ’ ~p x ~ 2 + (k- 1 )M} 

T 2 = P 2 P 1 = [2kM^ — {k — 1)][2 + (fc — 1)M^] 
T\ Pi P2 (k + 1 ) 2 Mj 



(k - 1)M^ + 2 
2kMj - ( k-l ) 


From the last equation, M 2 can be obtained in terms of M s , and V = M 2 a 2 . 


A.10 OBLIQUE SHOCK WAVES 



\ 

S.W. 


Oblique shock waves can occur in flows over a sharp wedge or a sharp comer 
as shown. Flow can be divided into normal and parallel components. The parallel 
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components do not change across the shock wave, and the normal components can be 
related with the normal shock wave equations derived. The first problem on an oblique 
shock wave is to determine the relationship between the shock wave angle (5 and the 
deflection angle 5 with respect to the upstream Mach number M \. The flow velocity 
components across an oblique shock wave is depicted as shown. 




It is shown that N\ = V\ sin /?, N 2 = V 2 sin(/3 — 8) or M n \ = M\ sin f3, M n 2 — 
M 2 sin(/3 — 6 ), and they can be related through the normal shock wave equations such 
that 


P2 

Pi 

P2 

P\ 

Tz 

Tx 

M 2 sin 2 (/I — 5) 

P 02 

Pox 


2kM\ sin 2 /3 — (k — 1) 

FTT 

(k + 1)M 2 sin 2 /3 
2 + (k - 1)M 2 sin 2 ft ’ 

p 2 pi _ [2 kM\ sin 2 p-(k- 1)][2 + (k - 1)M 2 sin 2 
Pi P2 (k + 1) 2 M 2 sin 2 

M 2 sin 2 /3 + 2/(k - 1) 

2kM] sin 2 £/{k — 1) — 1 ’ 

P 02 / P 2 P 2 
———x — 

P01/P1 P 1 


(A.33) 
(A.34) 
(A.35) 
(A.36) 


where the stagnation and static pressure ratios can be obtained from the isentropic 
equations. Since M n \ > 1 as proved from the entropy consideration earlier, it is neces¬ 
sary that M 1 sin > 1. That means sin - 1 (l/Mi)< ft <90°. 

When = 90°, it is a normal shock wave; when fi = sin _ 1 (l/Mi) < 90°, it 
becomes a Mach wave, where the object diminishes to a point or 8 approaches zero, 
and p 2 /px = 1 - 

From tan j 3 = N\/L\, tan(^5 — 8 ) = N2/L2, and p\N\ — P2N2 [with L\ = L 2 and 
Equation (A.34)], an important relationship between M\, ft, and 8 can be obtained as 


2cot/3(M 2 sin 2 )3 — 1) 
2 + M 2 (& + cos 2 /l) 


(A.37) 


It is plotted in Figure A-19. 

For each 5 and M\ there are two solutions for /l, one for the strong shock wave 
with M 2 < 1, the other for the weak shock wave with M 2 > 1. Which one actually 
occurs depends on the downstream condition. When <5 = 0, it will be either normal 
shock waves or Mach waves. When 8 > 8 max , the shock wave becomes detached, or 
for a given 8, the shock wave changes from detached to attached as Mi increases since 
8 max increases with Mj. 
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Figure A.19 Relationship between oblique shock wave 
parameters. 


When a shock wave is incident on a flat wall, a second shock wave has to be 
reflected in order to turn the flow next to the wall back to the parallel direction as 
shown. 



Examples of shock wave interactions occur in the following two cases: 

(a) In flow along a concave wall consisting of several angular changes, the oblique 
shock waves generated at the changes tend to converge and coalesce into a 
single stronger shock wave, as shown in Figure A-20a. 

(b) The oblique shock waves a and b initiated at the opposite concave walls 
will interact to generate two transmitted shock waves c and d, as shown in 
Figure A-20 b. And in regions 4 and 5, the flow velocity directions and pres¬ 
sures should be the same along a slip-line. But the density, flow velocity 
magnitude, and entropy can be different, since the strength of shock waves a, 
c and b, d could be different. 


/ 

/ 

/ 

J 




Figure A.20 Interaction of two oblique shock waves. 
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PROBLEMS 


A.l Air expands from a reservoir of 2 MPa, 290 K to a back pressure of lOOkPa through a 
nozzle. Determine the exhaust air velocity. 

A.2 Air in a flow passage has a temperature of 150° C, a pressure of 300 kPa, and a velocity 
of 120 m/s. Determine the stagnation temperature, pressure, and Mach number at that point. 

A.3 Air enters a diffuser of area ratio 1.5 at lOOkPa, 30°C with a velocity of 150m/s, and 
the exit temperature is 40° C. If heat loss of 0.4 kJ/kg occurs, find the exit air velocity and static 
pressure. 

A.4 Air entering a compressor at lOOkPa, 15° C is compressed to 1.0MPa. If the compressor 
efficiency is 80%, what is the power input required per unit mass flow rate of air? 

A.5 A compressor draws air from an atmosphere of 101 kPa and 25° C. At the inlet the static 
pressure is measured to be 70kPa, and at the outlet the flow velocity is measured to be 20 m/s. If 
the static discharge pressure ratio is 9 and the total-to-total efficiency is 87%, what is the static 
temperature at the outlet and the shaft power required per unit mass flow rate of air? 

A.6 Air is being compressed from 95kPa and 15°C to 700 kPa at an inlet volumetric flow 
rate of Sm 3 /min with a polytropic process (n = 1.30). Cooling water of 14kg/min through the 
compressor jacket has a temperature rise of 5° C. If air velocity at the inlet is negligible but is 
120 m/s at discharge, determine the input power required. 

A.7 Air enters a turbine at 3 MPa, 500° C, and 70 m/s and expands through a pressure ratio 
of 10:1. The air exhausts at a velocity of 140 m/s. If the turbine efficiency is 85%, determine 
the work output per unit mass flow rate of air. 

A.8 A nozzle is tested with air entering at 1.2 MPa, 1500 K, 12 m/s and the discharge is 
measured as 600 kPa, 1280 K. What is the exit flow velocity, nozzle efficiency, and nozzle 
inlet/outlet diameter ratio? 

A.9 The turbine in a jet engine receives air at 2300 R, 250 psia and exhausts to a nozzle at 
35 psia with negligible velocity. If the ambient atmosphere pressure is 14.7 psia and the turbine 
and nozzle efficiencies are 87 and 95%, respectively, determine the nozzle inlet temperature and 
the air velocity at nozzle exit. 

A.10 A gas turbine has a compressor inlet condition of lOOkPa, 35°C, 30m/s and discharges 
at 700 kPa, 290°C, 10 m/s. Fuel enters the combustion chamber and raises the air temperature to 
930°C before entering the turbine with a negligible velocity. The turbine discharge temperature 
is 435° C, 95 kPa, and 50 m/s. Determine (a) the compressor and turbine total-to-total efficiencies 
and (b) the cycle thermal efficiency. 

A.ll A gas turbine power plant is designed to deliver 8000 hp to drive an electric generator. 
The ambient condition is 70°F and 14.7 psia, pressure ratio is 6 : 1, the adiabatic efficiencies of 
compressor and turbine are 85 and 89%, respectively, and the inlet temperature of the combustor 
is 1250°F. Determine the required air flow rate and the cycle thermal efficiency. 

A.12 The gas turbine in Problem A.ll is installed with a scale-down turbine, just enough to 
produce the power to drive the compressor, and a propelling nozzle with efficiency of 90%. 
Determine the nozzle exit plane area and the static thrust when tested at the given ambient 
condition mass flow rate. 
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A.13 A steam turbine is tested with steam of 200 psia and 1000°F at the inlet. If the condenser 
pressure is maintained at 10 psia and the turbine exit temperature is measured as 350 F, estimate 
the turbine efficiency and its shaft power output per unit steam mass flow rate. 

A.14 A vapor compression refrigeration cycle with refrigerant R134a as the working fluid 
operates with an evaporator at 10 psia, 5°F superheated and a condenser at 90 psia. A centrifugal 
compressor of 82% adiabatic efficiency and a simple throttle valve are employed. Determine the 
refrigeration capacity in tons (1 ton = 12,000 Btu/h) and the shaft power required to drive the 
compressor if the mass flow rate of the refrigerant is 0.12 Ib/s. 

A.15 Consider an ideal refrigeration cycle that uses R134A as the working fluid. The tem¬ 
perature of the refrigerant in the evaporator is 20°F, and in the condenser it is 140°F. The 
refrigerant is circulated at the rate of 0.151b m /s. Determine the coefficient of performance and 
the refrigeration capacity of the plant. 






Airfoil Characteristics 


Because airfoil sections are extensively used in axial-flow machines, their aerody¬ 
namic characteristics and the details of some NACA airfoils will be discussed in this 
Appendix. 


B.l FLOW OVER OBJECTS 

The complexity of the flow pattern over an object depends on the flow velocity and 
the object geometry. To simplify the analysis, the flow field can be divided into two 
regions. The viscous effect is considered only in the boundary layer next to the object 
surface. Outside the boundary layer, the fluid is considered as inviscid potential flow. 
At low flow velocity, it can even be assumed as incompressible fluid. 

The boundary layer can be either laminar or turbulent. It can transit from laminar 
to turbulent, and also be separated from the surface, when the flow velocity gradient 
at the surface changes from positive to negative, as shown above. The occurrences of 
boundary layer transition and separation depend on the Reynolds number, pressure gra¬ 
dient, surface roughness, object geometry, and its orientation with respect to the mean 
flow direction. If the pressure decreases in the flow direction, there is no possibility for 
the boundary layer to separate. If it increases, a condition called adverse pressure gra¬ 
dient, the boundary layer can separate, causing adverse effects, due to changes of flow 
pattern and pressure distribution. The turbulent boundary layer can resist the separation 
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B.2 Airfoil Geometry 
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GE. z c Mean line 



better than the laminar boundary layer. Hence enhancing the boundary layer transition 
is a way to delay boundary layer separation, but the viscous friction due to the laminar 
layer is less than that due to the turbulent boundary layer. 

The resultant force on an object submerged in the flow is due to the unbalanced 
pressure distribution and the viscous friction on its surface. In an airfoil, the resultant 
force can be decomposed into lift and drag force components. The lift is normal to the 
main stream flow direction and is primarily due to the pressure distribution. The drag 
is parallel to the main stream flow direction and is due to the combination of pressure 
distribution and viscous friction. In boundary layer separation (called stall), a significant 
decrease of lift and increase of drag result from the distorted pressure distribution. 

The lifting characteristics are mainly related to the pressure distribution and are 
negligibly affected by viscosity. If the angle of attack a, camber z c lc, and blade thick¬ 
ness t max lc are small, they can be predicted with the thin airfoil theory. For low velocity 
of potential flow, the airfoil is replaced with its mean line, and the flow pattern is deter¬ 
mined such that one streamline is coincident with the mean line. For subsonic flow, 
a correction factor l/^/l — is applied; for supersonic flow the linearized theory 
is applicable. It is more difficult to analyze the flows associated with the turbulent 
boundary layer, boundary layer transition and separation. For details on these subjects, 
the readers should refer to texts on aerodynamics, such as Refs. 3 and 4. 

The airfoil as a streamlined body is designed to maximize the lift-drag ratio (LID) 
and to delay boundary layer separation. In general, the overall lift and drag forces as 
a function of angle of attack are determined from laboratory tests. 


B.2 AIRFOIL GEOMETRY 

The airfoil is composed of a thickness envelope wrapped around a mean camber line. 
The mean line lies halfway between the upper and lower surfaces of the airfoil and 
intersects the chord line at the leading edge (L.E.) and trailing edge (T.E.), as shown 
in Figure 5.2 and again in Figure B-l, where the angle of attack a is also shown. 

The chord c is used as a reference length. All the other dimensions are expressed 
in terms of its fractions. The mean line and thickness distributions are specified for 
different airfoil types. Then the upper and lower surfaces can be determined with 
the expressions x u = x — y, sin 0, y u — y m + y, cos 0. .v/ = x + y, sin 9, and 
V; = y m — y, cos 6, where x = x m , y, = r/2, tan 9 — dy m /dx m , where (x m , y,„) are the 
points along the mean line. 
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B.3 NACA AIRFOIL SPECIFICATIONS 

There are several series of NACA airfoils. Only the two most commonly cited will 
be discussed here. Other types of airfoils, including those developed elsewhere, are 
available in the literature (e.g., Refs. 4 and 5): 

1. The four-digit series is designated as NACA mpxy, where m is the maximum 
camber of the mean line ( z c ) in percent of chord c, p is the position of maximum 
camber (. x c ) in tenths of c, and xy represents the maximum thickness (l max ) in 
percent of c. The mean line is expressed by two parabolic functions such that 
dy,Jdx = 0 at x - p for both functions, that is, 

y m f - —y(2 px - x 2 ) 

P 

for forward portion of the maximum ordinate and 

m - 

y ma = —-rj [(1 ~ 2 p) + 2px - X 2 ] 

(l - pY 

for aft portion of the maximum ordinate. The thickness ordinate is given as 
y, = ^(0.2969- 0.1260x - 0.3516x 2 + 0.2843x 3 - 0.1015x 4 ) 

and the radius of the arc at the leading edge is given as re = 1.1019r^ ax . 

2. The five-digit series, designated as NACA mpqxy, was designed for the extreme 
forward position of the maximum camber, where m is the maximum camber of 
the mean line (z c ) in percent of c and the design lift coefficient (at maximum 
LID) Ci = 0.15 m, pq are two times of the maximum camber position (2x c ) in 
percent of c, and xy represents the maximum thickness (r max ) in percent of c. 

The mean line is expressed as 

y mf — gk[x 3 - 3nx 2 + n 2 ( 3 — n)x] for x = 0,..., n, 

y ma = \kn i ( 1 -x) for x = n.1, 

where k and n values are given for different x c . For the design value Cl = 0.3, they 
are as follows: 

x c 0.05 0.10 0.15 0.20 0.25 

n 0.058 0.126 0.2025 0.290 0.391 

k 361.4 51.64 15.957 6.643 3.230 

The expression for y, is the same as that for the four-digit series given above. 
Some NACA airfoil data are given in Figures B-2, B-3, B-4. 5 In addition to LID , 
Ci, and Crf, the center of pressure (c.p.) versus the angle of attack is also given: 

i £ xp dx 
c.p. = ——. 

f Pdx 
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Figure B.3 NACA 2412 airfoil data (4 digits with curved camber line, z c - 0.02c at x c = 0.4c, 
^max = 0. 12c). ( Source : Rice, M. S., Handbook of Airfoil Sections for Light Aircraft, Aviation 
Publications, Milwaukee, WI, 1971.) 






B.3 NACA Airfoil Specifications 355 



Angle of attack, a (deg) 


Figure B.4 NACA 21012 airfoil data (5 digits with curved camber line, z c = 0.02c at 
x c = (10/2 )%c = 0.05c, CL, m = 0.15 x 2 = 0.3 at maximum LID , f max = 0.12c). 

(Source: Rice, M. S., Handbook of Airfoil Sections for Light Aircraft, Aviation Publications, 
Milwaukee, WI, 1971.) 





CFD Applications to 
Turbomachine Design 
and Flow Analysis 


The preliminary design procedure discussed in this book for various turbomachines is 
one-dimensional flow analysis with averaged flow parameters at the mean radii of the 
impeller inlet, outlet, or some intermediate points. The three-dimensional flow effects 
are accounted for with empirical data correlation. These design analyses provided the 
approximate geometry and dimension of the machines and some understanding of the 
basic physical processes. But the suitability of the empirical correlation to a particular 
design is not always guaranteed. Hence, typically, several iterations of the design, 
model fabrication, and laboratory test are required. 

With advancing computer technology in terms of speed and capacity, today’s com¬ 
mercially available CFD (computational fluid dynamics) software can be economically 
applied to turbomachine design and analysis. The main function of a CFD software in 
turbomachine design/analysis is to develop a comprehensive numerical system to sim¬ 
ulate the three-dimensional flow field in different parts of the machine. Especially, the 
possible local flow separation/stall and strong secondary flow regions can be identified. 
In a hydraulic machine, locating local low-pressure regions where cavitation is likely to 
occur is also important. With this knowledge in hand, the design can be modified until 
the detailed flow field is satisfactory. Then the model or prototype can be fabricated and 
tested. This can reduce the number of iterations required in new machine development. 
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(a) Velocity vector distribution at inlet of a (b) Velocity profile at outlet of a 

Francis hydraulic turbine Francis hydraulic turbine 

Figure C.l Samples of CFD results. (Reprinted by permission from Gode, E. & Cuenod, R., 
“Numerical Flow Simulations in Francis Turbines,” hit. Water Power & Dam Construction, ” 
May 1989, Reed Business Publishing Ltd., Sutton, Surrey, UK.) 


Also the electronic data file of the machine geometry generated from the CFD can be 
conveniently converted to data for other operations, such as drafting, fabrication, and 
quality control. 

The core part of a CFD software is the numerical calculation scheme. The com¬ 
plete Navier-Stokes equations of differential forms for three-dimensional compressible 
viscous fluid (sometimes a two-phase mixture of liquid/gas, liquid/solid, or gas/solid) 
are converted into algebraic equations through the finite-element, finite-difference, or 
control volume scheme. Then a numerical technique is used to solve these simultaneous 
algebraic equations with the appropriate boundary conditions. The postprocessor is used 
to manipulate the calculated result into convenient formats, either graphical or numeri¬ 
cal. Some sample cases are shown in Figure C.l. Interpretation of these results requires 
skill and experience. Good physical understanding and judgment on the resultant flow 
pattern are important in order to revise and improve the design. 

The capabilities of the CFD software are continuously being developed. The cur¬ 
rent trend is toward flow simulations for multistage machines, unsteady flow, and 
improving the physical modeling of flow transition, turbulence, or multiphase mixture 
fluid. More detailed discussion on flow processes, formulation, numerical technique, 
and CFD applcations to turbomachines can be found in Ref. 7. 
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Conversion Factors 
and Some Constants 


Length 

Area 

Volume 

Velocity 

Mass 

Density 

Flow rate 


1 in. = 2.54 cm, 1 ft = 0.3048 m, 1 mile = 1.609 km = 5280 ft 
1 acre = 43,560 ft 2 

1 U.S. gallon = 231 in. 3 = 0.003785 m 3 
1 ft/s = 0.3048 m/s, 1 mph = 0.447 m/s 
1 lb m = 0.4536 kg, 1 slug = 32.174 lb m 
1 lb m /ft 3 = 16.02 kg/m 3 

1 gpm - 0.227 m 3 /h, 1 cfm = 1.699 m 3 /h = 0.00223 ft 3 /s 
1 ft 3 /s = 0.0283 m 3 /s 


Force 1 lbf = 4.448 N 

Temperature °F = 1.8°C + 32, R = °F + 460, K = ° C + 273 

Pressure 1 psi = 6.895 kPa, 1 ft of H 2 0 = 2.989 kPa, 1 in. of Hg = 3.386 kPa, 

1 bar = lOO.OkPa (1 Pa = 1 N/m 2 ) 

lft-lbf = 1.356 J, 1 Btu = 778ft-lb f = 1.055 kJ (1J = 1 N-m) 

1 hp = 0.7457 kW = 550 ft-lb f /s = 2545 Btu/h, 1 W = 0.737 ft-lbf/s 
1 ft 2 / s = 0.0929 m 2 /s, 1 lb f -s/ft 2 = 47.88 N-s/m 2 (kg/m-s) 

(1 stoke = 1 cm 2 /s, 1 poise = 0.1 N-s/m 2 ) 

1 ft-lb f /lb m = 2.989 J/kg 
Specific Heat Capacity 1 ft-lb f /(lb m °F) = 5.38J/(kg °C), 1 Btu/(lb m °F) = 4.188 kJ/(kg °C) 
Universal gas constant R 0 = 8314.3 J/(kg-mol K) = 1.98592 Btu/(lb m -mol R) 

= 1545 ft-lb f /(lb ra -mol R) 


Energy 

Power 

Viscosity 

Specific Energy 
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E_ 

Thermodynamic Properties 
of Air, Water, Superheated 
Steam, and CO 2 at STP 
(14.7 psia, 60F) 



Air 

Water 

Steam (superheated) 

C0 2 

Molecular weight 

28.98 

18 

18.0 

44 

R (J/kg K) 

287.0 

— 

461.4 

189.1 

(ft-lbf/lbm R) 

53.3 

— 

85.78 

35.1 

C p (J/kg K) 

1004 

— 

-2000 

837 

(Btu/lb m R) 

0.24 

— 

-0.48 

0.20 

k (C p /C v ) 

1.4 

— 

-1.3 

-1.3 

ix (N-s/m 2 ) 

1.8 x 10- 5 

1.0 x 10“ 3 

— 

1.5 x 10- 5 

(lbf-s/ft 2 ) 

3.7 x 10- 7 

2.1 x 10" 5 

— 

3.1 x 10- 7 

Density at STP (kg/m 3 ) 

1.22 

998 

-0.5 

1.85 

(lb m /ft 3 ) 

0.0762 

62.4 

-0.03 

0.115 
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Internal Diameter of Standard 
Pipe of Schedule 40 


Nominal 

Size 

Inside 

Diameter (in.) 

Nominal 

Size 

Inside 

Diameter (in.) 

2 

2.067 

4 

4.026 

21 

2 

2.469 

5 

5.047 

3 

3.068 

6 

6.065 

3 I 

J 2 

3.548 

8 

7.981 
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Index 


Actuators, 299-300 

Adiabatic efficiencies, 7, 23, 163, 322-326 
Adiabatic process, 36, 319, 321 
Adverse pressure gradient, 350 
Affinity laws, 29 

Air, thermodynamic properties of, 360 
Air-cooled condensers, 130 
Aircraft, 145, 216, 249, 332-333 
Air duct system, 133 
Airfoils, 38, 110-116, 350-355 
Air Movement and Control Association (AMCA), 
127 

American Society of Heating and Air Conditioning 
Engineers (ASHRAE), 132 
Anemometer-type turbine, 303 
Angle(s): 

of attack, 112, 120 
blade, 61 

deflection, 112, 116 
deviation, 112 
divergent, 37, 123 
flow, 48, 111, 120, 125 
incidence, 112, 116 
stagger, 112, 116, 118, 120-121 
Angular momentum, 42 
Aspect ratio. 116 

Automotive gas turbine engine, 5, 251-254 
Axial-flow cascade, 116-118 
Axial-flow compressors, 14, 191-212 

and compressibility/shock waves, 205-207 
efficiency determination, 204-205 
performance of, 207-209 


preliminary design of, 200-204 
stages of, 192 
surge/stall in, 209-212 
theory of, 193-199 
Axial-flow impulse turbines, 51-52 
Axial-flow machines, 9, 15, 45-47 
Axial-flow pumps and fans, 109-146 
airfoil, flow over isolated, 110-116 
cascade, 116-118 
fan application, 129-132 
fan selection, 137-145 
fans in duct systems, 133-137 
fan test, 127-130 
preliminary design of, 118-124 
propellers, 145-146 

radial equilibrium requirement, 124-127 
Axial-flow reaction turbines, 52 
Axial-flow steam turbines, 262-264, 268 
Axial-flow turbines, 51-52, 227-232, 278, 281. 

282 

Axial force, 145 
Axial thrust, 39 

Backward-curved fans, 165 
Balancing drum, 152 
Bends, flow through, 37 
Bernoulli's equation, 18. 40 
Blade cooling, 243-245 
Blade profiles: 

for axial-flow machines. 45. 48. 52 
for centrifugal devices. 168-169 
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Blade profiles: ( continued) 
for centrifugal pumps, 80, 81 
for mixed-/radial-flow machines, 48, 49 
for radial-inflow turbines, 238 
Blade solidity, 110 
Blowers, 12, 149 
Boiler feed pumps, 99 
Bottom-cycle system, 270, 271 
Boundary layer, 36-38 
laminar, 350, 351 
separation, 36-37, 51 
turbulent, 350, 351 
Brake horsepower, 62 
Branca, Giovanni de, 14, 15 
Brayton cycle, 326, 327 
Buckingham pi theorem, 19-24 
Bulb turbines, 278, 282 

Camber, 111,113 
Cantilever impellers, 237 
Carbon dioxide, 360 
Carnot cycle, 326 
Cascade, axial-flow, 116-118 
Casings, 59, 61, 123-124, 264 
Casing loss, 83 
Cavitation, 7, 65, 68-74, 77 
Cavitation erosion, 66 
Cavitation parameter, 69, 116, 118 
Cavitation test, 89 
Center of pressure, 352 
Centrifugal blowers, 14, 150-152, 154 
Centrifugal compressors, 3, 5, 171-188 
advantages/disadvantages of, 183 
applications of, 179-184 
axial-flow vs., 192 
with Francis type impeller, 172 
gas conditions in, 153 
preliminary design of, 171-178 
selection of, 184-188 
Centrifugal devices, 149-165 

change of performance in, 158-162 
classification of, 149-153 
performance parameters/characteristics of, 
150-157 

polytropic efficiency in, 162-165 
Centrifugal fans, 151, 165-171 
Centrifugal pumps, 14, 59-105 
applications of, 97-100 
cavitation in, 66, 68-72 
construction/classification of, 59-62 
discharge pressure of, 21-22 
performance characteristics of, 65-68 
performance modifications to, 72-77 
performance tests for, 87-92 
preliminary design of, 77-87 
and pumping systems, 92-97 


T 


selection of, 100-105 
working principles of, 60-65 
Centrifuging, 51 
Centripetal impellers, 237 
Change of performance, 158-162 
Channels, 37, 336-341 
Check valves, 94 
Choking, 7, 150, 210, 211 
Chord, 110-112, 118-120, 351 
Circular-arc fans, 165, 168 
Clearance, 83 

Closed-impeller machines, 3 
Closed-loop test setup, 87-89 
Closed system, 320 

Cogeneration, 216, 258, 259, 270-273, 330, 

331 

Combined cycle plants, 16, 270-273 
Combined heat and power (CHP), 216, 330 
Combined impulse and reaction in multistage 
turbines, 263 
Combustors, 246-247 

Compressed-air energy storage (CAES), 251, 252, 
313, 314 

Compressibility, 22, 205-207, 257 
Compressible flow, 336-341 
Compressible flow analysis, 15 
Compressible fluid machines, 23 
Compression, 318-321 

Compressors, 3-5, 12, 43, 149, 232-236, 323, 324. 
See also Specific compressors, e.g.: Axial-flow 
compressors 

Compressor stage, 207-209 

Computational fluid dynamics (CFD), 9, 356 

Concentric casings, 59, 61 

Condensing steam turbines, 263 

Conical diffusers, 82 

Conservation of energy, 36 

Conservation of mass, 35 

Conservation of momentum, 35 

Constants, 359 

Constant rotating speed, 6, 7 

Contaminant generation rate (CGR), 132 

Continuity equation, 35 

Continuously variable transmission (CVT), 254 

Control surfaces, 35 

Control volume, 34. 35 

Convergent-divergent nozzle, 340-341 

Convergent nozzle, 339-340 

Conversion factors, 359 

Cooling towers, 130 

Cordier diagram, 26, 27 

Counterflow forced draft towers, 130 

Cross-compound steam turbines, 264 

Cross-flow fans, 169-170 

Crude-oil production, 179 

Curtis stage, 258-261 
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Darrieus wind turbine, 303 
Deflection angle, 112, 116 
Degree of reaction, 50-56, 194, 217, 
219-223 

Density at STP, 360 
Deriaz turbine, 278, 281 
Design and flow analysis, 356-357 
Deviation angle, 112 

Diagonal-flow turbine. See Deriaz turbine 
Diameter, 158. See also Specific diameter(s) 
Diffusers, 51, 81, 82, 149, 176, 206, 323 
Diffusion, 51 

Diffusion casing, 123-124 
Dimensional analysis, 9, 17-31 
and Buckingham pi theorem, 19-24 
defined, 17 

dimensions/dimensional homogeneity in, 
17-19 

and similarity laws, 27-32 
of specific diameter, 25-27 
of specific speed, 25, 26 
Dimensional homogeneity, 18 
Direct-connected steam turbines, 264 
Discharge pressure, 21-22 
Disk-flow impeller pumps, 72, 73 
Disk friction loss, 83, 84 
Divergent angle, 37, 123 
Double-suction pumps, 4, 83, 84 
Drag, 20-21, 38, 110, 111, 351 
Drag coefficient, 22 
Drivers, 104, 139, 184 
Drum, balancing, 152 
Dynamic pressure, 18, 19 

Efficiency, static, 109 
Elbows, 135, 137 

Electricity-generating power plants, 258 
Element system effects, 133, 135-137 
Emission pollutants, control of, 247-249 
Energy, conservation of, 36 
Energy losses, 265 
Energy transfer, 34-56 
and axial-flow machines, 45-47 
as degree of reaction, 50-56 
and Euler equation, 40-45 
and flowing fluids, 39-40 
and fluid mechanics, 34-39 
and mixed-/radial-flow machines, 47-50 
Energy transfer equation, 9 
English system, 18 
Entropy, 36, 319 
Equations of state, 317 
Euler equation, 9, 40-45 
Expansion, 318-321 
External flow, 9, 34, 38 


Fan(s), 127-145. See also Specific fans, e.g. 

Axial-flow fans 
applications for, 129-132 
classification of, 138 
defined, 149 

in duct systems, 133-137 
selection of, 137-145 
testing, 127-130 
Fan laws, 132, 150 
Fan test, 127-130 
50% reaction stage, 194 
First law of thermodynamics, 36-39 
Flow: 

around rotating disks, 38, 39 
leakage, 39 

over objects, 37, 38, 350-351 
secondary, 38 
through bends, 37 
through channels, 37 
types of, 2, 3, 15 
Flow analysis, 8-12, 109 
Flow angles, 48, 111, 120, 125 
Flow capacity inlet volumetric flow rate, 184 
Flow coefficient, 21, 22, 24 
Flow control, 180, 181 
Flow field, 36 
Flowing fluids, 39-40 
Flow passage areas, 47-48 
Flow processes, 3, 9 
Flow resistance, 92-94 
Flow surge, 94 
Flow velocity, 40, 322 
Fluid mechanics, 34-39 
Forced-vortex flow, 125 
Forward-curved fans, 165, 166 
Four-vane impeller with concentric casing, 74 
Francis impellers, 59, 60, 62 
Francis machines, 2, 3 
Francis turbines, 14, 290-294 
Free-vortex condition, 200 
Free-vortex flow, 125 
Full-admission steam turbines, 263 

Gas conditions, 153 
Gas constant, 360 
Gaseous bubbles, 73, 76 
Gas equation, ideal, 18 
Gas-handling devices, 2 
Gas turbine (engines), 3, 5, 215-254 
advantages of, 327 
in aircraft propulsion, 332-333 
applications of, 249-254 
axial-flow turbine performance, 227-232 
blade cooling in, 243-245 
closed-cycle, 329-331 
in cogeneration, 330, 331 





Gas turbine (engines), (continued) 
combustion chamber in, 246-247 
compressor and turbine matching, 232-236 
degree of reaction in, 219-223 
efficiency determination, 226-227 
emission pollutants control in, 247-249 
Euler equation for, 43 
history of, 12-14 
modifications to, 329 
net power of, 327-329 
open-cycle, 329, 330 
preliminary design of, 223-226 
radial-inflow, 237-239 
thermodynamic cycles of, 327-335 
thermodynamics in axial-flow, 218-219 
thermodynamics in radial-inflow, 239-243 
Geared steam turbines, 264 
Geometric similarity, 28 
Gravitation, 94 

Greek letters (symbols), xiv-xv 
Grid-intertie system, 313 

Head, 22 

Head coefficient, 21, 24 
Head rise, 6, 16, 61, 62 

Heating, ventilation, and air-conditioning (HVAC) 
systems, 5, 6, 100, 129-132 
Heat rate (HR), 265 

Heat recovery steam generator (HRSG), 258 
Hero of Greece, 14, 15 
High-pressure (HP) turbines, 265 
Horizontal-axis turbine, 279 
Horizontal-axis wind turbines, 301-302, 306 
Horizontal steam turbines, 264 
H-rotor turbine, 303, 304 
Hub-tip ratio, 119, 120 
Hybrid power system, 313 
Hydraulic systems, 92 
Hydraulic turbines, 275-294 
applications of, 275-277 
Euler equation for, 43 
Francis/Kaplan, 290-294 
history of, 14 

output shaft power of, 23-24 
Pelton, 288-289 

performance characteristics of, 285-287 
selection of, 278, 280, 282-284 
types of, 276-282 
Hydrocarbon liquids, 74, 77 
Hydropower, 275-277 
Hyperbolic cooling towers, 130 

Ideal gas equation, 18 
Impellers: 

in centrifugal devices, 149 


in centrifugal pumps, 78 
discharge configurations for 

centrifugal-compressor, 173-176 
efficiency of, 25, 26 
Francis-type, 172 

geometries/flow velocities around, 41 
inlet configurations for centrifugal-compressor, 
173, 174 

and leakage flow, 39 
multi vane, 166 
types of, 2, 3, 59, 60 
Impulse turbines, 14, 51-52, 263 
Incidence angle, 112, 116 
Incidence loss, 241 
Inducers, 68, 69 

Inlet blade angle. See Stagger angle 

Inlet condition changes, 159-160 

Inlet configuration, 78-79 

Inlet flow arrangements, 3 

Inlet guide vanes (IGVs), 181, 211 

Integrated gasification combined cycle (IGCC), 

250 

Intercooling, 182-183 

Intermediate-pressure (IP) turbines, 265 

Internal diameter of standard schedule 40 pipe, 361 

Internal efficiency, 265 

Internal flow, 9, 34, 35 

International Standard (SI), 18 

Irrigation, 98, 99, 313 

Isentropic process, 319-321 

Isothermal process, 321 

Jets, 145 
Jet engines, 15 

Kaplan turbines, 278, 281, 290-294 
Kinematic similarity, 28 
Kinetic energy, 36, 51 

Labyrinth seals, 152 
Lambda. See Work done factor 
Laminar boundary layer, 350, 351 
Laminar flow, 36 
Leading edge (L.E.), 351 
Leakage flow, 39 
Lift, 20-21, 38, 110, 111, 351 
Liquid droplets, 257 

Ljungstrom turbines. See Radial-outflow steam 
turbines 

Local flow velocity, 322 
Low-pressure (LP) turbines, 265 

Mach number, 22, 23, 205-206 
Mass flow rate, 6 
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Matching, 232-236 

Maximum allowable concentration (MAC), 

132 

Mean camber line, 351 

Mean radius, 45, 48, 224 

Mechanical arrangement, 3 

Mechanical energy, 1, 36 

Mechanical loss, 83 

Microturbines, 250, 251 

Mixed-flow machines, 2, 3, 9, 15, 47-50 

Mixed-flow turbines, 277, 278, 280, 281 

Moisture content, 257 

Molecular weigh, 360 

Mollier diagrams, 196, 218, 221, 318-319 

Momentum equation, 9, 35, 42 

Momentum thrust, 333 

Moving shock waves, 345 

Multistage axial-flow gas turbines, 3 

Multistage axial-flow reaction turbines, 15 

Multistage axial-flow steam turbines, 15 

Multistage compressors, 152, 182-183 

Multistage horizontal compressors, 4 

Multi-stage steam turbines, 263, 264 

Multivane fans, 165, 166 

NACA 0012 airfoil data, 353 
NACA 2412 airfoil data, 354 
NACA 21012 airfoil data, 355 
NACA airfoil specifications, 352-355 
NACA mpqxy , 352 
NACA mpxy, 352 

National Advisory Commission on Aeronautics 
(NACA), 111 

Net positive suction head (NPSH), 68-70 
Net positive suction head required to prevent 
cavitation (NPSHR), 65, 69-72, 78 
Net positive suction pressure (NPSP), 68-70, 73 
Net positive suction pressure available (NPSPA), 70, 
72 

Noise, 132, 297 
Noncavitation test, 89 
Noncondensing steam turbines, 263 
Nonequilibrium process, 257 
Nozzles, 127, 128, 323, 324, 339-341 

Objects, flow over, 37, 38 

Oblique shock waves, 341, 345-347 

One-dimensional flow analysis, 45 

Open-impeller machines, 3 

Open-loop test setup, 89 

Open system, 320-321 

Outlet configuration, 79-81 

Output hydraulic power, 7 

Output-power-to-input-shaft-power ratio, 7 

Output pressure, 6 


Output shaft power, 23-24 
Overall efficiency, 6, 7, 265 
Overexpanded waves, 341 

Paddle-type water wheels, 14 
Parallel connections, 94, 95 
Partial-admission steam turbines, 263, 267 
Part-load operation, 267-268 
Pelton turbines, 276-279, 288-289 
Pitch, 110 

Pitch/chord ratio, 116, 118 

Pitot tube traverse, 127, 128 

Polytropic efficiency, 162-165, 177 

Polytropic process, 321 

Positive-displacement machines, 1, 184 

Potential energy, 36 

Potential flow, 36 

Power coefficient, 22, 24, 28 

Power-generating systems, 3, 5 

Preliminary analysis, 9 

Pressure rise, 6 

Pressure thrust, 333 

Primary dimensions, 17, 19 

Priming system, 89 

Process plants, 258 

Propeller machines, 3 

Propellers, 145-146 

Pumps, 3, 4, 43. See also Specific pumps, e.g. 

Centrifugal pumps 
Pumped storage plants, 215-211 
Pumping devices, 2 
Pumping systems, 92-97, 313 
Pure impulse turbines, 14 

Quality factor (QF), 265 

Quasi three-dimensional flow analysis, 9 

Radial equilibrium condition, 124-127 
Radial fans, 165 

Radial-flow machines, 2, 3, 9, 15, 47-50 
Radial-flow reaction turbine, 52 
Radial impellers, 26, 59, 60 
Radial-inflow gas turbines, 237-243 
Radial-inflow steam turbines, 15, 262 
Radial-inflow turbines, 14 
Radial-outflow machines, 14 
Radial-outflow turbines, 262 
Ramjet, 249 

Rankine cycle, 326, 327, 335-336 
Rankine-Hugoniot relations, 343 
Reaction, degree of. See Degree of reaction 
Reaction turbine impellers, 277, 278 
Reaction turbines, 263 
Reciprocating compressors, 183 
Recirculation flow, 66, 68, 83 
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Reentry stage, 258, 259 
Refining plants, 98, 99 
Refrigeration, 183-184, 335-336 
Refrigeration cycles, 326 
Relative flow velocity, 41, 45 
Repeating parameters, 20 
Resistance, 92-94 
Reynolds number, 21 
Reynolds number effect, 21, 22, 27 
Rim generator turbines, 278, 282 
Rotary compressors, 183 
Rotating disk, 38, 39 

Rotating speed, 6-8, 28, 141, 142, 158-160 
Rotating stall, 210 

Rotors, 192-195, 197, 217, 301, 302-303 

Savonius (S) rotor, 303 
Saybolt Universal Unit (SSU), 101 
Schedule 40 pipe, 361 
Screw compressors, 183 
Scroll compressors, 183 
Seals, 39, 152 

Secondary (derived) dimensions, 17 
Secondary flow, 38 

Second law of thermodynamics, 36-39 
Semiopen-impeller machines, 3 
Separation boundary layer, 36-37, 51 
Series connections, 94, 95 
Shaft orientation, 264 

Shaft power, 25, 40, 63-64, 83-84, 142, 301 
Shape number, 25 
Shear force, 36, 37 

Shock waves, 205-207, 322, 341-347 
SI (International Standard), 18 
Similarity laws, 27-32, 132 
Single-shaft gas turbines, 233-235 
Single-stage, single-suction blower, 4 
Single-stage centrifugal compressor, 152 
Single-stage pumps, 102 
Single-stage radial-inflow turbines, 15 
Single-stage steam turbines, 263 
Sirocco fans, 165 

6-stage centrifugal compressors, 15 
Slug, 18 

Slurry pumps, 72, 74, 75 

Solar energy, 276, 296 

Solidity, 80, 81, 301 

Solid particles, 72, 74, 75 

Specific diameters, 25-27, 66, 150-153, 283 

Specific heat, 360 

Specific speeds, 25, 26, 68, 118, 150-153, 177, 
283 

Speed of sound, 322 
Sprinklers, 52 

Stability, of pumping systems, 94, 96 
Stage (as subscript), 51 


Stage efficiency, 121-123, 204-205 
Stage stacking, 207, 208 
Stagger angle, 112, 116, 118, 120-121 
Stagnation state, 321-322 
Stall, 209-212 
Stalling point, 116 
State, equations of, 317 
Static efficiency, 109 
Stationary normal shock waves, 342-345 
Stators, 1, 51, 122, 192-195, 197, 217 
Steady-state flow, 34 
Steam rate (SR), 265 
Steam turbine(s), 3, 257-273 
characteristics of, 257-258 
classification of, 262-265 
in cogeneration/combined-cycle plants, 
270-273 

Euler equation for, 43 
history of, 12-14 

parameter/performance of, 265-270 
velocity-compounded stage of, 258-262 
Stodola’s formula, 63 
Stokes flow, 39 
Straightening vanes, 89 
Straight fans, 168 
Subscripts (symbols), xv 
Subsonic flow, 322, 338 
Suction specific speed, 69, 70 
Superheated steam, 360 
Supersaturation, 257 
Supersonic flight, 15 
Supersonic flow, 205, 322, 338, 341 
Surge, 7, 94, 150, 209-212 
Symbols, xiii-xv 

System effect factor (SEF), 133, 135 
System resistance, 92 

Tandem-compound steam turbines, 264 
Tangential-flow steam turbines, 263 
Tangential velocity, 40, 41 
Tank, 89 

Thermal cavitation effect, 74 
Thermal efficiency, 15-16, 271, 326 
Thermal energy, 36 
Thermal power plants, 99 
Thermal/pressure energy, 1 
Thermodynamics, 317-347 

and adiabatic efficiencies of flow components, 
322-326 

of axial-flow turbine, 218-219 
compressible flow through channel, 336-341 
cycles of, 326-327 
first law of, 36-39 

gas turbine engines, thermodynamic cycles of, 
327-335 

and local flow velocity, 322 
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normal shock waves, 341-345 
oblique shock waves, 345-347 
processes of, 318-321 
properties of, 317-318 
Rankine cycles with vapor, 335-336 
second law of, 36-39 
and speed of sound, 322 
stagnation/flowing states of, 321-322 
Thermodynamic cycles, 326-335 
Thermodynamic processes, 318-321 
Thermodynamic properties, 317-318, 360 
Thomas parameter, 69 
Three-stage centrifugal compressors, 14 
Throttle valve, 92 
Throttling, 267 
Thrust, 146, 333 
Thrust bearings, 39 
Tip speed ratio, 303-307 
Topping-cycle system, 270, 271 
Topping steam turbines, 263 
Torque, 145 
Tower shadow, 302 
Trailing edge (T. E.), 351 
Transonic flow, 205, 206 
Tubular turbines, 278, 282 
Turbines, 2, 323, 324 
Turbine blade cooling, 243-245 
Turbine inlet pressure, 15 
Turbine pumps, 14 
Turbine stage efficiency, 226-227 
Turbofans, 249, 332, 333 
Turbojets, 332-333 
Turbomachines, 1-15 
applications of, 3, 5-6 
classification of, 2, 3, 14-15 
define, 1 

historical evolution of, 12-14 
methods of flow analysis for, 8-12 
performance characteristics of, 6-8 
types of, 1-4 
Turboprops, 249, 332, 333 
Turbulent boundary layer, 350, 351 
Turbulent flow, 36 
25-stage centrifugal compressors, 15 
Twin-spool compressors, 211 
2-stage axial-flow turbines, 15 


Underexpanded waves, 341 
Unit of measure, 18 
Utilization factor, 229-231 

Vanes, 37, 181 

Vaned diffusers, 14, 82, 176 

Vaneless radial diffusers, 14 

Vane thickness, 111, 113 

Variable-geometry compressors, 211, 212 

Variable-speed pumps, 100, 104 

Velocity, 40, 322 

Velocity-compounded stage, 258-262 

Velocity diagrams, 41, 42, 48, 50, 52 

Ventilation systems, 131-132 

Vertical-axis turbine, 279 

Vertical-axis wind turbines, 302-303, 308 

Vertical pumps, 4, 102, 103 

Vertical steam turbines, 264 

Viscosity, 72, 73 

Viscous force, 36, 37, 92 

Viscous friction, 351 

Volumetric flow rate, 6, 7, 41 

Volutes, 14, 81-83, 176 

Vortex pump, 72, 74 

Waste heat boiler (WHB), 258 

Water, thermodynamic properties of, 360 

Water head, 7 

Water pumps, 12 

Water supply, 97 

Water wheels, 14 

Wind farms, 297, 299 

Windmills, 14 

Wind power, 296-299 

Wind turbines, 296-314 

and actuator theory, 299-301 
applications of, 312-314 
characteristics /preliminary design analysis of, 
304-310 
history of, 14 
output shaft power of, 24 
types of, 301-304 

variable-speed performance of, 311-312 
and wind power, 294-299 
Work done factor, 193 










